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Preface 

Traditionally, the study of internal combustion engines operation has focused on 
the steady-state performance. However, the daily driving schedule of automotive 
and truck engines is inherently related to unsteady conditions. In fact, only a very 
small portion of a vehicle’s operating pattern is true steady-state, e.g., when 
cruising on a motorway. Moreover, the most critical conditions encountered by 
industrial or marine engines are met during transients too. Unfortunately, the 
transient operation of turbocharged diesel engines has been associated with slow 
acceleration rate, hence poor driveability, and overshoot in particulate, gaseous and 
noise emissions. Despite the relatively large number of published papers, this very 
important subject has been treated in the past scarcely and only segmentally as 
regards reference books. Merely two chapters, one in the book Turbocharging the 
Internal Combustion Engine by N. Watson and M.S. Janota (McMillan Press, 
1982) and another one written by D.E. Winterbone in the book The 
Thermodynamics and Gas Dynamics of Internal Combustion Engines, Vol. II 
edited by J.H. Horlock and D.E. Winterbone (Clarendon Press, 1986) are dedicated 
to transient operation. Both books, now out of print, were published a long time 
ago. Then, it seems reasonable to try to expand on these pioneering works, taking 
into account the recent technological advances and particularly the global concern 
about environmental pollution, which has intensified the research on transient 
(diesel) engine operation, typically through the Transient Cycles certification of 
new vehicles.  

For a number of years now, the vast majority of diesel engines have been 
turbocharged and this trend is sure to continue. Although turbocharging the diesel 
engine is beneficial because it increases its (specific) brake power, and also 
because it provides better fuel economy and reduced CO2 emissions, it is the 
turbocharged diesel engine that suffers way more than its naturally aspirated 
counterpart from poor transient response. This originates in what is known in the 
engine community as ‘turbocharger lag’, which is the key factor responsible for the 
slow speed response and heavy exhaust emissions. Consequently, the turbocharged 
diesel engine will be the focus of analysis in this book, with the behavior of its 
naturally aspirated counterpart highlighted only on specific aspects (e.g., cold 



vi Preface 

starting). As a matter of fact, the title of the book could well have read 
Turbocharged Diesel Engine Transient Operation. 

Although there are many operating schedules experienced by diesel engines 
that can loosely be termed transient, we have focused on the most influential ones 
in terms of engine performance and exhaust emissions, namely load acceptance, 
acceleration and cold starting, as well as their combinations, most notably in the 
form of Transient Cycles.   

Emphasis in the book is placed on the in-cylinder thermodynamic 
discrepancies, exhaust emissions and methods of improving transient response. 
However, it has been our intention to cover the subject from all relevant aspects; 
consequently, the interested reader will be able to find information on areas of 
‘lesser popularity’ such as second-law (exergy, availability) analysis, compressor 
surging or crankshaft torsional deformation during transients. Although automotive 
applications are usually the main case studied, industrial or marine engines’ 
transient response is dealt with too. Moreover, the analysis is thermodynamics 
rather than control oriented. Control matters are only briefly discussed, mainly in 
Chapter 6, where the effects of the various control strategies on the engine transient 
response improvement are pinpointed. 

The book is organized as follows: in Chapter 1, an introduction to transient 
diesel engine operation is given, highlighting various typical load acceptance and 
acceleration schedules of both automotive and industrial/marine engines, and 
detailing the importance and different evolution pattern of transient operation 
compared with steady-state conditions. Chapter 2 describes the complex 
thermodynamic issues of transient operation (located in the fuel injection 
mechanism, heat transfer, combustion, air-supply and exhaust gas recirculation 
processes), starting, of course, with the discussion of the fundamental turbocharger 
lag problem. Chapter 3 focuses on the dynamic issues encountered during 
transients, namely friction overshoot, components stress and crankshaft torsional 
deformation. Chapter 4 discusses briefly the experimental procedure involved in 
transient diesel engine research, addressing in more detail the instantaneous 
particulate matter measurement techniques and the heat release analysis of 
transient pressure data. Chapter 5 deals with the very important aspect of exhaust 
emissions during transients, and Chapter 6 with the various methods developed 
over the years for reducing the turbocharger lag phase and improving transient 
response. Chapter 7 focuses on other aspects of transient conditions, namely cold 
starting, operation when the turbocharger compressor experiences surge and low-
heat rejection engine operation. Chapter 8 provides an alternative coverage of the 
subject through the perspective of the second law of thermodynamics. Finally, 
Chapter 9 summarizes the various modeling approaches developed over the years 
for the simulation of transient operation. 

This book is the outcome of many years of research on the subject and it is 
intended to serve as a reference for engineers and researchers but it should also be 
useful to (post-graduate) students as a supplementary text. It is expected that the 
reader is already familiar with (basic) aspects of internal combustion engine 
operation. Consequently, when dealing, for example, with the combustion 
development during transients, only a brief reminder is provided at the beginning 
of the section concerning some fundamental features of (steady-state) combustion, 
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and afterwards we focus on the discrepancies and special behavior noticed during 
transients that diversify the operation from steady-state conditions. Wherever 
possible, we provide experimental results to support our analysis. There are a few 
points, however, where this was not feasible due to lack of relevant experimental 
work (e.g., transient operation when the turbocharger compressor experiences 
surge or crankshaft transient torsional deformation). 

At this point, we would like to express our thanks to the various publishers and 
companies, who have granted permission to reproduce figures and photos from 
their publications. In particular, the assistance of Messrs Jörg Albrecht of MAN 
Diesel SE, Elmar Gasse of Daimler AG, Chris Nickolaus of Cambustion Ltd, John 
Zambelis of Isuzu Motors Greece, Martin Stenbäck of Lysholm Technologies AB, 
Günther Krämer of BorgWarner Turbo Systems and Masayasu Kondo of 
Mitsubishi Heavy Industries Europe Ltd is greatly appreciated. 

Finally, we would like to thank our families, and our colleagues and students at 
the National Technical University of Athens for their continuous support. Great 
thanks are due to the editorial staff at Springer London; their editorial and technical 
assistance has helped us enormously during the preparation of the book, and is thus 
deeply appreciated. 

 
 

Prof.-Dr Constantine D. Rakopoulos 
Lecturer Dr Evangelos G. Giakoumis 

 
National Technical University of Athens 
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Notation 

 
 

 a  Specific availability/exergy (J/kg) 
 A       Availability/exergy (J), or surface area (m2) 
 b       Piston acceleration (m/s2) 
 B       Bearing loading (N) 
 cp       Specific heat under constant pressure (J/kg K) 
 cv       Specific heat under constant volume (J/kg K) 
 d       Diameter (m) 
 D       Cylinder bore (m) 
 Dp       Particle diameter (m) 
 E       Energy (J) 
 f       Friction coefficient (Ns/m), or frequency (Hz) 
 F       Force (N) 
 g  Specific Gibbs free enthalpy (J/kg), or gravitational acceleration  

  (9.81 m/s2) 
G       Mass moment of inertia (kg m2), or Gibbs free enthalpy (J) 
h  Specific enthalpy (J/kg), or heat transfer coefficient (W/m2K), or 

oil film thickness (µm) 
 i       Gear ratio 
 I       Irreversibility (J), or light intensity (W/m2) 
 k  Crankshaft stiffness coefficient (N m/rad), or thermal conductivity

 (W/m K), or extinction coefficient (m–1), or spring stiffness (N/m) 
K  Whitehouse–Way combustion model preparation rate constant, or     

dissociation constant 
 L,        Length (m) 
 m,M       Mass (kg) 
m       Mass flow-rate (kg/s) 
 n       Number 
 N       Engine speed (rpm) 
 O       Opacity (%) 
 p       Pressure (Pa or bar) 



xvi Notation 

 Q       Heat (J) 
 r       Pressure ratio, or crank radius (m) 
 Rmol         Universal gas constant (8,314 J/kmol K) 
 Rs       Specific gas constant (J/kg K), or swirl ratio 
 Re       Reynolds number 
 s       Specific entropy (J/kg K) 
 S       Piston stroke (m), or entropy (J/K) 
 t       Time (s) 
 T       Absolute temperature (K) 
 u       Specific internal energy (J/kg), or speed (m/s) 
 U       Internal energy (J) 
 V  Volume (m3), or vehicle velocity (kph or mph) 
 Vh       Cylinder swept volume (m3) 
 W       Work (J) 
W        Power (J/s) 
  x       Mole fraction, or displacement (m) 
  y       Governor control lever position (mm) 
  z       Fuel pump rack position (mm), or injector nozzle holes 
 
 
 Greek symbols 
 

 α       Thermal diffusivity (m2/s) 
 β       Connecting rod angle (deg or rad)  
 γ       Ratio of specific heat capacities cp/cv  
 ∆p       Pressure drop (Pa or bar) 
 ε       Angular acceleration (s–2), or second-law efficiency (%), or  
  aftercooler effectiveness (%) 
 η       Efficiency (%) 
 θ       Bearing loading angle (deg or rad), or grade angle (deg or rad) 
 λ       Relative air–fuel ratio, or ratio of crank radius to connecting rod
  length 
 µ       Chemical potential (J/kg), or dynamic viscosity (N s/m2) 
 ρ       Density (kg/m3) 
 σ       Crankshaft stress (N/m2) 
 τ       Torque (N m), or time constant (s) 
 τid       Ignition delay (ms) 
 φ       Crank angle (deg) 
 Φ       Fuel–air equivalence ratio 
 ψ       Flow availability/exergy (J/kg) 
 ω       Angular velocity (s–1) 
 
 
 Subscripts 
 

 o       Reference conditions 
 2p       Two-pulse (governor) 
 a       Ambient conditions, aerodynamic 



 Notation xvii 

 AC       Aftercooler 
 b       Boost 
 bl       Blow-by 
 br       Brake, or break-up 
 c       Coolant 
 C       Compressor 
 ch       Chemical 
 cl       Clearance 
 coupl       Coupling 
 cv       Control volume 
 cyl       Cylinder 
 d       Duration, or downstream 
 D       Demand, or damping 
 dyn       Dynamometer 
 e       Engine 
 em       Exhaust manifold 
 eq       Equivalent 
 f       Fuel, or frontal area 
 fb       Fuel burning 
 fi       Fuel injected 
 fl       Flywheel 
 fr       Friction 
 fw       Flyweight 
 g       Gas 
 gov       Governor 
 gr       Gravitational, or grade 
 i       Any species, or injected 
 im       Inlet manifold 
 in       Inertia 
 ind       Indicated 
 ins       Insulation 
 irr       Irreversibilities 
 is       Isentropic 
 kin       Kinetic 
 l       Reciprocating masses 
 L       Loss, or load 
 m       Mechanical, or molar 
 N       Nozzle 
 p      Particle, or periodic 
 r       Rotating masses 
 rod       Connecting rod 
 s       Start, or swirl 
 S       Stiffness 
 sc       Scavenge 
 se       Sensing element  
 st       Steady-state 
 sup       Supporting  



xviii Notation 

 rest       Restoring 
 T       Turbine 
 TC       Turbocharger 
 thr       Thrust 
 tot       Total 
 tr       Traction, or trapped 
 u       Upstream 
 v       Vapor 
 V       Vehicle 
 var       Various 
 vol       Volumetric 
 w       Wall, or work 
 wgv       Waste-gate valve 
 
 
 Superscripts 
 

 o       True dead state 
 ch       Chemical 
 tm       Thermomechanical 
 w       Water 
 
 
 Abbreviations 
 
 °CA       Degrees crank angle  
 A/C       Aftercooler or aftercooled 
 AFR       Air–fuel ratio 
 BDC       Bottom dead center 
 bmep       Brake mean effective pressure (bar) 
 bsfc       Brake specific fuel consumption (g/kWh) 
 BSN       Bosch smoke number 
 CAN       Controller area network 
 CARB       California Air Resources Board 
 CI       Compression ignition 
 CNG       Compressed natural gas 
 CO       Carbon monoxide 
 CPC       Condensation particle counter 
 CVS       Constant volume sampling 
 DI       Direct injection 
 DMA       Differential mobility analyzer 
 DMS       Differential mobility spectrometer 
 DOC       Diesel oxidation catalyst 
 DPF       Diesel particulate filter 
 ECU        Engine control unit 
 EGR       Exhaust gas recirculation 
 ELPI™     Electrical low-pressure impactor 
 EM       Electric motor 



 Notation xix 

 EMG       Electric motor-generator 
 EoI       End of injection 
 EPA       Environmental Protection Agency 
 ESC       European Steady-state Cycle 
 ETC       European Transient Cycle 
 EU       European Union 
 EUDC       Extra Urban Driving Cycle 
 EVC       Exhaust valve closing (°CA) 
 EVO       Exhaust valve opening (°CA) 
 FGT       Fixed geometry turbine 
 FID       Flame ionization detector 
 fmep       Friction mean effective pressure (bar) 
 GVWR     Gross vehicle weight ratio 
 HC       Hydrocarbons 
 HEV       Hybrid-electric vehicle 
 HP       High-pressure 
 HRR       Heat release rate 
 HSDI       High speed direct injection  
 I       Intercooler 
 ICE       Internal combustion engine 
 IDI       Indirect injection 
 imep      Indicated mean effective pressure (bar) 
 isfc       Indicated specific fuel consumption (g/kWh) 
 ISG       Integrated starter-generator  
 IVC       Intake valve closing (°CA) 
 IVO       Intake valve opening (°CA) 
 LEV       Low emission vehicle 
 LFG       Landfill gas 
 LHR       Low-heat rejection 
 LHV       Lower heating value (kJ/kg) 
 LII       Laser induced incandescence 
 LP       Low-pressure 
 mph       Miles per hour 
 NEDC       New European Driving Cycle 
 NMHC      Non-methane hydrocarbons 
 NRTC       Non-road Transient Cycle 
 NYCC       New York City Cycle 
 OBD       On board diagnostics 
 PAHs       Polycyclic aromatic hydrocarbons 
 PFSS       Partial flow sampling system 
 P-I-D       Proportional-integral-differential 
 PM       Particulate matter 
 PRA       Piston ring assembly 
 PSZ       Plasma spray zirconia 
 RME       Rapeseed methyl ester 
 RoHR       Rate of heat release 
 SCR       Selective catalytic reduction 



xx Notation 

 SMD       Sauter mean diameter (µm) 
 SMPS™   Scanning mobility particle sizer 
 SN       Silicon nitride 
 SOC       State of charge (%) 
 SOF       Soluble organic fraction 
 SoI       Start of injection 
 TDC       Top dead center 
 TEOM®   Tapered element oscillating microbalance 
 THC       Total hydrocarbons 
 VGT       Variable geometry turbine 
 WHTC      World-wide Harmonized Transient Cycle 
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Transient Operation Fundamentals 

1.1 Introduction 

The most attractive feature of the compression ignition (diesel) engine is its 
excellent fuel efficiency, which can surpass 40% in vehicular applications and even 
50% in large, two-stroke units of marine propulsion or electrical generation. 
Consequently, vehicles equipped with diesel engines achieve much lower specific 
fuel consumption and reduced carbon dioxide emissions than their similarly rated 
spark ignition counterparts over the entire operating range, resulting also in 
considerable money savings over the vehicle’s lifetime. Moreover, diesel engines 
are characterized by low sensitivity in terms of air–fuel ratio variations, absence of 
throttling, high torque and high tolerability in peak cylinder pressures and 
temperatures that favors the application of various supercharging schemes.  

Table 1.1. Characteristics of diesel engines for heavy trucks from 1930 to 1996 (reprinted 
with permission from Hoepke [1]) 

Maximum Power (kW) 70–110 107–132 140–154 283–304 309–441

Maximum Torque (Nm) 520–1010 620–1050 680–760 1285–1300 1850–2700

Displacement Volume (L) 8.5–16.6 8.3–11.6 9.7–12.7 11.5–18.3 12.1–18.3

Year 1930s 1955/6 1960 ca.  1985 1996      
(Euro II)  

 

For a number of years now, the vast majority of compression ignition engines is 
turbocharged and aftercooled; Table 1.1 shows the remarkable increase in engine 
power of heavy trucks during the last 70 years. Quadrupling of power output has 
been achieved without significant increase in displacement volume and with only 
modest increase in engine speed (mainly owing to improvements in the combustion 
process and fuel quality).  
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Instead, the main portion of the increase in engine output has been the result of 
super- or turbocharging, which has enabled more powerful yet smaller and more 
compact engines to be fitted to vehicles (downsizing). Turbocharging the diesel 
engine is beneficial because it not only increases its (specific) brake power, but 
also because it provides better fuel economy and reduced CO2 emissions – due to 
leaner operation, increased mechanical efficiency and positive pumping work – 
and, in some circumstances, reduced exhaust gas and noise emissions. As a result, 
the turbocharged diesel engine is nowadays the most preferred prime mover in 
medium and medium-large unit applications, i.e., truck driving, railroad 
locomotives, non-road mobile machinery, ship propulsion, electrical generation 
(Figure 1.1). Moreover, it continuously increases its share in the highly competitive 
automotive market. In fact, diesel-engined vehicles have already ensured a market 
share that is on a par with gasoline-engined ones across much of the European 
Union, they are beginning to gain considerable attention in the US and this trend is 
sure to continue.1 

During recent decades, the increasingly stringent exhaust emission regulations 
have dominated the (automotive) industry, and forced manufacturers to new 
developments. For diesel engines, the emphasis is on reducing emissions of 
nitrogen oxides (NOx) and particulate matter (PM), due to the toxicity of the 
inhaled nanoparticles and because these pollutants are typically higher than those 
from equivalent rated, port-injected gasoline engines equipped with three-way 
catalysts. Unfortunately, there is a trade-off between NOx and PM reduction, 
resulting in a complicated control strategy requiring complex after-treatment 
systems. Sophisticated, high-pressure common rail injection systems, exhaust gas 
recirculation (EGR), or selective catalytic reduction (SCR), multi-valve 
configurations with variable valve timing, variable geometry turbochargers (VGT), 
exhaust after-treatment systems with particulate traps or urea-based deNOx are 
among the measures applied for reduction of pollutant emissions and fuel 
consumption. Moreover, carbon dioxide (CO2) emissions are becoming 
increasingly important owing to their connection with global warming; limiting 
CO2 production can be achieved, primarily, through improvements in fuel 
economy and use of biofuels. Today’s diesel-engined automobiles not only 
demonstrate greater fuel efficiency than ever before, but they also achieve emission 
levels at least 50% lower than those of a few years ago. 

Unsurprisingly, the various technological advances mentioned above have also 
led to a significant increase in the complexity and cost of the engine and its control 
system, and this trend is sure to continue. For example, the Euro 5 details require 
improvements in PM emissions of 80% compared with Euro 4 (see also Appendix 
A, Table A.1), which will reflect in an increased cost of the order of €400 per 
(light-duty) vehicle or up to €3000 per heavy-duty vehicle. 

                                                 
1 According to the European Automobile Manufacturers’ Association (ACEA), diesel-engined cars 
accounted for 53.3% of total new car registrations in the EU in 2007. By 2017, North America and Asia 
combined are predicted to account for 45% of global annual demand for diesel-engined light vehicles, 
compared with only 25% in 2007, according to JD Power and Associates, a global marketing 
information services firm. 
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Figure 1.1. Modern, turbocharged, four-stroke, DI, diesel engines. Upper: Six-cylinder, 
variable geometry turbocharged and aftercooled, truck diesel engine of 16.1 L displacement 
volume, with electronic unit injectors and SCR for reduced NOx emissions, producing up to 
485 kW (image provided by Volvo Trucks). Middle: Sequentially turbocharged,               
and aftercooled, 20-cylinder, marine diesel engine MTU 20V 4000 with four turbochargers, 
producing 4.3 MW (Copyright Tognum AG). Lower: Four-cylinder, two-stage turbocharged 
and aftercooled, passenger vehicle diesel engine of 2.0 L displacement volume with 
common rail injection system (2,000 bar), EGR and diesel particulate filter (courtesy of 
BMW AG) 
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The level of particulates are set at 5 mg/km for passenger vehicles and         
0.03 g/kWh for heavy-duty engines, which effectively means that a DPF (diesel 
particulate filter) would be mandatory downstream of the oxidation catalyst; more 
injections will be required during a cycle, especially post-injections in order to help 
regeneration of the DPFs. Similar improvement will be required from Euro V to 
Euro VI level, since for heavy-duty engines a reduction of the order of 66% for 
both NOx and PM emissions will most probably be legislated (equally strong are 
the improvements required by the US EPA and the Japan Ministry of 
Environment). More than in the past, combination of both internal engine measures 
and efficient exhaust after-treatment devices will be required. Since the number of 
engine and turbocharger controllable components rises continuously (see also 
Figure 1.3 later in the section), complicated and sophisticated control algorithms 
are needed to achieve optimum performance. It is universally accepted today that 
great benefits in the analysis and control of internal combustion engines will (and 
have actually) come from optimizing the interaction of all the associated engine 
sub-systems by detailed simulation models of the engine processes (Chapter 9). 
The latter will also pave the way for more advanced engine concepts and 
alternative combustion systems, such as homogeneous charge compression ignition 
(HCCI) and low-temperature combustion (LTC). 

Traditionally, the study of internal combustion engines operation has focused 
on the steady-state performance, with minor, if any, attention paid to the unsteady-
state or more accurately termed transient operation. However, the majority of daily 
driving schedule involves transient conditions. In fact, only a very small portion of 
a vehicle’s operating pattern is true steady-state, e.g., when cruising on a 
motorway. Historically, however, the research on transient diesel engine operation 
was initiated from the observation by engine manufacturers in the 1960s that when 
highly-rated, medium-speed diesel engines are employed in sudden 0–100% step 
load changes, severe difficulties are encountered, even leading to engine stall. In 
recent years, it is the global concern about environmental pollution that has 
intensified the respective studies; particulate, gaseous and noise emissions typically 
go way beyond their acceptable values following the extreme, non-linear and non-
steady-state conditions experienced during dynamic engine operation. A few 
representative results follow: cold- or warm-start emissions from heavy-duty diesel 
engines have been found to exceed up to 15 times their steady-state values; 50% of 
NOx emissions from automotive engines during the European Driving Cycle stem 
from periods of acceleration, whereas instantaneous particulate matter and NOx 
emissions during load increase transients have been measured to be 1 to 2 orders of 
magnitude higher than their respective quasi-steady values (Figure 1.2 [2–5]). 

The latter remark highlights in the most explicit way the considerably 
differentiated evolution pattern of transient response from the respective steady-
state operation, and it will be discussed in detail in Chapters 2 and 5. 
Acknowledging the above-mentioned findings, various legislative Directives in the 
European Union, Japan and the USA, have drawn the attention of manufacturers 
and researchers all over the world to the transient operation of (diesel) engines, in 
the form of Transient Cycles Certification for new vehicles [6, 7].  

Moreover, transient operation is inherently characterized by quick changes in 
the operating conditions, which can prove particularly demanding in terms of 
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engine response and in the reliability of fuel pumps and governors/controllers, so 
that proper interconnection is required between engine, governor, fuel pump, 
turbocharger and load through an appropriate control strategy. The latter is 
required in order to avoid over- or under-speeding, overshoot of exhaust emissions 
or (significant) departure from the acceptable fuel consumption levels. 
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Figure 1.2. Transient vs. steady-state PM emissions during a typical load increase event of a 
turbocharged diesel engine (reprinted with permission from SAE Paper No. 2006-01-1151 
[4], © 2006 SAE International) 

 
Traditionally, the control optimization is undertaken during the design stage for 

steady-state operation, with the calibrated parameters, e.g., injection strategy (pre-, 
main- and post-injection scheme, rate, timing and pressure of injection), VGT 
vanes position, boost pressure, EGR valve position etc., stored in 3-D maps with 
respect to engine rotational speed and load/fueling. The main objective of the 
diesel engine control system is then to provide the required torque with minimum 
fuel consumption and exhaust emissions. During transients, the behavior of the 
engine control system depends upon the specific application (vehicle, ship 
propulsion, locomotive traction, electrical generation, etc.), which imposes 
different requirements, compared with steady-state operation, with ‘driveability’2 
issues playing now a primary role. For example, in electrical generation 
applications, zero speed droop is required together with short recovery period after 
the new load has been applied for the base units, as well as rapid start-up for the 
stand-by ones, whereas in vehicles, fast acceleration is pursued combined with 
limited smoke emissions. In locomotive applications, the major challenge is to 
ensure that the electrical system and the diesel engine both function as a 
synchronized unit and undesirable phenomena such as under-speeding or excessive 
smoke emissions are avoided.  

The comprehensive open- or closed-loop control systems employed gather the 
signals from the various sensors located on the engine, fuel pump and turbocharger 
(Figure 1.3), process them based on look-up tables (steady-state maps) or, better 
                                                 
2 Thereinafter meaning rapid engine torque and speed response during acceleration of vehicular engines, 
as well as avoidance of over- or under-speeding (stall) and successful load acceptance with small speed 
droop and short recovery period for industrial/marine engines. 
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still, model-based control theory with, for example, feed-forward control, and 
eventually determine, via actuators, the optimum position of the various valves, 
vanes, etc. In order to realize such meaningful analysis of engine performance 
under transients, accurate analysis of the relevant experimental data is also needed 
that can only be accomplished using complicated and expensive test facilities 
equipped with electronically controlled dynamometers and accurate and fast 
response exhaust emission analyzers (Chapter 4). 
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Figure 1.3. Simplified diagram showing some major air-supply and fueling controllable 
inputs (italics) and engine/vehicle outputs (bold), highlighting the complexity of a modern 
diesel engine powertrain 

The fundamental aspect of transient condition lies in its operating discrepancies 
compared with steady-state operation (i.e., operation at the same engine speed and 
fuel pump rack position of the respective transient cycles). Wheareas during (fully 
warmed-up) steady-state conditions, crankshaft rotational speed and fueling, hence 
all the other engine and turbocharger properties remain practically constant, during 
transient operation, both the engine speed and the amount of injected fuel change 
continuously. Consequently, the available exhaust gas energy varies, affecting 
turbine enthaply drop and, through the turbocharger shaft torque balance, the air-
supply and boost pressure to the engine cylinders are influenced (Section 2.1). 
However, due to various dynamic, thermal and fluid delays in the system, mainly 
originating in the turbocharger principle of operation and its dymanic moment of 
inertia, combustion air-supply is delayed compared with fueling, eventually 
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affecting torque build-up (driveability) and exhaust emissions. The most notable 
feature of transient turbocharged diesel engine operation that determines its whole 
operating profile is the turbocharger lag. Turbocharger lag is usually realized as 
slow response rate after a load or speed increase transient event as well as in the 
form of black smoke emissions coming out of the exhausts of diesel-engined 
vehicles. Unfortunately, there is a trade-off between exhaust smoke and engine 
response since the fuel–air ratio at which smoke becomes a problem is 
substantially lower than that at which maximum torque would be produced by the 
engine. During the early cycles of a transient event and until the air-supply and 
engine torque have been built-up efficiently, the following phenomena may be 
noticed that drastically differentiate the operation from steady-state conditions   

• instantaneous torsional deformations in the driving system of the 
mechanical fuel injection pump leading to incomplete combustion; 

• retardation of the dynamic injection timing; 
• excursion of the fuel–air equivalence ratio to higher than stoichiometric 

values; 
• increase in the average diameter of the fuel droplets leading to increased jet 

penetration; 
• influence in mixture formation resulting in poorer mixing; 
• increased ignition delay and hard combustion course; 
• deflections of the crankshaft due to great accelerations/decelerations, 

resulting in an increase of mechanical friction; 
• sharp thermal and mechanical gradients in the cylinder walls and valves; 
• turbocharger compressor surging; 
• increased (combustion) noise radiation; 
• increased particulate and gaseous exhaust emissions; and 
• engine stall, when an extreme load increase is abruptly applied. 

The arguments introduced previously highlight, on the one hand, the 
importance of transient operation, and on the other hand, its complexity and its 
completely different development pattern compared with steady-state operation, 
requiring careful and systematic experimental and simulation analysis. Clearly, 
transient turbocharged operation cannot be considered a series of steady-state 
operating points, nor can the engine be assumed to behave in a quasi-steady 
manner during transients. 

1.2 Typical Transient Operation Cases 

There is a variety of operating conditions experienced by (diesel) engines that can 
be classified as ‘transient’; these may last from a few seconds up to several 
minutes. In this book, the term transient will be used to describe any of the 
following three forced changes in load and/or fueling: 

1. load acceptance (change) at constant governor setting, mainly 
experienced in industrial applications, e.g., electrical generation, but 
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also observed in various propulsion applications, e.g., when a vehicle 
climbs a hill; 

2. change in the fuel pump rack position or step change in pedal 
(‘throttle’) position resulting in speed changes (acceleration) of 
vehicular, locomotive or marine engines; 

3. cold or hot starting. 

These are the most fundamental transient cases,3 from which the first two will be 
primarily addressed in this book. Combination of the above three transient 
schedules results in 

4. simultaneous speed and load changes; 
5. whole vehicle/ship propulsion schedule, e.g., gear shift or full 

ahead/full astern pattern; 
6. Transient Cycles, which consist of all of the above mentioned 

transients. 

A number of typical transient cases will be described in the following sections, 
emphasizing the different development pattern of the engine properties as well as 
the requirements of the engine control system. At the same time, the mechanism of 
turbocharger lag and its implications for the engine response will be introduced 
before the more in-depth analysis of Chapter 2. 

1.2.1 Load Increase (Acceptance) Transient Event 

A detailed set of engine and turbocharger properties responses during a typical load 
increase transient event initiated from a step load change from 10 to 85% of full 
engine load, at constant governor setting, is illustrated in Figure 1.4; it concerns a 
four-stroke, six-cylinder, moderately turbocharged and aftercooled, medium-high 
speed, industrial diesel engine, with mechanical fuel pump-governor, rated at     
236 kW at 1500 rpm. Such load increase transients are typical of industrial 
applications, e.g., electrical generation (zero final speed droop is required here as 
will be shown later in the section), pump driving, etc., but they are also 
experienced in marine and non-road mobile engines (e.g., agricultural or 
excavator). On the other hand, although automotive engines do encounter load 
acceptance transients, e.g., when a vehicle climbs a hill, or when engaging the 
clutch after a gear change, these are not so pronounced as the ones presented in this 
section. Eleven typical engine and turbocharger variables are depicted in Figure 1.4 
with respect to the engine cycles or time, namely, engine speed, crankshaft angular 
acceleration, load torque, fuel pump rack position, peak cylinder pressure, air–fuel 
equivalence ratio, soot density and NO concentration, compressor boost pressure, 
turbocharger speed and turbine inlet temperature.  

At the initial conditions, the engine and load (resistance) torques are equal and 
the air–fuel ratio is relatively high due to the low loading. As soon as the new 

                                                 
3 Engines or vehicles encounter several other operating conditions that can loosely be termed ‘transient’, 
such as cyclic variation, warm-up, particulate trap regeneration, etc. These are not considered in this 
book. 
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higher load is applied (this is accomplished in 1.3 s), there is a significant deficit in 
the net (engine minus load) torque, since the engine torque cannot instantly match 
its increased load counterpart, hence the engine speed drops. This is sensed by the 
governor sensing element, which, in turn, shifts the fuel pump rack towards a 
position of increased fueling. At the same time, the air–fuel ratio decreases since 
the air-supply cannot instantly match the higher fueling owing to the delayed 
response of the turbocharger in building-up the required delivery pressure. The 
instantaneous relative air–fuel ratio, therefore, may reach even lower than 
stoichiometric values leading to intolerable smoke emissions. At the same time, the 
increased gas temperatures owing to the low air–fuel ratios are also reflected into 
high NOx emissions, with the amount of available oxygen playing here a 
significant role. 

Figure 1.4. Development of engine and turbocharger properties during a load increase 
transient event of a four-stroke, moderately turbocharged and aftercooled diesel engine 
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Compressor boost pressure and turbocharger speed develop in a similar way, 
with the turbocharger lag being obvious during the first cycles of the transient 
event. Clearly, the increased exhaust gas power is not capable of instantly 
increasing the turbine power output, largely owing to the turbocharger inertia, so 
that the compressor operating point moves slowly towards the direction of 
increased boost pressure and air-mass flow-rate; during this period, the engine is 
practically running in naturally aspirated mode. During the early cycles (where the 
torque deficit is greatest), the highest value of crankshaft deceleration is 
experienced. The lowest engine speed or the maximum temporary speed droop 
(defined in Figure 1.54), is observed for the present transient event, twenty cycles 
after the application of the load change. Because of the type of load involved 
(quadratic, as the particular engine is coupled to a hydraulic dynamometer), the 
drop in engine speed causes also a drop in resistance torque, resulting in quicker 
achievement of the final equilibrium between engine and load.  

Final equilibrium, also termed recovery period, is defined in Figure 1.5 too; it 
concerns the time needed to reach the final (steady-state) engine speed. For the 
transient case demonstrated in Figure 1.4, this is achieved after almost 4 s (recall 
that the load application lasted for 1.3 s) or 40 cycles with a rather small final 
speed droop of the order of 47 rpm or 4% of the initial engine speed. For load 
changes of vehicular engines, much larger speed deviations are experienced since 
the speed governor has different, less tight characteristics (Section 3.2). The delays 
involved in the engine and turbocharger response build-up are best highlighted by 
the observed phase shift between the minima or maxima of the various parameters 
values during the transient test. 

 

0 10 20 30 40 50 60
Engine Cycle

1120

1140

1160

1180

1200

En
gi

ne
 S

pe
ed

 (r
pm

)

0 1 2 3 4 5 6
Time (s)

M
ax

im
um

sp
ee

d 
dr

oo
p

Fi
na

l
sp

ee
d 

dr
oo

p

Recovery period  
Figure 1.5. Definition of instantaneous maximum and final speed droop and recovery period 
for a load acceptance transient event 

                                                 
4 In the literature, strict definition states that droop is the change in speed between no-load and full-load, 
while run-up is defined as the change in speed between full-load and no-load. Nonetheless, the majority 
of researchers in the field have used the term droop for intermediate load changes too and this approach 
will be followed in this book. 
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The engine of Figure 1.4 is fitted with a non-zero speed droop governor, a fact 
that led to positive final speed droop. What is more important is that it also 
possesses a high mass moment of inertia, which slowed down the development of 
the transient event and produced rather limited smoke emissions and crankshaft 
angular deceleration. The successful load acceptance was further supported by the 
speed-dependent resistance torque. The rather moderate rating of the engine        
(15 bar bmep) did not lead to complete deterioration of combustion during the 
early cycles as the turbocharger lag effects were rather limited. The particular 
engine makes use of the pulse turbocharging system with small exhaust pipes, and 
a twin entry turbine (each entry ‘accepts’ the exhaust gases from three cylinders, 
with minimum, if any, exhaust pressure waves overlap), a fact aiding fast response 
in contrast to constant pressure turbocharging. In the latter, usually met in large 
two-stroke (marine) engines, the large volume of the manifolds requires more time 
to be filled with the higher density gas, thus, delaying engine response even more 
(see also Figure 1.17 later in the chapter). Moreover, the imposed load change was 
not a very difficult task for the engine to cope with, as the final load was lower 
than the maximum acceptable and it was not applied instantly. For greater or more 
abrupt load changes engine stall might occur, especially if the engine is fitted with 
a fuel limiter. 

This is actually the case illustrated in Figure 1.6 for a similarly rated, industrial, 
turbocharged diesel engine; here the load change was 0–100%. Since the fuel 
quantity was not allowed to exceed temporarily its steady-state full-load value, the 
engine was unable to handle the severe load increase owing to turbocharger 
response delay, and ultimately stalled. Usually, a fueling overload of about 10% 
(above steady-state values) is allowed in order for a turbocharged diesel engine to 
be able to withstand step load changes of the order of 0–100%. In vehicular 
applications, on the other hand, it is highly unlikely that the engine could stall 
because of a load increase, since load increases are much softer compared with 
industial engines. Instead, the problematic transient response would rather manifest 
itself as increased smoke emissions coming out of the exhaust pipe, owing to the 
mismatch between air-flow and fueling during the early cycles of the transient 
event. 

 

Figure 1.6. 0–100% step load increase transient event leading to engine stall 

Summarizing the above remarks, the flow-chart of Figure 1.7 illustrates what 
happens in a turbocharged diesel engine after a new (higher) load has been applied.  
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Figure 1.7. Series of events after a step load increase of a turbocharged diesel engine 
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Figure 1.8. Development of engine transient response on the turbocharger compressor map 

An alternative way of presenting a turbocharged diesel engine’s transient 
response is by depicting it on the turbocharger compressor map, as is illustrated in    
Figure 1.8 for a 10–95% load increase transient event. This technique has the 
major disadvantage of ignoring the time scale involved; yet, it can prove quite 
useful when studying engine–compressor interdependence such as, for example, 
when the turbocharger compressor experiences surge or when the subject of 
concern is the matching between engine and turbocharger. Turbocharger lag is 
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identified in Figure 1.8 too at the early stage of the event as the compressor 
delivery pressure builds-up slowly. As the initial engine speed and engine load are 
much lower than the maximum, a safe margin to the surge line is maintained 
throughout the whole transient test.  

This was not the case, however, for the engine of Figure 1.9. A very fast load 
change schedule commencing from an initial load of almost 100% (i.e., initial 
operating point very close to the surge line) resulted in the compressor operating 
point temporarily entering the unsteady region. Consequently, severe torsional 
loading of the turbocharger shaft was experienced owing to highly oscillatory and, 
for a few tenths of a second, even reversing flow (Section 7.2).  
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Figure 1.9. Prediction of engine transient behavior after a 96%–9%–87% load change 
schedule with turbocharger compressor experiencing surge (four-stroke, six-cylinder, 
turbocharged and aftercooled marine diesel engine) 
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Figure 1.10. Series of load increases and decreases for an engine driving an electrical 
generator 

A special, very challenging for the engine control system, case of load 
acceptance is when the engine is used for electrical generation. This is due to the 
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particular response pattern required, i.e., the engine speed must return to its initial 
value after the new load is applied with minimum instantaneous speed droop, while 
the recovery period must be maintained as short as possible. Electrical demand is, 
however, quite unpredictable and may involve large and abrupt (positive or 
negative) load changes. The difficult task of successful speed recovery is 
implemented by special isochronous governors. Figure 1.10 illustrates a series of 
load acceptance transient events, including both increases and decreases of load; 
recovery, in all four load changes, is accomplished within 2 to 3 s, whereas 
instantaneous speed droop, hence, voltage dip never exceeds 3.5%.  

Another very critical schedule that may even lead to engine stall is marine 
engine maneuver from full ahead to full astern. Typically, the operator requires the 
propeller to be turning from the ahead to the astern position in not more than 10 s, 
leading to vessel reversal in approximately 30 to 40 s. In such a case, the engine 
speed usually falls at about idling level before the astern clutch is selected; the 
engine speed continues to fall before the clutch is fully engaged, a fact that may 
lead to stall since the turbocharger speed is very low too. Figure 1.11 demonstrates 
representative results from a full ahead to full astern maneuver of a medium-speed, 
turbocharged diesel-engined ship-handling tug [8]; the engine is coupled to the 
fixed pitch propeller through a reverse reduction gearbox. The procedure is as 
follows: 

• The maneuver commences at point (1) with the vessel moving ahead at   6.5 
knots. The control lever in this case was moved from the position of full 
ahead quickly into an astern position. The control system ensures that the 
engine response is as fast as possible consistent with adequate protection of 
the machinery. Coincident with the control lever movement the fuel to the 
engine is cut off by the governor, and the gearbox is selected to neutral 
position.  

• The engine speed starts to fall immediately, and the propeller shaft brake is 
applied at point (2) stopping the propeller in approximately 3 s from 
initiation of the original signal.  

• As the engine speed is reduced still further, the astern clutch is selected and 
signaled to engage at point (3).  

• The propeller shaft brake is released before the clutch commences to drive, 
and due to forward way on the vessel, the propeller is induced to turn in the 
ahead direction (point 4).  

• The clutch commences to engage at point (5). 
• The clutch is completely engaged at point (6), but over this period, the 

torque in the system builds-up to a very high level due to the energy 
expended in stopping the propeller and re-accelerating it in the required 
direction. Due to the short time interval, this energy is provided by the 
rotating engine system and it can result in a severe drop in engine speed. 

Whereas a naturally aspirated engine recovers quickly from such a situation, 
the highly-rated engine of Figure 1.11 suffers the conditions explained previously 
and due to the lack of sufficient combustion air the recovery is prolonged. Indeed, 
if precautions are not taken to limit the drop in speed, a complete stall can occur. 
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Once the turbocharger has commenced to accelerate, excess air is made available 
and the system accelerates to the new desired speed.  
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Figure 1.11. Transient response during full ahead to full astern maneuver of a ship-handling 
tug (four-stroke, medium-speed, turbocharged diesel engine – experimental data reprinted 
from Gillespie et al. [8], with permission from CIMAC) 

 
Locomotive traction is a quite different propulsion mode that, nowadays almost 

universally, makes use of the diesel-electric configuration, i.e., a diesel engine 
drives an alternator, which is connected to the wheels. The major sub-systems that 
comprise a typical diesel-electric locomotive are: 1. a two- or four-stroke, medium-
speed, large bore, turbocharged diesel engine; 2. main generator; 3. electrical 
transmission consisting of traction-motor-generator and resistance dissipation grid; 
and 4. electrical control system incorporating an electro-hydraulic or electronic 
governor. The speed/power output of the engine is set at 8 or 9 discrete levels or 
modes (in addition to an idle speed setting), which are governed by throttle 
notches. Throttle notch No. 1 is the least powerful and No. 8 or 9 the most 
powerful one, typically corresponding to 900 rpm engine speed. The locomotive 
operator chooses the desired speed setting by means of the discretized throttle 
lever. The electrical system, which constitutes the engine load, is separately 
controlled to a specific maximum power output level at each throttle setting, 
chosen so as not to exceed an efficient engine output capability at the given speed 
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setting. In addition to that, the electrical controller ‘rate-limits’ the power changes 
in traversing between throttle settings so as to match the engine’s ability for 
simultaneous acceleration and production of shaft power. 

Results of a special locomotive load change operation are demonstrated in 
Figure 1.12, showing a dead load pick-up (DLPU) test [9]. The DLPU test is 
performed in self-load test mode, with the voltage and current output of the main 
generator being dissipated in an electrically resistive grid. Initial conditions 
correspond to the maximum steady-state throttle notch: engine speed at 904 rpm, 
main generator output power equal to its maximum reaction power rating, and all 
other electrical control references at the maximum limit values. The generator field 
conductor (GFC) is then dropped out, which causes excitation current to the main 
generator to decay according to the main generator field time constant.  

Generator output power, and therefore engine load, is reduced to near zero as 
the excitation current decays over the time the GFC is open. With control 
references remaining at their limits, picking up or closing the GFC at t=10 s results 
in a control response characterized by large, rapid increases in excitation current 
and generator output power. In this way, rapid transients in engine load are 
experienced. During GFC pick-up, the abrupt change in load causes engine speed 
to drop initially, resulting in a decrease in turbocharger speed. Turbocharger speed 
begins to rise between t = 10 to 15 s in response to higher fueling level and exhaust 
gas energy. An over-speed condition at t = 16 to 18 s results in a rapid decrease in 
fueling and therefore turbocharger speed. The near constant fueling rates that exist 
for t>20 s cause a gradual increase and leveling off of turbocharger speed up to its 
final steady-state value. 

Figure 1.12. Dead load pick-up test of a two-stroke, eight-cylinder, turbocharged diesel-
electric locomotive (adapted from Rackmil et al. [9]) 
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1.2.2 Speed Increase (Acceleration) Transient Event 

The fundamental difference between an acceleration and a load acceptance 
transient event lies in  

• the load torque profile (demonstrated in Figure 1.13); and  
• the speed governor behavior. 

During load increase, resistance torque increases abruptly; the significant torque 
deficit that is established during the first cycles of the transient event is responsible 
for the initial drop in engine speed as well as for the response of the speed 
governor, engine fueling and torque up to the final equilibrium at the same or 
lower engine speed. On the other hand, during acceleration, load torque remains 
practically constant or increases moderately following engine/vehicle speed, while 
the governor reaches almost instantly its maximum fueling position, remaining 
there for most of the transient event; the fuel limiting function determining the 
exact fueling response. As is made obvious from Figure 1.13, it is at the early 
cycles that the greatest crankshaft acceleration (or deceleration) is established 
owing to the high surplus or deficit of torque, respectively; crankshaft acceleration 
depends, of course, on the magnitude of the speed or load increase, as well as on 
the specific speed/load change schedule. Side effects such as turbocharger lag or 
exhaust emissions overshoot are experienced in both transient cases, with the 
acceleration transient being strongly influenced by the initial engine loading. 
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Figure 1.13. Comparison of torque development between typical load acceptance and 
acceleration transient events 

 
A typical speed increase transient test will be analyzed with reference to        

Figure 1.14, which demonstrates vehicular engine acceleration from 2000 to 2800 
rpm (speed change due to governor control lever or ‘throttle’ position movement, 
at constant engine load) for a six-cylinder, high-speed, turbocharged and 
aftercooled diesel engine without a fuel limiting module. It should be noted at this 
point that since the engines used for vehicular applications (particularly for 
passenger vehicles) typically have lower ratings than industrial engines, the 
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implications raised by turbocharger lag are, usually, less dramatic. The low-load 
acceleration shown in Figure 1.14 is representative of passenger vehicles operating 
in low gear. At the initial, steady-state operating conditions, engine and load torque 
are in equilibrium. After the driver pushes the accelerator pedal, the governor 
control lever reaches almost immediately its maximum position corresponding to 
full-fueling. Since the resistance torque remains practically unaltered, the 
significant surplus of net (engine minus load) torque aids rapid build-up of boost 
pressure and engine speed unlike the load acceptance cases of the industrial 
engines of Figures 1.4 and 1.10. At the same time, significant increase in peak 
cylinder and exhaust manifold pressures and temperatures is noticed. Build-up of 
boost pressure is further supported by the relatively low inertia of the vehicular 
engine and its turbocharger as well as by the pulse turbocharging scheme involved; 
a waste-gate valve may be fitted internally or externally to the turbocharger in 
order to avoid over-boosting at high engine speeds.  

Figure 1.14. Low-load acceleration of a vehicular turbocharged diesel engine without fuel 
limiter 

 
Despite the lower magnitude of turbocharger lag effects compared with a 

severe load acceptance case, high amounts of smoke emissions are noticed during 
the early cycles of the acceleration owing to the initially low air–fuel ratio as 
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fueling has increased much more rapidly than air-supply. In fact, full-fueling has 
been established after 0.48 s, whereas boost pressure needs at least 0.6 s to assume 
an ‘adequately’ high value before peaking at 1.87 s. During much of this period the 
engine practically operates as naturally aspirated. Hence, the engine must be fitted 
with a fuel limiting device that determines fueling according to the current 
turbocharger compressor boost pressure and does not permit full-fuel flow, despite 
the fact that the governor has reached its maximum position; otherwise, smoke 
emissions would be intolerable. As will be discussed in Section 2.2.2, however, the 
fuel limiting module has an adverse effect on engine acceleration and driveability.  

Later in the transient event, load torque increases gradually owing to the 
increase in engine speed, hence, aerodynamic resistance of the vehicle. As a result, 
the final operating condition at 2800 rpm, achieved after 2.2 s, corresponds to a 
higher loading than the initial one. Crankshaft angular acceleration assumes much 
higher values compared with the industrial engine load acceptance of Figure 1.4, 
owing to the much lower engine moment of inertia; the latter phenomenon 
unfavorably affects engine bearings stress and friction development. The engine of 
Figure 1.14 accelerated from a low initial load of almost 20% (i.e., low engaged 
gear), which was a rather easy task as regards recovery period; much longer 
acceleration time would be required for speed increase transients in higher gear. 
Turbocharger inertia, match and configuration, valve timing and closing down of 
the EGR valve during transients are among the measures that influence the 
acceleration speed and smoke emissions profile of vehicular and truck engines; 
these will be discussed in Chapter 6.  

A much more complex and demanding transient acceleration is experienced in 
the everyday gear change schedules of automotive and truck diesel-engined 
vehicles. Such a transient event with continuous up-gear changes, typical of 
acceleration when entering a highway, is illustrated in Figure 1.15 showing engine 
and vehicle speed development.  
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Figure 1.15. Development of engine and vehicle speed during up-gear change of a 
turbocharged truck (experimental results reprinted with permission from SAE Paper No. 
770122 [10], © 1977 SAE International) 
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This is a more representative vehicular operating mode than the (easier in terms 
of laboratory reproduction) ‘steady’-load acceleration of Figure 1.14. Increased 
amount of soot and NOx emissions are noticed during this kind of vehicle operation 
too, originating in the deterioration of combustion, mainly, during the early cycles 
of the transient event (Section 2.3.2). The acceleration in first gear is the most 
critical part of the transient event since the turbocharger is called upon to 
accelerate from a very low speed, where the boost is practically zero. With the 
gradual increase in the selected gear, vehicle speed builds-up at a slower rate since 
the total (engine plus vehicle) inertia increases considerably. 
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Figure 1.16. Histories of engine and vehicle parameters during the US Highway Driving 
Cycle for a 4×2 delivery truck (V-8, turbocharged and aftercooled diesel engine of 7.3 L 
displacement volume – simulation results reprinted with permission from SAE Paper No. 
2001-01-1247 [11], © 2001 SAE International) 
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Starting from the 1980s new diesel-engined vehicles in the European Union, 
the US and Japan are tested for exhaust emissions using sophisticated transient 
tests (Transient Cycles), usually characterized by long duration and incorporating 
various speed and load changes under varying conditions; these simulate real 
driving patterns in urban and sub-urban conditions. Of particular importance here 
is the performance of the whole vehicle and not just of the engine during the 
Transient Cycle (Section 3.5), as it is illustrated in Figure 1.16 for a truck during 
the US Highway Driving Cycle. The engine is kept at relatively high loads, as 
indicated by driver demand or ‘fuel rack’ varying between roughly 0.6 and 1.0 
during most of the cycle. Consequently, engine speed is also relatively high; it is 
close to 2000 rpm during the first 300 s of the cycle, while in the high speed part of 
the cycle it fluctuates between roughly 2300 and 2400 rpm.  

The lowest sub-diagram of Figure 1.16 shows that turbocharger speed follows 
these trends, hence, during high speed driving, the rotor speed approaches   
100,000 rpm. The most critical transient, besides the one at launch, occurs at 295 s 
into the cycle, when the high speed of the cycle is initiated. A variable geometry 
turbocharger or a hybrid-electric setup (Chapter 6) can help in achieving faster 
acceleration and lower exhaust gas emissions, although at the expense of a much 
more complex control system and/or space requirements and cost. Transient Cycles 
require highly sophisticated experimental facilities to be accurately reproduced, 
and complicated, time lengthy computer models for their simulation. 

Acceleration is the most typical transient event experienced by passenger or 
truck engines due to the continuously changing driving operating conditions. 
Industrial, or non-road mobile machinery or diesel-electric locomotives undergo 
speed changes too, although with usually lower requirements as regards recovery 
period. For the latter engines, however, owing to the higher bmep ratings, the 
problem of smoke emissions during transients may be more acute, particularly if 
the engine is not equipped with a fuel limiter.  
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Figure 1.17. Acceleration of a low-speed, two-stroke, turbocharged, marine diesel engine of 
11 MW power output (from Zinner [12], reprinted with kind permission from Springer 
Science+Business Media) 
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Ship engines are a further example of the need for successful acceleration; 
these may encounter both speed and extreme load increase (or decrease) transients. 
In Figure 1.17 an acceleration event is depicted for a low-speed, two-stroke, 
turbocharged, marine diesel engine directly connected to the propeller. Engine 
speed, turbocharger speed and boost pressure are presented in this figure, 
highlighting the different evolution pattern compared with the vehicle’s 
acceleration of Figure 1.14, mainly in terms of recovery period. The latter assumes 
much higher values owing to the considerable engine and ship inertia as well as 
due to the constant pressure turbocharging scheme involved that damps down the 
exhaust gas pulses flowing out of the engine cylinders; fuel limiting effects 
contribute to the slow response too. Turbocharger lag is again obvious during the 
early stage of the transient event. 
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Thermodynamic Aspects of Transient Operation 

 
 
 

The primary purpose of supercharging, nowadays universally employed in diesel 
engines, is the boost in power output without increase of speed. This is 
accomplished by increasing the engine air-supply (density) through compression in 
an external compressor, thereby facilitating increase in fueling. By far, the most 
popular and successful version of supercharging is the exhaust gas turbocharging. 
Here, the power required to drive the compressor is provided by a turbine that 
utilizes (part of) the available exhaust gas energy leaving the cylinders. When 
designing a turbocharged diesel engine, greatest care has to be given to the 
matching between engine and turbocharger and between fuel injection and air-
supply/motion. These two interrelated optimizations are usually accomplished for 
steady-state operation but they are really put to the test during transients, where 
both the engine and the turbocharger are called upon to operate far from their 
design point conditions.  

For a four-stroke engine, air-supply is primarily determined by rotational speed, 
delivery pressure and pressure difference between inlet and exhaust manifold 
during the valve overlap period; each of these three factors affects the transient 
breathing pattern of the engine too. Unfortunately, the flow characteristics of 
turbochargers are fundamentally different from those of reciprocating engines, a 
fact that leads to complex matching issues and problematic transient response. The 
performance of turbo-machines is very much dependent on the respective gas 
angles and it deteriorates when moving away from their design point. However, 
their use as superchargers is widely accepted due to their simplicity, small size and 
large flow capacity that enables significant increase in engine output, increase in 
the mechanical efficiency1 but also due to their ability to operate under very high 

                                                 
1 The fuel economy of a diesel engine is usually improved by turbocharging, since the mechanical 
losses do not increase in proportion to the increase in power output; this is not the case, however, for 
spark ignition engines, since turbocharging necessitates a reduction in compression ratio (hence 
indicated efficiency) in order to avoid knock.  
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mass flow-rates. As will be documented in the analysis of the next section, the key 
factors that primarily determine the transient torque and speed response of a 
turbocharged diesel engine is the engine air-supply and the EGR management (not 
fueling), being strongly influenced by the transient operation of the turbocharger; 
the latter affects unfavorably the whole system behavior and it is responsible for an 
overshoot in particulate, gaseous and noise emissions.  

2.1 Turbocharger Lag and Transient Torque Pattern 

The most notable feature of turbocharged diesel engine transient response that 
differentiates substantially the operation from steady-state conditions is the 
turbocharger lag or turbo-lag. Actually, there are various delays that affect the 
engine transient response, hence it may be more appropriate to speak of the whole 
system lag rather than only of the turbocharger; nonetheless, it is the latter’s flow 
and dynamic inertia that contributes mostly to the total response delay. 
Turbocharger lag is caused because although the fuel pump responds rapidly to the 
increased fueling demand after a load or speed increase transient event, the 
compressor air-supply cannot match this higher fuel flow instantly but only after a 
number of engine cycles owing to the mechanical, thermal and fluid inertia of the 
whole (engine, manifolds and turbocharger) system. Consequently, without a 
properly matched transient fuel delivery on a cycle-by-cycle basis, the low trapped 
air-mass will initially lead to overshoot of the global fuel–air equivalence ratio. 
Turbocharger lag is pronounced with the continuous increase in engine rating; it 
affects primarily the engine torque pattern being realized as slow response after a 
load acceptance or acceleration as well as in the form of black smoke emissions 
coming out of the exhaust pipes of diesel-engined vehicles. Unfortunately, there is 
a trade-off between exhaust smoke and engine response since the fuel–air ratio at 
which smoke becomes a problem is substantially lower than that at which 
maximum torque would be produced by the engine.  

After a ramp increase in engine load or fueling (see for example Figures 1.4 
and 1.14), the governor forces an increase in the injected fuel quantity that is 
ultimately transformed into a boost of the exhaust gas energy. However, power 
production delays deteriorate this conversion; these are located in the fuel pump 
mechanism (Section 2.2) or in the in-cylinder processes (Section 2.3). For the 
former, mismatch in the (mechanical) fuel injection system is the key cause for the 
respective delay.2 For the latter, the most notable delays emanate from the 
prolonged ignition delay period and the heat transfer to the cylinder and exhaust 
manifold walls; in fact, cylinder wall temperature adjusts to the new fueling 
conditions with a substantial delay, during which increased heat flux is observed 
from the gas to the walls. Although the detailed heat transfer mechanism during 
transients will be discussed in Section 2.3.1, it is important at this point to 
emphasize that this wall temperature adjustment lasts one order of magnitude 
                                                 
2 A special behavior of the fuel injection system during transients, namely fuel limit is a consequence 
rather than a cause of the engine transient delay. In any case, fuel limit action further adds to the slow 
engine torque and speed build-up as will be discussed in Section 2.2. 
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longer than the respective transient event.3 For the same reason, higher frictional 
losses are observed, when comparing transient to quasi-steady cycles, since the oil 
temperature corresponds to its initial steady-state value during the first cycles of 
the transient owing to the lubricating oil’s thermal inertia (low oil temperature 
increases oil viscosity, hence friction losses) . 

Other related power production delays concern the non-immediate change in 
bmep after the rack position has been altered, but only at the following injection 
for each cylinder, and the acceleration of the slider-crank mechanism rotating 
masses. The delay of the slider-crank mechanism kinematics observed after 
initiation of combustion is of the order of 90°CA (see Figure 2.1). Moreover, the 
increased gas enthalpy must ‘wait’ until the exhaust valve opens in order to move 
towards the exhaust manifold and turbine inlet. This further delays the energy 
effect on the turbine so that, in total, there is more than 200°CA delay between the 
first injection after a load or speed increase and the possible gains in turbine inlet 
pressure [1]. 
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Figure 2.1. Delays associated with diesel engine power production (from Winterbone [1], 
reprinted by permission of Oxford University Press) 
                                                 
3 Interestingly, there is a positive effect of the slow cylinder wall temperature adjustment since low wall 
temperatures favor higher volumetric efficiency of the incoming air-charge. 
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Further to the rather limited power production system delays, the energy 
transfer to the turbocharger is delayed by the fact that the nature of this transfer is 
via a continuous flow of relatively low density gas, whose temperature is reduced 
due to heat transfer to the ‘colder’ exhaust manifold walls. Consequently, only a 
portion of the increased exhaust gas power produced in the cylinder ultimately 
reaches the turbine. The above-mentioned process is strongly influenced by the 
exhaust gas turbocharging scheme involved, i.e., pulse or constant pressure.  

With constant pressure turbocharging (generally preferred for high engine 
power output and at medium to high load operation, see also Figure 6.31), the 
exhaust ports from all cylinders are connected to a single exhaust manifold of 
sufficiently large volume to smooth out the unsteady flow exiting from each 
cylinder. Although turbine efficiency is usually higher and construction simpler 
with one turbocharger unit, even for engines with a large number of cylinders, 
transient delay is more pronounced when a constant pressure turbocharging 
configuration is used (e.g., in large two-stroke engines, as was the case depicted in 
Figure 1.17). The primary mechanism behind this behavior is the considerably 
longer time required to boost the pressure of the exhaust manifold, since its large 
plenum increases substantially its flow inertia, while the energy transfer is 
accomplished by mass flow only without any pressure wave influence. In other 
words, the high kinetic energy of the exhaust gases leaving the cylinder is not 
utilized. This delayed response of the exhaust manifold (Figure 2.2) may even lead 
to engine stall when a large load increase is applied, as is, for example, the case 
when maneuvering from full ahead to full astern. Nonetheless, the slower build-up 
of exhaust manifold pressure noticed in constant pressure marine (or generator) 
diesel engines does not constitute that much of a disadvantage, as these engines 
experience much fewer transients, mainly when maneuvering in port. During their 
propulsion in the open sea, which comprises by far the greatest part of their 
operating life, steady-state operation at high engine load is practically established. 
In any case, and owing to the vessel’s large weight, engine response is always 
faster than the respective ship’s one.  
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Figure 2.2. Comparison in the recovery period when accelerating from initial speed to full 
speed between pulse and constant pressure turbocharging (four-stroke, medium-speed diesel 
engine rated at 4,000 kW and 16 bar bmep at 400 rpm), (from Zinner [2], reprinted with 
kind permission from Springer Science+Business Media) 
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On the contrary, vehicular (diesel) engines make use of the pulse turbocharging 
scheme (patented by Alfred Büchi in 1925) although at the expense of lower 
turbine isentropic efficiency (recall that turbo-machines are better operated as 
steady flow rather than pulse wave devices). In general, manifold volume affects 
the amplitude of the pressure waves generated during the blow-down period of the 
exhaust process. The pressure waves travel at sonic velocity and their travel time in 
the exhaust manifold pipe is given by the following equation 

12L N∆φ=
α

 (2.1) 

where α is the sonic velocity, L the equivalent pipe length and N the engine speed. 
The wave amplitude is governed by the difference between instantaneous gas flow-
rates in (from cylinders) and out (through cylinders), and manifold volume. Thus, 
exhaust manifold volume influences turbine expansion ratio and, hence, turbine 
power. Pulse turbocharging aids faster response of the turbine since the exhaust 
manifold volume is minimized, being divided into pipes of small cross section 
area, and the gas flow in the form of waves reaches the turbine entry immediately 
after the exhaust blow-down commences. Hence, in pulse turbocharging schemes, 
the exhaust gas energy that reaches the turbine is higher than with constant 
pressure turbocharging but the unsteadiness of the process is responsible for its 
rather inefficient exploitation.  

 

 
Figure 2.3. Left: Schematic diagram of a six-cylinder engine with pulse turbocharging 
configuration and twin-entry turbine. Right: Automotive turbocharger with twin-scroll 
turbine (courtesy of General Motors Corp) 

 
In a pulse turbocharging configuration, use is made of turbines with multiple 

entries or scrolls, carefully chosen to serve specific cylinders in order to avoid 
interference between the traveling exhaust waves from the individual cylinders. 
Since the exhaust process duration in a four-stroke engine is of the order of       
240°CA, it follows that not more than three cylinders should be connected to the 
same turbine entry. For example, cylinders No. 1, 2 and 3 on the one hand, and 
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cylinders No. 4, 5 and 6 on the other, are served by different turbine entries in a 
four-stroke, six-cylinder engine having an ignition order of 1-5-3-6-2-4 and equal 
intervals of the order of 120°CA between successive firing cylinders (Figure 2.3). 

Despite its advantages, pulse turbocharging is not universally applied; one such 
case is when a large number of engine cylinders, hence, turbine entries and 
manifold sections is involved. When the engine has an odd number of cylinders, 
pulse turbocharging is not a very attractive solution since, in this case, uneven 
exhaust pulses are generated in each section. This subject has been treated in detail 
by Zinner [2] and Watson and Janota [3], who also provide useful examples 
regarding cylinder number and disposition effects, mainly for steady-state 
operation. 

 
 

 
Figure 2.4. Schematic arrangement of current state of the art turbocharged diesel engine   
(C: compressor, T: turbine, ECU: engine control unit, EGR: exhaust gas recirculation; single 
line (─) indicates gas flow, double line (═) indicates mechanical connection, light dotted 
line (…) indicates signal and heavy dotted line indicates fuel flow) 

 
By the time the exhaust gas reaches the turbine rotor, there are further, 

considerable delays induced by the turbocharger operation. In order to understand 
these delays, the basic operating pattern of the turbocharger needs first to be 
addressed. The main characteristic of a turbocharged engine is the lack of 
mechanical connection between turbocharger and engine crankshaft (Figure 2.4). 
Consequently, turbocharger and engine speeds are not mechanically but only 
indirectly interrelated. Turbocharger compressor boost pressure and air-mass flow-
rate are typically interconnected via maps such as the one illustrated in Figure 2.5, 
showing also contours of constant isentropic efficiency and rotational speed. 



 Thermodynamic Aspects of Transient Operation 29 

The map of a radial turbocharger compressor (Figure 2.5) is characterized by: 

• constant speed lines of variable slope; for radial compressors (typical in 
internal combustion engines applications) these are practically horizontal 
close to the surge line, but drop off rapidly; 

• flow chokes at the right of the map when it reaches the sound velocity, 
typically at the inducer or at the entry to a vaneless diffuser or at the throat 
of a vaned diffuser; 

• the pressure ratio is strongly dependent on rotational speed; 
• there is an unstable region to the left of the surge line, in which operation is 

not viable (see also Section 7.2); and 
• at high boost pressures, the speed range is usually narrow (a fact, which as 

will be discussed in Section 6.4.3, is related to application of two-stage 
units) and the isentropic efficiency low; both arguments holds true for 
turbocharger turbines too. 
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Figure 2.5. Typical map of aerodynamic type turbocharger compressor 

 
It is made obvious then, that it is impossible for a radial compressor to achieve 

both high boost pressure and air-mass flow-rate when operating at low rotational 
speed. Instead, acceleration of the turbocharger to a higher speed is required, 
which, unfortunately, is delayed considerably by the turbocharger’s mass moment 
of inertia. At steady-state conditions, the turbine power is equal to the sum of the 
compressor power and the losses in the turbocharger shaft bearings, so both 
compressor and turbine are in an equilibrium state. If the engine operating 
condition is changed after a ramp increase in load or fueling, the turbocharger 
needs to accelerate to a new operating point in order to provide the required higher 
boost. To achieve that, the turbine power must exceed the compressor power. For 
the turbocharger acceleration, the following differential equation describes the 
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transient angular momentum balance on its shaft, based on Newton’s second law of 
motion for rotational systems 

TC
mTC T C TC

d
 = G

dt
ω

η τ − τ  (2.2) 

where Cτ  and Tτ  are the instantaneous values for the compressor and turbine 
indicated torque, respectively, and ηmTC is the turbocharger mechanical efficiency. 
Changes in turbocharger rotating inertia GTC have been found to have the strongest 
influence on its transient response, as will be described in Section 6.4.1. In fact, the 
inertia of the turbocharger disk is closely related to the fifth power of 
diameter, 5

TC T G d∝ . This suggests that reducing turbine (and compressor) rotor 
diameter dT will powerfully influence turbocharger and, consequently, engine 
speed response [4]; the latter remark emphasizes also the favorable use of more 
than one small turbocharger instead of a single (larger) unit. 

At this point, it would be helpful to discuss briefly the merits of mechanical 
supercharging (Figure 2.6) with respect to transient delays. Contrary to the 
aerodynamic type compressors used in turbocharging systems, mechanical 
supercharging makes use of positive displacement compressors. The latter may be 
of piston type, usually installed in series with the exhaust gas turbocharger (this 
arrangement is met in large, two-stroke engines) or rotary type, i.e., screw or Roots 
blower, common in smaller applications such as spark ignition engined passenger 
cars (lower sub-diagrams of Figure 2.6). Positive displacement compressors are 
characterized by relatively lower rotational speeds compared with exhaust gas 
turbochargers, whereas their flow characteristics resemble those of the 
reciprocating engine. In a mechanical supercharging configuration, a mechanical 
connection exists between the compressor and engine crankshaft that ultimately 
minimizes transient lag (at least during acceleration transients) ensuring much 
faster engine response. However, this is accomplished at the expense of higher 
system complexity and lower engine brake efficiency due to the mechanical losses 
associated with driving the compressor.  

The key characteristics of positive displacement compressors can be 
summarized as follows, with reference also to Figure 2.7 [2]: 

• steep speed lines, i.e., small drop in flow-rate with increasing pressure 
ratio; 

• the pressure ratio is largely independent of rotational speed, so that a large 
boost pressure can be obtained even with small flow-rates; 

• there is no range of unstable operation, so that the compressor map area can 
be fully utilized; and 

• the flow-rate is roughly proportional to speed, quite independent of 
pressure ratio. 

There are two important parameters that favor engine transient response with 
such a supercharging scheme in contrast to exhaust gas turbocharging: the 
compressor speed is directly coupled to its engine counterpart via a fixed or 
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variable gear ratio, hence compressor speed follows engine acceleration; on the 
other hand, high boost pressure can be achieved even at low (engine) speeds and 
air-mass flow-rates.  
 

 

 
Figure 2.6. Upper: Schematic diagram of mechanically supercharged and aftercooled 
engine. Lower left: Mechanical, screw-type supercharger (courtesy of Lysholm® 
Technologies AB, Sweden). Lower right: Mechanical Roots blower installed on a 
Mercedes-Benz gasoline engine (source: Mercedes Benz) 
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Figure 2.7. Flow map of a four-stroke supercharged engine with mechanically driven, 
positive displacement compressor (N corresponds to engine speed and NC to compressor 
speed, solid line corresponds to positive displacement compressor curves and dashed line to 
four-stroke engine curves), (from Zinner [2], reprinted with kind permission from Springer 
Science+Business Media) 
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In addition to the delays discussed previously that concern the exhaust gas side, 
the inlet manifold contributes to the total system delay too via two mechanisms. 
The first is related to the EGR system and will be analyzed in more detail in 
Section 2.5. However, even at this point, it should be emphasized how the EGR 
management affects the system transient delay. In a diesel engine, recirculated 
exhaust gas replaces oxygen, hence during the turbocharger lag phase if the EGR 
rate is kept unaltered, an even lower amount of fresh air would hit the engine. 
Unsurprisingly, the main strategy in modern engines is shutting down the EGR 
valve during the first seconds of a transient event in order to aid faster build-up of 
combustion air-supply. The second mechanism originates from fluid mechanics 
grounds, namely the compressed air must first fill the inlet manifold volume before 
it affects the cylinder charge. Increased engine ratings generally result in higher 
inlet manifold volumes, hence slower response in the intake side. Similarly to its 
exhaust counterpart, the inlet manifold acts as a flow capacitor. This is documented 
in Figure 2.8, showing manifold pressure histories during the first second of a 
turbocharged diesel engine’s load acceptance transient event.  
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Figure 2.8. Manifold pressure histories during the first cycles of a 0–90% load increase 
transient event of a six-cylinder, DI, turbocharged diesel engine 

 
Although the exhaust manifold pressure is increasing following the boost in 

fueling, the inertia of the turbocharger as well as the gas dynamics of filling the 
intake manifold cause a further lag on the intake side. With respect to the 
turbocharger compressor map curves (Figure 2.5), this lag concerns both boost 
pressure and air-mass flow-rate. Consequently, negative pressure difference is 
noticed for the first 0.95 s (roughly 15 cycles); on the other hand, during steady-
state engine operation, a positive manifold pressure difference exists, i.e., inlet 
manifold mean pressure is higher than its exhaust counterpart, a fact that ensures 
successful scavenging of the cylinder contents. It is, therefore, expected that during 
the turbocharger lag cycles and for the valve overlap period (which is particularly 
high in turbocharged engines to enhance their breathing and lower the gas 
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temperatures at the turbine entry) scavenging is difficult, with substantial reverse 
flow occurring. 

The latter phenomenon induces an even more unfavorable operating aspect in 
two-stroke engines, due to the absence of separate induction and exhaust strokes. 
This scavenging dysfunction is reflected into an increase of the residual gas 
fraction, reducing further the trapped air–fuel ratio. In modern automotive or truck 
diesel engines equipped with variable geometry turbochargers, the above 
phenomenon is further enhanced, since the VGT vanes are rapidly closed following 
initiation of the transient event, thus increasing the exhaust back-pressure even 
faster. Reduction of valve overlap or, better still, variable valve timing with valve 
overlap adjustment during transients could be a promising consideration in order to 
cope with these scavenging issues.  

Until the point where the air-supply inside the cylinder has matched the 
increased quantity of injected fuel, the overall fuel–air equivalence ratio assumes 
higher than stoichiometric values resulting in excessive smoke emissions. The 
problem may manifest itself in a more prominent way depending on the specific 
application. For example, in vehicles, the matching between turbocharger and 
engine is usually established for steady-state conditions and for low specific fuel 
consumption. Thus, the turbocharger size is determined for high torque output, 
which usually leads to high moment of inertia and consequently slow air-charge 
response. This slow air-flow response cannot match the required fast fueling 
commands during transients and so it causes poor response and black smoke 
emissions from the vehicles’ exhaust pipes. Summarizing, Figure 2.9 demonstrates 
the major causes of turbo-lag after a load or speed increase transient event. 

 
 

 
Figure 2.9. Schematic presentation of the major contributions to the system delay during 
transient response of a turbocharged diesel engine 
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The key parameter in the schematic arrangement of Figure 2.9 is the 
turbocharger mass moment of inertia, which is responsible for the biggest of the 
delays concerned. Unfortunately, turbocharger lag is more pronounced with 
increase in engine rating or the degree of turbocharging, which explains why it has 
become more prominent during recent years. Its most direct impact is on engine 
torque development and speed response. 

An attempt to present the inherent difficulty of a turbocharged diesel engine to 
achieve fast response compared with a naturally aspirated engine, on a fundamental 
basis, was made by Watson [4]. He compared a naturally aspirated engine of 7 bar 
bmep with a turbocharged engine of the same size but twice this rating, i.e., 14 bar 
bmep. Initially, the engines are running at no-load, no-speed conditions and they 
are rapidly accelerated to full-load, full-speed conditions. The governor responds to 
the demand and rapidly moves the fuel pump rack position to full-fuel delivery. 
Full-fueling for the turbocharged engine is twice that of the naturally aspirated, and 
it will need this fuel delivery to accept twice the load in the same timescale. 
Initially, however, the air-flow through the engines will be the same, since the 
turbocharger develops no boost at low-speed and low-load conditions. The need to 
accelerate the turbocharger rotor will then lead to slow boost pressure build-up. 
Thus, the fuel flow of the turbocharged engine is rapidly double that of the 
naturally aspirated, but the air-flow is pretty much the same. The maximum fuel 
delivery of the naturally aspirated engine will have been selected by the exhaust 
smoke-limited fuel–air ratio at steady-state full-load conditions. The fuel–air ratio 
developed instantly by the turbocharged engine will be twice its own fuel–air ratio 
when running steadily at full-load. In order to avoid excessive smoke emissions 
(well known dependence on fuel–air ratio), a fuel limiter (fueling determined 
according to boost pressure – see Section 2.2.2) would have to be installed, 
restricting further the engine torque developed during transients and leading to 
even poorer response. Figure 2.10 documents the above-mentioned remarks by 
highlighting 
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Figure 2.10. Comparison between transient and respective steady-state torque development 
during a load acceptance  
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• the non-linearity of turbocharged diesel engine transient torque build-up; 
and 

• the substantial torque deficit during the first cycles of a load acceptance 
transient event when comparing the actual (transient) torque developed to 
the one under ‘similar’ steady-state operating conditions. Such torque 
deficit is observed during speed acceleration events too, as will be 
discussed later in the chapter.  

Turbocharger lag and the subsequent fuel limit action are responsible for the 
turbocharged engine’s response pattern illustrated in Figure 2.10. As was 
mentioned earlier, a key parameter that largely influences the magnitude of the 
transient torque deficit is the engine rating. The lower the rating (bmep) of the 
turbocharged diesel engine, the smaller the above mentioned discrepancies and the 
smaller the transient torque deficit. This can be best explained by the following 
case study [5].  

Table 2.1 presents data of several truck engines, all rated at the same maximum 
power output of 325 kW at 2300 rpm, but with different numbers of cylinders and 
kinds of aspiration. In all engines, a limit of 135 bar peak cylinder pressure,     
1000 K maximum turbine inlet temperature and 20.5 minimum air–fuel ratio at 
1000 rpm were imposed; the latter requirement resulted in fuel limiting control for 
the four-cylinder engine below 1300 rpm and for the six-cylinder engine below 
1500 rpm under steady-state operation, as well as for the V-8 engine under 
transient conditions. 

 

Table 2.1. Data of engines considered for the analysis of Figure 2.11 (reprinted with 
permission from SAE Paper No. 840134 [5], © 1984 SAE International) 

Cylinder number 
and disposition  V-16 V-12 V-8 In-line 6 In-line 4 

Total displacement 
(L) 25 18.75 12.5 9.375 6.25 

Bmep (bar) 6.78 9.04 13.56 18.08 27.1 

Compression ratio 16 15 13.5 12 10 

Aspiration Naturally 
aspirated 

Single-
stage, 

pulse t/c 

Single-
stage, 

pulse t/c 

Single-
stage, 

pulse t/c 

Two-
stage, 

pulse t/c 
Intercooling – no yes yes yes 

Boost pressure 
(bar) (1.0) 1.57 2.0 2.9 4.3 

 
 

Figure 2.11 provides a very instructive comparison between the selected truck 
diesel engines’ acceleration, emphasizing the non-linearity of the turbocharged 
engines’ transient behavior. In the case of the naturally aspirated V-16 engine, 
acceleration is almost linear since full-load torque is available almost instantly, 
while the steady-state torque curve (not shown) is relatively flat. Acceleration of 



36 Diesel Engine Transient Operation 

the in-line, six- and four-cylinder engines is highly non-linear, largely owing to 
turbocharger lag. The fuel limiter allows here more fuel to be injected as boost 
pressure builds up (recall that there is a 20.5 minimum air–fuel ratio limit). 
Consequently, the response time of the most highly-rated engine (in-line, four-
cylinder, 27.1 bar bmep, two-stage turbocharged and aftercooled) is nearly          
2.5 times that of the naturally aspirated, while at the same time achieving only 74% 
of the distance covered by the V-16 engine in this first gear acceleration! Times to 
intermediate speeds are even worse for the turbocharged engines compared with 
the naturally aspirated and are due to the non-linear acceleration. However, it 
should be pointed out that continued acceleration to higher gear would be less 
affected by the degree of turbocharging as, in that case, the turbocharger speed 
would not fall to a no-load value during gear change.  
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Figure 2.11. First gear acceleration from 1000 to 2300 rpm and distance covered (expressed 
in engine cycles) for the five truck engines of Table 2.1 possessing different kinds of 
aspiration and turbocharging options but rated at the same power output (simulation results 
reprinted with permission from SAE Paper No. 840134 [5], © 1984 SAE International) 

The following interesting results were also revealed from the above analysis. 

• The instantaneous engine bmep of the V-16 naturally aspirated engine 
equaled full-load, steady-state bmep after only 0.25 s (following governor 
response). This highlights the fast response a naturally aspirated engine can 
actually achieve. In fact, excluding starting, a naturally aspirated diesel 
engine can be assumed to behave in a quasi-steady manner during 
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transients. On the other hand, the relative fuel–air equivalence ratio never 
exceeded 0.7 (20.7 air–fuel ratio). 

• The acceleration of the V-12 engine was so slow that the boost pressure did 
not exceed ambient pressure even by the time the engine had reached the 
desired speed. 

• For the in-line, six-cylinder engine, although the boost pressure reached   
1.6 bar at maximum engine speed, most of this increase occurred during the 
last second of the transient event. The non-linearity of the boost pressure 
build-up was determined by the injected fuel quantity via the fuel limiter, 
and influenced the whole acceleration of the engine. 

• For the four-cylinder, two-stage turbocharged engine, the high-pressure 
turbocharger accelerated reasonably well but the low-pressure unit provided 
no boost for the first three seconds. 

• For all turbocharged engines, the transient bmep was very much less than 
the steady-state capability of the engine (cf. Figure 2.10). 

Watson concluded that although the turbocharger lag did not actually get any 
worse with the increase in rating, it is its influence on engine response that 
becomes more and more serious.  

Turbocharger lag effects are noticed during load or speed decrease transients 
too. Again, the air-charge cannot instantly match the new, decreased fueling rate. 
However, in this case, the fuel–air ratio temporarily assumes very low values, 
hence smoke, NOx and CO emissions are not a problem; as will be discussed in 
Section 5.3, this does not hold true for HC emissions. On the other hand, for 
naturally aspirated diesel engines, all the system’s delays summarized previously 
except for the predominant turbocharger lag and the interrelated delays of filling 
the exhaust and inlet manifold, do affect the engine transient response; their 
relative importance is, however, much lower owing to the considerably smaller 
engine ratings. 

Turbocharged gasoline engines suffer from turbocharger lag too during 
transients. In fact, the situation can prove quite challenging (particularly so for 
carbureted engines, where fuel hold-up on the fuel-wetted surfaces must be 
avoided) owing to the wider speed, hence air-mass flow range of spark ignition 
engines that leads to much harder transients, e.g., when accelerating from closed to 
wide open throttle. In this case, however, the problem manifests itself as poor 
driveability or slow acceleration rather than black smoke emissions. Typical results 
are illustrated in Figure 2.12 for a 2.8 L turbocharged SI engine low-load 
acceleration. During first gear acceleration, the engine behaves in a naturally 
aspirated mode for at least 1 s (up to 2200 rpm); things are quite improved at fourth 
gear acceleration, owing to the much higher turbocharger initial operating point. In 
any case, torque development is substantially delayed compared with steady-state 
operation (cf. Figure 2.10) affecting negatively vehicle driveability. 

Turbocharger lag and the associated system delays are the main reason for the 
problematic transient response of turbocharged (diesel) engines, affecting 
unfavorably the combustion process and exhaust emissions; it is not surprising then 
that the majority of the analyses and research have focused on methods for 
improving this delay/response. Variable geometry turbines, air-injection in the 
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compressor, retarded injection timing, electrically assisted turbocharging, variable 
valve timings are but a few measures that have been proposed as viable means for 
improving turbocharged diesel engine transient response; these and many other 
measures will be discussed in detail in Chapter 6. 
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Figure 2.12. Comparison between transient and the respective steady-state torque 
development during acceleration in first and fourth gear for a 2.8 L displacement volume, 
turbocharged SI engine (from Heireth and Withalm [6], copyright VDI) 

2.2 Fuel Injection  

2.2.1 Mechanical Fuel Injection 

One of the most important engine processes that influences combustion and thus 
heat release rate, exhaust emissions (mainly particulate matters) and transient 
response is the fuel injection system. As was discussed in the previous section, 
without a properly matched transient fuel delivery on a cycle-by-cycle basis the 
low in-cylinder trapped mass will initially result in overshoot of the global fuel–air 
equivalence ratio, leading eventually to intolerable smoke emissions. Hence, the 
dynamic characteristics of the injection system should be adjusted and matched to 
the current engine fueling requirements. The fuel injection mechanism operates in 
a highly transient manner even during steady-state engine operation (e.g., at 
constant engine speed and control lever position).  

In modern, high-pressure common rail injection systems governed by the 
engine ECU, the extremely high injection pressure poses one more significant 
challenge for the fuel injection dynamic response. Nonetheless, a relatively fast 
adaptation of the injection parameters to the incoming air-charge is usually 
achieved,4 provided that the measurement of air-mass flow-rate is made promptly 
and accurately; this is not the case, however, in conventional mechanical injection 
systems. During transients, the continuously changing engine/pump speed, control 
                                                 
4 At engine start-up, it usually takes 3 to 4 injections to establish line pressure in the high-pressure 
section of the injection system. Afterwards, stable, repeated injection is assured. 
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lever position and pump residual pressure result in the (mechanical) fuel pump 
experiencing a transient operation of its own. This is mainly the result of transient 
fluid mechanics of the fuel pump equipment and the dynamic response of the 
mechanical components of the fuel injection system (governor, needle lift and 
timing device). Consequently, various injection parameters such as line pressure, 
rate of injection, timing and duration of injection are influenced, with a subsequent 
differentiation in the amount and the profile of injected fuel per cylinder compared 
with the values under ‘similar’ steady-state conditions [7–10].  The latter behavior 
ultimately affects engine response. 

Murayama et al. [7], by studying the accelerating behavior of a single-cylinder 
diesel engine fitted with mechanical fuel injection pump, found that 

• owing to rapid and considerable changes in fueling, instantaneous torsional 
deformations in the driving system of the fuel pump take place, leading to 
incomplete combustion; 

• a retardation of the dynamic injection timing takes place too, which was 
correlated to injected fuel-mass change via a linear relation (Figure 2.13); 

• the shape of the fuel injection rate changes compared with the respective 
steady-state operation. A shortening of the throttling period at the early 
stage of fuel injection and the increase in fuel injection rate following 
throttling, are more pronounced under acceleration than under the 
corresponding steady-state conditions (Figure 2.14a). Later in the transient, 
the fuel injection rate curve assumes a more ‘rectangular’ shape. Moreover, 
during transients, injection starts later in the cycle compared with the 
respective steady-state operation; this originates in the lower values of the 
residual pressure of the fuel delivery system (Figure 2.14b). 
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Figure 2.13. Change in the dynamic fuel injection timing due to the deformation of the 
injection pump driving system, resulting from changes in the amount of injected fuel 
(experimental results reprinted with permission from SAE Paper No. 800966 [7], © 1980 
SAE International) 

Although some of the above results were reached for naturally aspirated, 
indirect injection diesel engine operation, where the injection pressure are 
traditionally low, they have been confirmed for turbocharged DI engines too; in 
fact, even bigger discrepancies are expected for turbocharged diesel engines owing 
to the considerably higher difference between no-load and full-load fueling and to 
the much higher injection pressures involved. 
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Figure 2.14. Change in fuel injection rate during an early cycle of an acceleration event 
compared with the respective steady-state operation. a: naturally aspirated engine 
(experimental results reprinted with permission from SAE Paper No. 800966 [7], © 1980 
SAE International). b: turbocharged diesel engine (experimental results reprinted with 
permission from Harndorf and Kuhnt [11])  

In order to focus on the dynamic injection characteristics, Arcoumanis and 
Baniasad [9] isolated the fuel injection system operation of a VE type distributor 
injection pump of an HSDI diesel engine and studied its transient response. Two 
dynamic operating conditions were examined mimicking ‘real’ engine transient 
operation, i.e., 1. fuel pump setting (control lever) position varying from minimum 
to maximum in 13 ms at constant pump speed (termed ‘fueling increase’ transient), 
and 2. increasing pump speed at constant control lever position (termed 
‘acceleration’ transient). From their analysis, the following were revealed. 

During the fueling increase period at 2000 rpm engine speed (1000 rpm pump 
speed) 4 injection cycles were needed until the demanded fuel quantity is reached 
(Figure 2.15) (more cycles were needed for transients at higher engine/pump 
speeds). The transient injection rate signals (not shown in Figure 2.15) increased 
significantly in terms of the peak amplitude but only slightly in duration (cf. Figure 
2.14), whereas the corresponding needle lift signal showed higher needle ascend 
velocities and longer signal durations due to the higher injection line pressures. 
Owing to the fluid and mechanical inertia of the system during these cycles, lower 
maximum needle lift, line pressure and injection rates were experienced compared 
with the demand conditions reached in cycle 4. The latter may result in poor fuel 
atomization and reduced spray penetration into the combustion chamber, as well as 
lower injected fuel quantities during the transient period in an operating engine. 
Actually, the injected fuel quantity was calculated to be 82, 86, 94 and 99%5 of the 
demanded for the 4 transient cycles depicted in Figure 2.15.  

However, in view of the slow build-up of air-supply to the engine cylinders, 
this gradual adjustment of fueling is favorable, as it prohibits very large fuel–air 

                                                 
5 For a ‘transient fueling’ test at higher engine speed (2500 rpm), the respective percentages were 65, 
73, 81, 86, 91, 97, 102 and 99% of the demanded fuel quantity. This leads to the conclusion that in 
terms of the injection cycle, the system has faster response at lower engine/pump speeds with the fuel 
quantity response deteriorating with increasing speed. 
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equivalence ratio overshoots during the first transient cycles. At the same time, 
residual pressure was, mainly, determined during the tail oscillation of the line 
pressure, and was dependent on the opening characteristics of the damping valve 
and the resultant reflected pressure. 
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Figure 2.15. Response of speed control lever (fueling) position, needle lift and line pressure 
for a transient fueling test of a VE type distributor pump at constant speed (experimental 
results reprinted from Arcoumanis and Baniasad [9], with permission from Professional 
Engineering Publishing) 

 
Catania et al. [10], studying a similar injection pump configuration, reached the 

conclusion too that the fuel injection system was capable of almost instantaneously 
adapting to the new stationary conditions in a few cycles, soon after the control 
lever was brought to its new steady-state position. They attributed the latter effect 
to the small sensitivity of the delivery pipe residual pressure to significant load 
variations and to the almost zero lasting cavitation effect on fluid properties at the 
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start of the pump compression stroke. With the increase in pump speed, however, a 
slightly more intense cavitation6 was observed, ultimately affecting the fuel fluid 
properties during the pump compression stroke.  

During the increasing pump speed operation, residual pressures were found less 
than those at steady-state operation for lower pump speeds, but at higher pump 
speeds transient residual pressure exceeded its steady-state counterpart until final 
convergence towards the end of the transient event. At the start of the 
‘acceleration’, transient injection advance timing suddenly dropped and recovered 
gradually with increasing pump speed          (Figure 2.16 – upper sub-diagram). 
This trend in the transient injection timing, which was found independent of load, 
was attributed to: 1. advanced timing piston and spring mechanism response 
characteristics; and 2. fuel feeding pressure build-up in the pump housing cavity, 
being dependent on the pressure response of the fuel supply pump and the rate of 
pressure rise in the large pump cavity feeding chamber within the rather short 
transient time. The difference between transient and quasi-steady injection advance 
timing is one of the major contributors to the higher transient soot and NOx 
emissions levels in diesel engines, to be discussed in Chapter 5. 
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Figure 2.16. Comparison between transient and steady-state residual pressure and injection 
timing advance of a VE type distributor pump at constant control lever position 
(experimental results reprinted from Arcoumanis and Baniasad [9], with permission from 
Professional Engineering Publishing) 

                                                 
6 Cavitation in the pipe of a fuel injection system occurs when locally fuel pressure decreases below its 
vaporization value forming cavities; it is usually the more volatile components of diesel fuel that are 
prone to vaporization. Increased speeds and injection pressures as well as abrupt termination of 
injection are mainly responsible for creating vigorous wave actions inside the fuel pump mechanism 
leading to the above-mentioned local reduction of fuel pressure and thus formation of cavities. Vapor 
may subsequently condense inside the cavities leading to erosion and even fuel injection failure.  
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2.2.2 Fuel Limiter 

Figure 2.17 illustrates a typical fueling/bmep vs. engine speed operating envelope 
for two turbocharged diesel engines in comparison with a naturally aspirated one. 
Irrespective of output, the problematic operation for turbocharged engines is 
located in the low-speed, medium-high load operating range, where the 
turbocharger compressor delivery pressure, hence, the air–fuel ratio are still low 
since the exhaust gas enthalpy is not yet capable of providing the required power to 
boost the compressor. Increasing the degree of turbocharging results in more 
abrupt low-speed air–fuel ratio curves, leading to even higher engine torque non-
linearity. In the mid-range, engine output is, mainly, limited by mechanical 
considerations (high cylinder pressures) and in the high-speed range by 
turbocharger and engine over-speeding.  

In view of the above, at low-speed, steady-state engine operation in order to 
avoid intolerable smoke emissions, special adjustment of the fueling system to the 
corresponding air-supply is required. This adjustment is usually realized via a fuel 
limiting function, which determines maximum fuel delivery according to the 
current turbocharger compressor boost pressure. Ideally, EGR effects should be 
taken into account too since the amount of recirculated exhaust gas lowers 
accordingly the fresh charge air–fuel ratio. As regards mechanical fuel 
pump/governor systems, the fuel limiting function can be accomplished by a 
damper system momentarily limiting fuel pump rack travel, or, more commonly, 
via a boost pressure sensitive device. In modern engines, the fuel limiting module 
is incorporated in the engine ECU together with the speed governor (cf.         
Figure 3.11b). The usual inputs to the fuel limiter are the compressor boost 
pressure and/or the air-mass flow-rate.  
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Figure 2.17. Envelope of maximum bmep vs. engine speed for steady-state operation of 
naturally aspirated and turbocharged diesel engines 

Although a well designed fuel limiting device can actually prevent intolerable 
smoke emissions at steady-state engine operation, during turbocharger lag, much 
higher fuel–air equivalence ratios may be experienced. It is not surprising then that 
the steady-state matching often proves unsuccessful during transients. The most 
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usual side effect is the transient torque deficit (cf. Figure 2.10) and the poorer 
engine response/acceleration; a very instructive comparative case study can be 
found in [4]. To describe the mechanism behind the trade-off between fast 
response and low smoke emissions, it is necessary to consider in more detail the 
way the fuel limiter operates.  

The operating principles of a typical fuel limiter will be discussed with 
reference to Figure 2.18, which illustrates fueling and air-supply build-up during 
an acceleration transient event. Initially (point 1), the engine operates at or near 
idling conditions with the fuel–air equivalence ratio Φidle corresponding to fueling 
F1 and air-supply A1, both possessing very small values. Afterwards, the transient 
event commences, with the driver pushing the accelerator pedal to its maximum 
position. In case of a naturally aspirated engine, this would result to a direct 
increase in fueling (up to the corresponding final point). This is not the case, 
however, for the turbocharged diesel engine. Recall from the case study discussed 
in Section 2.1, that a turbocharged engine’s maximum bmep is much higher than 
that of its naturally aspirated counterpart, hence maximum fueling corresponds to a 
considerably higher air-supply. However, owing to the various system delays 
analyzed in Section 2.1, air-supply build-up is, initially, very slow (1→3). In fact, 
for the first cycles after the acceleration commences, boost pressure and air-supply 
to the engine cylinders have not changed from their initial values.  
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Figure 2.18. Typical fuel limit pattern of a turbocharged diesel engine acceleration event  

During this period (turbocharger lag), the engine operates in a naturally 
aspirated mode. Because of this slow response, the fuel limiter allows, at first, only 
a modest increase in the injected fuel mass, namely from F1 to F2, to prevent 
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excursion of the fuel–air equivalence ratio to very high values. At this point (2), 
maximum fuel–air ratio might be experienced. This fueling is then maintained, 
more or less, constant for the whole turbocharger lag period (up to point 3). As the 
acceleration event develops and the increased fueling produces exhaust gas of 
higher enthalpy, the turbocharger is gradually accelerated increasing the boost 
pressure and air-supply to the engine cylinders, curve A3–A4. During this period, 
fueling is steadily increasing too in proportion to air-supply, ultimately reaching 
point 4, which, usually, corresponds to the maximum fuel delivery for the current 
transient event. A critical parameter here, is the slope of curve F3–F4; the steeper 
the boost controlled fueling curve (dotted line in Figure 2.18), the faster the fueling 
response, hence engine torque build-up and speed response, but also the higher the 
fuel–air equivalence ratio and the respective soot emissions (most probably at point 
3). In the case of fixed geometry turbines, air-supply at the final point 4 would 
correspond to the maximum value for the particular transient event. For variable 
geometry turbocharged engines, however, the gradual increase in exhaust manifold 
temperature will lead to a further increase in the turbine back-pressure, hence a 
slight increase of turbocharger speed will be accomplished, possibly differentiating 
the final conditions after several seconds [12,13]. In conclusion, fueling during a 
typical acceleration event is accomplished in three distinct phases as follows 

• During the first phase (1→2 in Figure 2.18), the mass of injected fuel is 
rapidly increased to a value limited by the available air-flow owing to boost 
pressure lack. In this phase, fueling has increased at a much sharper rate 
than air-flow. 

• During the second phase 2→3, fueling is practically maintained constant 
owing to the respective delay in the build-up of boost pressure during the 
turbocharger lag period. 

• During the third phase 3→4, fueling is controlled by the engine ECU and it 
basically follows air-supply pressure history until the final equilibrium.     
A steeper 3→4 fueling curve will result in faster fueling increase and speed 
response, coupled, however, with excursion to high fuel–air equivalence 
ratios and soot emissions. 

The above-described fuel limiting action primarily aims at limiting intolerable 
smoke emissions, which would otherwise be experienced if fueling were 
determined irrespective of air-supply. Nonetheless, the slow movement of the fuel 
rack towards full-fueling comes at a cost, namely slow engine torque build-up and 
speed recovery. The latter can be best documented with reference to Figures 2.19 
and 2.20. Figure 2.19 focuses on the torque development during vehicle 
acceleration in fourth gear and can be studied in conjunction with the remarks 
regarding Figure 2.18. 

Initially (point A at 1250 rpm) and following the driver’s demand, the transient 
engine torque increased sharply owing to the rapid movement of the governor to its 
maximum value (point B). However, the air-supply could not match the fuel flow 
and the engine practically operated as naturally aspirated. The slow build-up of 
boost pressure was sensed by the fuel pump mechanism, which in turn limited the 
amount of injected fuel according to the current compressor boost pressure. 
Consequently, transient torque developed at a much slower rate compared with the 
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steady-state curve (1300–2750 rpm), ultimately reaching point Ct, which 
corresponds to lower torque and at a higher engine speed than the respective 
steady-state point Cst. As a result, emission of excessive smoke has been prohibited 
but at the expense of poorer response. For naturally aspirated engines, the 
difference between points Ct and Cst would be much smaller, since the greatest of 
the above mentioned delays concerns the turbine acceleration [14].  
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Figure 2.19. Curves of steady-state full-load torque, transient engine torque and load 
(traction) torque for vehicle acceleration in high gear, showing the effect of fuel limiting 
function (reprinted with permission from Woschni et al. [14]) 
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Figure 2.20. Acceleration of a turbocharged truck diesel engine against steady load with and 
without fuel limiting function (experimental data reprinted with permission from SAE Paper 
No. 810338 [4], © 1981 SAE International) 
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The effect of fuel limiting function on engine speed response is quantified in 
Figure 2.20, where the acceleration of a turbocharged truck engine of modest rating 
(10 bar maximum bmep) is compared with and without a system for controlling 
maximum fuel delivery as a function of boost pressure. Limiting maximum fuel 
delivery by 20% at zero boost is capable of reducing the total amount of emitted 
smoke owing to the fuel pump rack moving slowly towards full-fueling. However, 
the response time of the engine and turbocharger properties is doubled resulting in 
much poorer acceleration.  

Further limitation of the fuel flow may prove critical for the engine’s capability 
to recover high load changes leading even to engine stall, especially when the load 
application is very fast. This is, particularly, the case for industrial or marine 
applications, where the engine ratings as well as the load changes experienced are 
quite large. In view of the above, it seems reasonable to permit at least a 10% over-
fueling margin for industrial engines that, furthermore, do not encounter transients 
that often, compared with vehicular applications. When the engine accelerates from 
an initial high load, smoke reduction from fuel limit action is generally negligible; 
on the other hand, the advantages of (slight) over-fueling with respect to successful 
engine speed recovery are considerable. Of course, the case is quite different when 
automotive engines are involved. The use of fuel limiters is here compulsory in 
order to conform with the stringent emission regulations. Nonetheless, other 
measures would have to be employed in order to deal with the root of the problem, 
i.e., minimize turbocharger lag, hence simultaneously enhancing vehicle drive-
ability and lowering emissions (Chapter 6).  

2.3 In-cylinder Processes 

2.3.1 Heat Transfer 

At the onset of a transient event, cylinder wall temperature corresponds to the 
steady-state conditions, being mainly determined by engine loading/fueling. The 
following equation describes the respective heat flux from the gas to the cylinder 
wall 

L
g g w

dQ
=A h (T T )

dt
−  (2.3) 

where A is the respective surface area, hg the heat transfer coefficient and Tg, Tw 
the instantaneous gas and wall temperatures, respectively. During the early cycles 
of the transient event, the gradual increase in fueling is transformed into higher gas 
temperatures Tg and heat transfer coefficients hg. Consequently, higher heat 
transfer rate dQL/dt to the walls is noticed, since the cylinder wall temperature Tw 
cannot adjust instantly to the new fueling conditions but only after a time delay 
owing to the wall’s thermal inertia. The latter behavior is one of the contributors to 
the engine response delay as was discussed in Section 2.1 and identified in    
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Figure 2.9. Later in the section, it will be shown that this time delay can be quite 
extensive, typically one order of magnitude greater than the actual duration of the 
load or speed increase transient event or the time needed for the engine speed to 
reach its new final value. Among other things, this behavior affects also the 
evolution of (transient) combustion noise.  

In order to evaluate the wall’s thermal inertia, which determines the wall’s 
temperature response, a heat transfer scheme, based on electrical circuit analogy, 
can be applied. This models the temperature distribution from the gas to the 
cylinder wall up to the coolant. By so doing, the cylinder wall thickness, thermal 
conductivity and thermal diffusivity are taken into account. For the heat transfer 
inside the cylinder wall, the one-dimensional unsteady heat conduction equation 
reads 

2

w 2

T Tα
t x

∂ ∂
=

∂ ∂
 (2.4) 

 

with αw=kw/(ρwcw) the wall thermal diffusivity, ρw the wall density and cw its 
specific heat capacity. Applying the boundary conditions to all wall sides (gas side 
and coolant side) of a four-stroke diesel engine, the following equation is valid 
with reference to Figure 2.21: 

( ) ( )
4π

wL
w,g w,c c w,c c

w0

kdQ1 dφ= A T T = A h T T
4π dφ L

− −∫  (2.5) 

where Lw is the cylinder wall thickness with kw its thermal conductivity hc the heat 
transfer coefficient from the external wall side (respective temperature w,cT ) to the 
coolant; the overbar denotes mean temperatures over an engine cycle.  
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Figure 2.21. Schematic arrangement of cylinder wall – coolant heat transfer scheme 

Representative results quantifying the influence of the above mentioned wall 
thermal balance are reproduced in Figures 2.22 and 2.23, showing cylinder wall 
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and cylinder liner thermal equilibrium procedure after a load increase and a speed 
increase transient event, respectively. Measurements were accomplished using 
special ‘J’-type thermocouples, which comprised of two thin insulated wires each 
having a 0.003" diameter. The two wires were fixed inside a hollow quartz tube of 
1.75 mm outside diameter with special high temperature cement and fastened 
inside their position on the cylinder head or liner with the aid of the same material. 
Point TC1 in Figures 2.22 and 2.23 refers to the thermocouple installed on the 
cylinder head between two fins, in contact with the outside metal surface, TC2 
refers to the thermocouple installed on the cylinder head interior at a distance of 
0.6 mm from the fire deck, while TC3 thermocouple was installed at the valve 
bridge interior at a distance of 10 mm from the fire deck. In a similar way, the 
cylinder liner thermocouples were installed at a distance of 5 mm from the gas side 
surface, at two opposite positions across the cylinder bore on the valve plain, one 
on the exhaust valve side (TC4) and the other on the inlet valve side (TC5).  

As is depicted in Figure 2.22, the steepest slope is observed for the valve bridge 
thermocouple (TC3), while the most moderate response is at the outside surface of 
the cylinder head point (TC1). As expected, the valve bridge being one of the most 
sensitive areas on the cylinder head, suffers from thermal distortion caused by 
sharp temperature gradients during a transient event (thermal shock). The 
important finding from Figure 2.22 is that even 250 s after initiation of the load 
increase, the temperatures have still not reached their final steady-state values. 
Hence, during the few seconds of the transient event (up to the point of engine 
speed recovery) transient heat loss to the cylinder walls is higher than under the 
respective steady-state conditions. For turbocharged engines, this behavior would 
lower the available exhaust gas energy to the turbine and further contribute to the 
turbocharger lag delay. For the cylinder liner alone, and due to the air-cooling of 
the engine, the temperature response (TC4 and TC5) is rather unstable although the 
main finding of slow thermal equilibrium is confirmed. 
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Figure 2.22  Experimental temperature profiles vs. time during a 12–70% load increase 
transient event of a single-cylinder, air-cooled, naturally aspirated diesel engine [15] 

Similar observations are valid for the case of speed increase transients, as is 
illustrated in Figure 2.23. Temperature levels, for all positions studied, present 
smaller differences when comparing initial and the final operating conditions. 

.
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Although fueling reached 100% for a few seconds during the initial phase of the 
acceleration, the high thermal inertia of the cylinder structure delayed significantly 
the wall temperature response, hence the highest temperatures observed actually 
correspond to the final fueling of 30% rather than to the instantaneously maximum 
100%. Again, the steepest thermal gradient is noticed in the valve bridge area. 
Contrary to the (usually much more demanding) load acceptance case, thermal 
equilibrium is achieved now after 120 s for all positions examined on the cylinder 
head and liner.7  
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Figure 2.23. Experimental temperature profiles vs. time during a low–medium load,      
1300–2300 rpm acceleration event of a single-cylinder, air-cooled, naturally aspirated diesel 
engine [15] 

A similarly slow, but not that long in duration, response is observed for the heat 
transfer rate to the exhaust manifold walls (Figure 2.24). Evaluation of the exhaust 
gas temperature depends strongly on the location of the thermocouple, which for 
the analysis of Figure 2.24 was located at the exhaust manifold at an approximate 
distance of 0.2 m from the corresponding valve. 
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Figure 2.24. Experimental mean exhaust gas temperature vs. time for the load acceptance 
and acceleration transient events of Figures 2.22 and 2.23 [15] 
                                                 
7 The initial drop in TC1 temperature is caused by the increase in engine speed at the first five seconds 
of the acceleration, which increases the air velocity through the fins and the respective heat transfer 
coefficient with a simultaneous decrease in air temperature. 
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Further aspects of transient heat transfer phenomena will be discussed in 
Section 5.7 concerning evolution of combustion noise, and in Section 7.3 
concerning low-heat rejection engine operation. 

 

2.3.2 Combustion 

Diesel engine combustion comprises a variety of physical and chemical processes 
being typically characterized by a high degree of non-uniformity. In a diesel 
engine, the overall air–fuel ratio is always weak of stoichiometric, in order to 
achieve complete combustion; this is a consequence of the rather limited time 
available for mixture preparation. The fuel is injected in liquid form as nearly 
conical jets (sprays) into the engine cylinder, under a very high-pressure difference 
between injection line and cylinder gas. However, before it can be burned, 
atomization and spray penetration into the compressed air must be established that 
will enable heating, evaporation and mixing of the fuel with a sufficient quantity of 
air entrained from the surrounding air via a diffusion process. At the same time, 
pre-flame oxidation and localized ignition occur that prepare chemically the fuel–
air mixture for burning by decomposing the heavier hydrocarbons into lighter 
components, forming combustion radicals and facilitating pre-ignition chemical 
reactions. The above physical and chemical processes are referred to collectively as 
‘preparation’, with the temperature and pressure of the compressed air prior to fuel 
injection playing here an important role and air-swirl promoting the fuel–air 
mixing rate. It is the droplets at the outer edge that evaporate first creating a fuel–
air vapor film around the still liquid cone jet. The fuel–air equivalence ratio is 
highest on the centerline of the jet, decreasing to zero at the boundaries (Figure 
2.25). The sprays eventually hit the cylinder wall or piston and mix together. 
 

 
Figure 2.25. Schematic of fuel spray injected radially outward from the chamber axis into 
swirling air-flow; shape of fuel–air equivalence ratio distribution within jet is indicated 
(from Heywood [16], © 1988, reproduced with permission of the McGraw-Hill Companies) 

The prepared fuel–air mixture is then under the control of a chemical process 
and may be burned (reacted) at a rate that can be calculated by a chemical kinetics 
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equation. Diesel combustion in conventional type DI or IDI engines is primarily 
influenced by the inducted air properties (density, swirl, temperature) as well as by 
the injection system characteristics (number and pattern of injections, injection 
pressure and rate, fuel cetane number, number and diameter of nozzle holes).        
A variety of other parameters such as compression ratio, cylinder wall temperature, 
intake system design, valve configuration, combustion chamber geometry, etc., 
affect strongly the whole process development. Summarizing, for cylinders with 
single injection strategy, diesel engine combustion comprises the following stages: 

• ignition delay period, where the injected fuel is physically and chemically 
prepared and mixed with air; 

• a rapid premixed burning phase of the already prepared mixture during the 
previous ignition delay period; this stage is usually characterized by a high 
rate of gas pressure increase and is, mainly, responsible for radiation of 
combustion noise; and 

• a slower, mixing- or diffusion-controlled burning phase, where the burning 
rate is not governed by chemical kinetics but, rather, by the fuel injection 
and subsequent turbulent mixing rates. 

Application of multi-hole injectors, pre- and pilot injections, exhaust gas 
recirculation, swirl, and the use of bowl-in pistons complicate the development and 
modeling of combustion even more. As a result, advanced multi-dimensional 
simulation models as well as optical engine cylinders are required for complete 
understanding of the heterogeneous in nature in-cylinder processes in a 
compression ignition engine; for transient operation studies, the use of advanced 
multi-dimensional smulation models is, at the moment, prohibited due to the need 
for simulating a large number of engine cycles up to the final equilibrium 
conditions. A thorough review of diesel engine combustion principles during 
steady-state operation can be found, for example, in Heywood [16] and Benson and 
Whitehouse [17]. In this book, only the differentiations that are experienced during 
transients compared with the respective steady-steady operation will be discussed.8 
These are primarily the result of 1. the dynamic response characteristics of the fuel 
injection system, 2. the different quantity and pressure of air-supply owing to the 
previously discussed turbocharger lag (Section 2.1), which affects directly fuel–air 
ratio, heat release rate and exhaust emissions, and 3. the lower cylinder wall 
temperature compared with the respective steady-state operation as discussed in the 
previous section. 

Figure 2.26 shows data for a turbocharged DI diesel engine’s response to a step 
increase in engine load. Cycles No. 6–11 of the transient event have been isolated 
and the development of engine and exhaust manifold pressures, turbine inlet 
temperature, engine speed, fueling, mean boost pressure, and relative air–fuel ratio 
are illustrated with respect to crank angle or time.  

                                                 
8 By the term respective steady-state operation, it is meant operation at the same engine speed and fuel 
pump rack position as the corresponding transient cycles; however, as was discussed in Section 2.1, 
differentiation in air-mass flow-rate, hence, fuel–air equivalence ratio exists that affects accordingly the 
engine processes. 
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It is obvious how the increased fueling and boost pressure are gradually 
transformed into much higher cylinder gas pressures, hence exhaust manifold 
pressures and temperatures (not shown on Figure 2.26); maximum cylinder 
pressure increases from 57.5 bar (cycle No. 6) to 83.8 bar (cycle No.11). This is a 
45% increase in peak cylinder pressure resulting in an equally high rate of bearings 
loading (Section 3.1) and engine construction stress. Relative air–fuel ratio 
assumes very low values during the depicted cycles, which is expected to increase 
smoke emissions.  

Figure 2.26. Development of various engine properties during cycles No. 6–11 after a      
10–90% step increase in engine load (experimental and simulation results for a DI, 
turbocharged and aftercooled diesel engine with pulse turbocharging configuration and 
mechanical fuel injection pump without fuel limiter) 
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During the early transient cycles after a load or speed increase, the higher 
pressure, larger volume fuel jets are injected into an environment that is practically 
unchanged from the condition before the transient commenced, thus the higher-
momentum fuel jet is not accompanied by enhanced gas motion. The rate of 
mixture preparation is, therefore, reduced and the heterogeneity of the mixture is 
increased. Figure 2.27 illustrates in the most explicit way the difference between 
steady-state and transient spray formation for a typical acceleration transient event 
compared with the respective steady-state conditions. Clearly, the rate of fuel 
vaporization during transients is much lower, being responsible for worse mixture 
preparation and higher rate of wall impingement [11,13].  
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Figure 2.27. Comparison of the behavior of a spray jet during steady-state and transient 
conditions at the 1100 rpm operating point (experimental results reprinted with permission 
from Harndorf and Kuhnt [11])  

 
In general, the following off-design phenomena are experienced during 

combustion of the early transient cycles  

1. an influence in mixture formation due to air-deficiency (for the increased 
fueling) caused by turbocharger lag; 

2. a change (increase) in the average fuel droplet diameter caused by the 
lower density and swirl compared with the respective quasi-steady 
conditions, which leads to increased jet penetration; over-penetration 
results in impingement of liquid fuel on the cooler cylinder surfaces, 
lowering mixing rate;  

3. the lower end gas and wall temperatures in combination with a higher 
amount of end gas result in an increased ignition delay and hard 
combustion course, during the early cycles, where the turbocharger lag is 
more pronounced. 

Winterbone and Tennant [18] worked on a six-cylinder, turbocharged diesel engine 
and analyzed pressure–crank angle data after load increase transients, using the 
Whitehouse–Way combustion model [19] (see also Section 9.3.2.3). This model 
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concerns a two-part expression; specifically for the preparation rate P (kg/°CA), it 
holds 

2

1 x x y
fi u OP K m m p−= ⋅ ⋅ ⋅  (2.6) 

with 
2Op the partial pressure of oxygen in the mixture, fi fim (dm d )d= ϕ ϕ∫  the 

mass of injected fuel up to the crank angle φ considered, with injection rate 

fidm dϕ  given in Section 9.8, u fim m Pd= − ϕ∫  the mass of unprepared fuel, and 

K, x and y are constants derived after calibration against experimental data. This 
relation was initially derived on the assumption that the rate of preparation is 
proportional to the surface area of all the droplets having uniform diameter, while 
proportionality with respect to the droplets diameter has also been proposed.         
A variable value of the exponent x makes allowance for this fact and for the 
usually existing non-uniform droplets’ diameter distribution. The last term on the 
right hand side of Equation 2.6 allows for the effect of oxygen availability on 
mixing. Winterbone and Tennant concluded from their experimental analysis of 
transient pressure diagrams that the combustion process was somehow deteriorated 
after a load increase. Further to the discrepancies discussed in the previous page: 

4. Reduction of the injected fuel preparation rate constant ‘K’ of the 
Whitehouse–Way model (Equation 2.6) was observed, indicating that, 
other things being equal, the preparation proceeds more slowly. This can 
be attributed to the different evolution profile of injection rate (Figure 
2.14), particularly to the shortening of the throttling period at the early 
stage of fuel injection that affects the premixed combustion phase. 

5. A reduction in the exponent ‘x’ was also detected, which was attributed to 
poorer mixing owing, probably, to over-penetration resulting in deposition 
of the fuel on the piston (this can be attributed to the dynamic response of 
the fuel injection system as was discussed in Section 2.2.1). The reduction 
of exponent ‘x’ is then responsible for a reduction of the mass transfer rate 
between fuel and air and, hence, slowing down of the whole combustion 
process. 

Figure 2.28 expands on the in-cylinder properties evolution of Figure 2.26, 
going one step further and focusing on the rate of heat release (RoHR) 
development during the same cycles of the 10–90% load increase. What is obvious 
during the early cycles of the transient event is a quite sharp rate of premixed heat 
release (for cycles No. 6 and 7); even in modern common rail systems with pilot 
injection, the above phenomenon cannot be completely eliminated.  

As the boost pressure and injected fuel quantity increase, the peak cylinder 
pressures increase as well (Figure 2.26), while injection is advanced in order to 
allow optimal combustion of the larger fuel quantity. Hence, for the rest of the 
cycles depicted in Figure 2.28, a lower initial HRR peak and a higher duration of 
diffusion combustion are noticed, mainly, attributed to the slight increase in 
cylinder wall temperature as the transient event develops, and to the increased 
quantity of injected fuel.  
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Figure 2.28. Rate of heat release (kJ/deg. CA) diagrams for cycles No. 6–11 of the 10–90% 
load increase transient event of Figure 2.26 

 
The influential parameter that is responsible for the heat release behavior in   

Figure 2.28 is the ignition lag during the transient response. The ignition delay 
period is composed of a physical delay, incorporating liquid fuel atomization, 
vaporization and mixing, coupled with a simultaneous chemical delay process; the 
latter is the result of pre-combustion (decomposition and oxidation) reactions in the 
fuel–air mixture. It is the mixture preparation that is mainly responsible for the 
physical delay prior to ignition, with the air-charge pressure and temperature 
playing a primary role. Ignition delay has a direct impact on the intensity of heat 
release immediately after mixture auto-ignition. A relative reduction in the in-
cylinder gas density due to turbocharger lag may cause less vigorous spray break-
up and fuel–air mixing, thus resulting in increased ignition delay period and 
particulate matter emissions; measurements have documented this behavior, as is 
shown in Figure 2.28 and further quantified in Figure 2.29.  

Consequently, the synergistic effect of higher fueling with still low wall 
temperatures and charge air pressure during turbocharger lag, ultimately, results in 

• longer ignition delay period during the early cycles of the transient event; 
in fact, as is illustrated in Figure 2.29, the transient ignition lag is still 
higher than the respective steady-state conditions would dictate, even after 
3 s through the specific 850–2000 rpm acceleration transient event, 
although a strong decreasing trend is established after the first cycles; and 
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Figure 2.29. a: Comparison between steady-state and transient ignition delay; b: maximum 
heat release rate and crank angle at maximum HRR during an acceleration transient event 
(experimental results reprinted with permission from Harndorf and Kuhnt [11]) 

• significant and abrupt initial peak in the amount of premixed heat release.9  
In general, the peak magnitude of the heat release rate during the premixed 
combustion phase directly correlates with the magnitude of the maximum 

                                                 
9 The duration of premixed combustion can be defined as the crank angle duration between the start of 
combustion and the minimum heat release before the start of diffusion combustion. Likewise, the 
duration of diffused combustion can be defined as the period from the end of the premixed phase up to 
the time where heat release crosses the zero line. 
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pressure rise. Therefore, the fact that during transients, turbocharger lag 
promotes longer ignition delay and a higher premixed combustion rate is 
reflected into an increase in the radiated (combustion) noise and smoke 
emissions as will be discussed in detail in Chapter 5. 

Later in the transient, the distribution profile changes with the premixed peak 
being much smaller and the diffusion-burning phase becoming predominant; 
actually, diffusion burn fraction has been calculated to be at least 90% of the total 
during the late cycles of a transient event. The latter behavior is responsible for the 
gradual shift of the point of maximum HRR later in the cycle (upper sub-diagram 
of Figure 2.29b).  

Ignition delay is typically defined experimentally as the time between start of 
(dynamic) injection and start of combustion; the former is determined as the start 
of injector needle movement, whereas the latter can be defined as the start of 
cylinder gas pressure rise (first or second derivative of gas pressure signal). 
Traditionally, constant volume vessels or bombs have been used for ignition delay 
measurements, ignoring the effect of piston movement. Steady-state ignition delay 
data are usually correlated by Arrhenius type equations of the form  

2C a
id 1 g

mol g

E
C p exp ( )

R T
−τ =  (2.7) 

where idτ  is the ignition delay time in ms, pg and Tg are the integrated mean gas 
pressure and temperature during the ignition delay, Ea is an apparent activation 
energy for the fuel auto-ignition process, Rmol is the universal gas constant, and C1, 
C2 are constants depending on the fuel and the injection characteristics. Based on 
the fuel–air equivalence ratio Φ discrepancies during transients compared with 
steady-state operation, Assanis et al. [20] proposed an updated version of Equation 
2.7 valid under transient conditions  

32 CC a
id 1 g

mol g

E
C p exp( )

R T
−−τ = Φ  (2.8) 

By including the global equivalence ratio dependence, it was postulated that Φ is 
actually a measure of the probability of finding local pockets of fuel–air mixture 
within flammability limits for auto-ignition sites to be promoted. The adjustable 
constants in Equation 2.8 were fitted in order to minimize the least-square error 
between measured and correlated ignition delay, as well as to ensure that the latter 
would tend to zero at extremely high load. The ignition delay data were correlated 
as a function of the overall equivalence ratio and the mean pressure and 
temperature over the ignition delay interval. This ignition delay formula gave 
satisfactory results, mainly for medium to high engine speeds.  

Summarizing the previous remarks, Figure 2.30 illustrates the various 
discrepancies/anomalies encountered during the early seconds of a turbocharged 
diesel engine load increase or acceleration transient event. 
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Figure 2.30. In-cylinder discrepancies during the early cycles of a turbocharged diesel 
engine transient event (adapted from Harndorf and Kuhnt [11]) 

 
With the gradual acceleration of the turbocharger, hence build-up of air-supply 

and delivery pressure (typically, after 15–30 cycles for an HSDI engine), 
combustion improves and the previously discussed anomalies diminish. At this 
point, (slight) retardation of the injection timing might be imposed by the engine 
ECU in order to control the already high gas pressures. 

2.4 Variable Geometry Turbine 

One of the main causes for the unsatisfactory transient response of turbocharged 
diesel engines lies in the fact that the matching between engine and turbocharger 
cannot be optimum throughout the whole engine operating range. Whereas internal 
combustion engines are designed to operate at wide air-mass flow range, the 
performance of turbo-machines is very much dependent on the respective gas 
angles and it deteriorates when moving away from their design point. Automotive 
diesel engines employ the pulse turbocharging configuration. Consequently, the 
turbocharger turbine is called upon to operate under non-steady flow conditions, 
with a two or even three scroll arrangement creating different instantaneous flow 
regimes in each sector. During an engine cycle, the variation in air-mass flow-rate 
is quite large, sometimes ranging from zero flow to choke; this variation depends 
on the number of engine cylinders and their disposition, degree of turbocharging, 
exhaust manifold geometry, etc. Since the instantaneous mass flow reaching the 
turbine blades varies substantially, the resultant gas angles will definitely depart 
from their design values, creating various losses, namely incidence and boundary 
layer separation. Moreover, the turbine practically operates in a highly transient 
manner even at steady-state engine operation, since the instantaneously high gas 
flow tends to accelerate it, whereas reduction in the air-flow produces the opposite 



60 Diesel Engine Transient Operation 

effect (Figure 2.31). From the above remarks, it is made clear that since the flow 
and operating characteristics of a turbocharger (turbine) are fundamentally 
different from those of the reciprocating engine, complex matching issues arise 
leading also to problematic transient response.  
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Figure 2.31. Instantaneous and mean exhaust manifold pressure during steady-state engine 
operation of a six-cylinder, pulse turbocharged diesel engine (simulation results) 

 
Usually, engine operation is optimized at or around its design point/conditions. 

For example, an engine driving an electrical generator for base load operation will 
be optimized at full-load conditions and the turbine nozzle area will be typically 
selected for optimum performance at this operating point. When moving away 
from the design point however, i.e., at part load operation, the turbine nozzle area 
will be too large for the reduced gas flow and temperature, reducing accordingly 
the turbine available energy. As a result of this behavior, shortage of air-supply to 
the engine cylinders will be established (particularly so if the EGR rate is kept at a 
high level for successful NOx emissions control), as the power produced by the 
turbine will be reduced at a much higher rate.  
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Figure 2.32. Typical curve of axial turbine expansion ratio vs. mass flow  
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This will deteriorate engine performance at steady-state conditions by lowering 
the allowable amount of injected fuel for smoke-free operation, thereby reducing 
bmep. Consequently, transient response will suffer too. The previously mentioned 
disproportionality emanates from the typical nozzle-type relation between turbine 
expansion ratio and mass flow that is depicted in Figure 2.32. Actually, it has been 
argued [5] that a linear increase in turbine expansion ratio with volumetric flow-
rate would be ideal, but this cannot be realized with a conventional exhaust gas 
turbocharger of fixed geometry. Obviously, in order to accommodate the different 
operating requirements induced at part load operation, a reduction of turbine nozzle 
area would be needed. 

 
 

 
 
 

 
 

Figure 2.33. Upper left: Variable geometry turbocharger with electric vane actuation for 
automotive use (courtesy of Toyota Motor Europe). Upper right: Cutaway of automotive 
turbocharger showing the swing blade angle mechanism (courtesy of Audi AG). Lower left: 
VGT arrangement for radial turbine, featuring nozzle rings with adjustable vanes (courtesy 
of MAN Diesel); Lower right: Adjustable turbine nozzle blades/variable turbine geometry 
of an ABB TPS57 turbocharger; the clearances for the movable nozzle blades are reduced 
by springs that push the blades against the opposing casing wall (courtesy of ABB Turbo 
Systems Ltd) 
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On the other hand, optimizing engine performance for low-load operation (i.e., 
by selecting a smaller turbocharger frame) would result in poorer efficiency overall 
as well as small speed range, over-boosting and turbine flow choking at high 
engine speeds and loads. It follows then that, ideally, a continuously variable 
turbine nozzle area would be needed to adjust the turbocharger characteristics to 
the specific engine operating point (preferably approaching the linear expansion 
ratio vs. mass flow-rate relation), hence maximize delivery pressure and air-supply 
to the engine cylinders. This holds particularly true for automotive applications, 
which are characterized by wide speed and load operating range as well as by 
frequent transient events; another potential application is high bmep engines, 
where the increased rating enhances the previously discussed matching 
discrepancies between no-load and full-load conditions. The adjustment of the 
turbine nozzle area can be realized through a variable geometry turbine (VGT, 
Figure 2.33) that alters the whole turbine map by pivoting the swing blade angles 
or by keeping the nozzle blades fixed and changing the inlet area by moving the 
nozzle sidewalls. A variable geometry turbine can be considered, therefore, as a 
series of different turbine frames incorporated in a single unit, with variable flow 
characteristics but constant moment of inertia. 

Variable geometry turbines are quite flexible in their operation and can prove 
beneficial in terms of engine performance at both steady-state and transient 
conditions; on the contrary, during engine cold starting, the gains obtained are 
much smaller. During steady-state operation, a small turbine nozzle area will 
increase the overall boost pressure level (this is primarily desirable at low-load 
conditions), establishing a less abrupt low-speed torque curve (Figure 2.34). By so 
doing, the low-speed, smoke-limited operating range of a turbocharged diesel 
engine can be significantly reduced. The overall higher air-mass flow-rate and air–
fuel ratio will reduce smoke emissions, and the high exhaust gas pressure will 
ensure that a positive pressure difference exists between exhaust and inlet manifold 
supporting exhaust gas recirculation. When the engine speed and load are high 
enough, the blades are opened (nozzle area is increased) reducing gas velocities 
and preventing the excessive increase in boost pressure, which may harm the 
engine and lead to turbocharger over-speeding.  
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Figure 2.34. Improvement in low-speed torque from VGT operation compared with 
conventional (fixed geometry – (FGT)) or waste-gated turbocharging 
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A serious drawback that accompanies variable geometry turbine operation is 
the fact that the increased exhaust manifold pressure compared with its inlet 
manifold counterpart leads to back-flow of exhaust gas into the engine cylinders 
during the valve overlap period requiring a differentiated valve timing schedule. 
Moreover, pumping work is increased, worsening engine efficiency. An additional 
drawback is the, usually, lower turbine efficiency at the small nozzle areas 
established during low-load/speed operation.  

An important aspect of VGT configuration is the need for a much more 
comprehensive and lengthy matching procedure compared with fixed geometry 
units; this has to take into account both steady-state and transient requirements for 
the various nozzle areas over the complete operating range, accounting also for 
EGR effects. Furthermore, a sophisticated closed-loop control system (see 
Appendix B for some fundamental aspects of control theory) that determines 
nozzle area according to the operating conditions (Figure 2.35) is needed [21–26]. 
This typically uses boost-pressure as the measured feedback output, as is 
demonstrated in Figure 2.36. At any operating point, the engine ECU uses the 
rotational speed and fueling values to calculate the desired boost pressure based on 
steady-state optimized maps. The aim of the controller is then to keep this pressure 
as close as possible to the mapped values applying, for example, P-I-D control, by 
relaying to the appropriate VGT vane position. A very instructive analysis in terms 
of VGT P-I-D control can be found in [27]. 
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Figure 2.35. Schematic arrangement and simplified control diagram of variable geometry 
turbocharged diesel engine with exhaust gas recirculation 
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Figure 2.36. Simplified diagram of boost-pressure P-I-D, closed-loop controlled VGT 
system 

Obviously, the response of the engine is strongly influenced by the specific 
VGT control system gain. Figure 2.37 illustrates how a relatively low gain, in a 
closed-loop strategy, results in smooth but rather long recovery period, in contrast 
to a high gain setup that responds almost instantly but leads to ‘hunting’ due to 
over-compensation. The latter behavior is typical when conventional P-I control 
algorithms are applied based on steady-state maps that often prove unable to 
handle the system constraints and delays. An optimization procedure is required 
taking into account both driveability and emission effects. 
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Figure 2.37. Effect of VGT gain on engine transient response at constant engine speed 
(simulation results adapted from Dekker and Sturm [28]) 

 
Historically, VGT control systems in low-bmep engines aimed to keep the 

VGT at its minimum area, increasing back-pressure and therefore turbine power at 
all times until the target boost pressure is reached. The VGT then opens to hold the 
boost at that value. Alternatively, speed dependent control strategies have been 
employed with smaller nozzle areas assigned the lower the engine speed. In recent 
years, increased global attention regarding exhaust emissions and the evolution of 
electronics have led to alternative VGT control strategies that are more suited to 
high-bmep engines; these usually focus on minimization of fuel consumption or 
exhaust emissions (among other things through accurate EGR control) or a 
combination of the above, depending on the specific engine operating conditions.  

A possibly differentiated strategy is applied during transients, primarily aiming 
at turbocharger lag minimization. During transient operation (either load or speed 
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increase) the main strategy of the VGT is the reduction of the nozzle area by 
closing down the vanes so as to increase rapidly the back-pressure and enthalpy 
drop across the turbine, thereby boosting the compressor operating point (see also 
the conceptual diagram of Figure 2.38). By so doing, fast increase of engine air-
supply is established, minimizing fuel limiting function and improving driveability 
and emissions. As soon as the air-supply to the engine has been built-up, the VGT 
vanes are gradually opened in order to prevent over-boosting. The positive effects 
of VGT during transients are, therefore, the result of improvement in flow 
characteristics and air-supply, whereas the dynamics (inertia) of the turbocharger 
are not altered. 
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Figure 2.38. Series of events after onset of acceleration for a VGT diesel engine 

 
Figure 2.39 describes in an explicit way the previously discussed operating 

mode of a variable geometry turbocharged engine during a transient event at 
constant engine speed. As soon as the driver applies the new fueling 
(corresponding to almost 27 mg/stroke), the air–fuel ratio decreases since the air-
supply cannot instantly match the higher fueling due to the various system delays 
discussed in Section 2.1. The abrupt increase in fueling causes a step increase in 
desired boost pressure, hence a large error exists between demand and actual boost 
pressure. The VGT controller, responds to this error by closing down the VGT 
vanes. As a result, exhaust manifold pressure increases very fast, increasing 
accordingly the turbine expansion ratio and power. The increased power delivered 
to the compressor boosts its operating point and it is subsequently transformed into 
higher air-supply. Consequently, air–fuel ratio recovers much faster than with fixed 
geometry units and smoke emissions (not shown in Figure 2.39) are limited. 
Nonetheless, a brief peak in soot emissions cannot be utterly prohibited as the 
minimum value of AFR at approximately t = 0.2 s suggests. At about t = 1.5 s, 
VGT vanes are beginning to open in order to avoid over-boosting of the engine. 
What is missing from this figure is an indication of the engine efficiency during the 
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transient event. This has surely decreased due to the elevated pumping losses 
following the increased exhaust back-pressure. We should keep in mind though 
that it is very difficult to achieve optimization in both fast response and low fuel 
consumption for each turbine nozzle area. In any case, this disadvantage of VGT 
operation is more than offset during transients from the faster turbocharger and 
engine speed response (see also Section 6.4.4 for comparative VGT vs. fixed 
geometry turbine results). 

 

Figure 2.39. Engine and turbocharger properties development after a 10–170 Nm step load 
increase at 2500 rpm of a VGT engine (four-stroke, four-cylinder, 2 L displacement volume, 
HSDI, automotive diesel engine – experimental results reprinted with permission from SAE 
Paper No. 1999-01-0829 [23], © 1999 SAE International) 

 
A case in point is that of pneumatically actuated VGT configurations. As the 

lower sub-diagram of Figure 2.39 suggests, a dynamic problem may arise, namely 
large overshoots in boost pressure and air-flow are experienced owing to hysteresis 
in the VGT vane mechanism. The vacuum at the vane actuator reduces steadily but 
the response of the vanes themselves is non-linear, which leads to a period of 
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stagnation followed by a sudden flip open. The stagnation causes an overshoot in 
pressure and air-flow, then the rapid opening leads to undershoot, settling only 
after several seconds.  

 

2.5 Exhaust Gas Recirculation  

The increasingly stringent emission regulations have rendered exhaust gas 
recirculation (EGR) quite popular in recent years as a successful means for 
reducing NOx emissions from both spark and compression ignition engines. 
Introduction of cooled (exhaust) gas into the combustion chamber (see also the 
conceptual diagram of Figure 2.40), results in dilution of the air-charge by 
replacing O2 with the non-reacting CO2. Consequently, both the specific heat 
capacity of the in-cylinder gas mixture and the peak flame temperatures of the 
cycle are reduced. As a result, NOx emissions are reduced too, aided by the lower 
oxygen availability. However, smoke emissions increase since the soot oxidation 
process is diminished; the same holds true for HC and CO emissions.  

The EGR system may be high pressure or low pressure. In the former case 
(Figure 2.40), the exhaust gas is drawn from upstream of the turbocharger turbine 
and is diverted back to the inlet side (typically downstream of the aftercooler); the 
recirculated exhaust gas flow is established from the pressure difference between 
the higher-pressure exhausted gas from the cylinders and the lower-pressure 
inducted air-supply. Since in this case, both EGR and turbine flow are driven by 
the exhaust gas, and, further, EGR flow reduces the amount of exhaust gas to be 
expanded in the turbine, there is clearly a strong relationship between the two 
flows that needs to be taken into account at the design stage in terms of optimum 
matching between engine and turbocharger (speed limits, peak cylinder pressure 
and surge avoidance). Nowadays, exhaust gas recirculation in automotive diesel 
engines is usually combined with a variable geometry turbine arrangement. In this 
case, the pressure difference between exhaust and inlet side for safe EGR flow can 
be determined by manipulating the VGT guide vanes; such a coupled EGR-VGT 
control system is discussed by Wijetunge et al. [29]. In general, interactions 
between EGR and other sub-systems, notably VGT and fuel injection, have been 
documented to have significant effects on the engine dynamic behavior, as will be 
discussed later in the section.  

A low-pressure EGR unit, on the other hand, draws exhaust gas from 
downstream of the turbine or the DPF and diverts it to a point upstream of the 
turbocharger compressor; its main advantages are the somewhat cooled exhaust gas 
as well as the prevention of fouling of the EGR components, typical for the HP 
units exposed to the un-processed exhaust gases. 

Besides, an EGR system can be internal or external; in the former case, the 
exhaust gas is re-routed back into the inlet manifold at the end of the exhaust 
stroke, for example through variable valve phasing. Most commonly, however, 
external EGR systems are employed, which have the added advantage of cooling 
down the exhaust, thus preventing decrease of the engine volumetric efficiency.  
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A typical, high-pressure, external EGR system, represented schematically in 
Figure 2.40, comprises the following components: 

• EGR valve; this can be a continuously variable unit incorporating electric 
or pneumatic (or both) actuation; 

• EGR cooler for cooling down the exhaust stream; 
• EGR venturi mixer, where the exhaust gas is mixed with the incoming air-

charge; such devices have been also applied for promoting gas flow from 
the exhaust to the inlet side; 

• temperature and pressure sensors in the exhaust and inlet streams, and/or 
air-mass flow measurement, typically via hot wire anemometer; and 

• comprehensive open- or closed-loop control system; this gathers the signals 
from the various sensors including engine and turbocharger, processes 
them based on look-up tables (steady-state maps) or model-based control 
theory, most probably applying correction factors to account for transient 
effects, and eventually determines the amount of exhaust gas to be 
recirculated through the EGR valve, i.e., it determines the EGR valve 
position. 

 

 
Figure 2.40. Schematic arrangement of an external, high-pressure EGR scheme with its 
simplified, closed-loop control system 
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In an open-loop EGR control system, the air–fuel ratio with the best NOx 
reduction under the boundary condition of no smoke increase is mapped over 
injected fuel quantity and engine rotational speed; compensation is applied for high 
altitude operation, cold starting conditions (through the cooling water temperature) 
and transient conditions through a correction coefficient. However, during 
transients, feedback (closed-loop) systems are better suited to prevent excursion of 
the fuel–air equivalence ratio to high values and overshoot in smoke emissions. 
Guzzella and Amstutz [30] describe such a closed-loop EGR control system 
(Figure 2.41), where the measured air-mass flow-rate is used as the feedback 
property. Unlike in SI engines, recirculated exhaust gas in a diesel engine replaces 
oxygen, hence promotes enrichment of the mixture. During normal EGR mode, the 
intake manifold may be filled with 20 or 30% recirculated gas. If a rapid 
acceleration occurs, further deterioration of the air–fuel ratio and smoke emissions 
would be established, since the slow turbocharger response would delay increase of 
air-supply, whereas the smoke maps based on measured boost will fail because 
they assume that the mass-flow to the engine is all air. The closed-loop, feed-
forward control system of Figure 2.41 describes how the net air-supply to the 
engine cylinders is estimated based on both EGR rate and total mass-flow to the 
engine (Equation 9.9) by using the measurement of the air-mass flow through the 
compressor. Based on the estimated effective air-mass flow to the engine, the 
maximum smoke-free, fuel injected quantity is then determined. 

 
 

 
Figure 2.41. EGR calculation during transient operation (reprinted from Guzzella and 
Amstutz [30], © 1998 IEEE) 

 
However, EGR flow is still largely controlled based on steady-state philosophy, 

i.e., the EGR valve is kept open throughout the transient event. This eventually 
results in an extensive fuel limiting action (to avoid smoke emissions), delaying 
torque response and directly affecting driveability, up to the point where the 
turbocharger compressor boost pressure and the air-supply have been built-up 
satisfactorily. Since the slow turbocharger response induces quite different 
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operating requirements during transients compared with steady-state operation, it is 
doubtful that the above EGR control strategy can prove successful overall. This 
will be shown by the following comparative case study.  

Figure 2.42 illustrates the response of a turbocharged diesel engine during a 
load acceptance transient event at constant engine speed by comparing two 
different EGR strategies; in the first case, the EGR valve remains open during the 
transient event (most probably incorporating a corrective function through the 
measured compressor air-supply, such as the one described in Figure 2.41, to avoid 
excessive smoke emissions), whereas in the second case, the engine ECU closes 
down the EGR valve during the first seconds of the transient event.  
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Figure 2.42. Engine response with continuous vs. transient controlled EGR valve during a 
load acceptance transient event at 1500 rpm (12 L displacement volume, VGT diesel engine, 
rated at 315 kW at 2000 rpm – simulation results adapted from Dekker and Sturm [31]) 

 
During the short period of time (3 s) where the EGR valve is closed down, the 

VGT guide vanes, being boost pressure loop-controlled, are directed to a more 
closed position in order to help build-up of turbine enthalpy drop. This ultimately 
results in much faster rise of turbocharger speed, compressor boost pressure (not 
shown in Figure 2.42), fueling and engine torque response (upper sub-diagram of 
Figure 2.42), hence driveability. The main mechanism behind the need for a drastic 
differentiation of the EGR strategy during transients is the deficiency of 
combustion air through the turbocharger lag phase. Even in an engine without 
EGR, the slow increase of boost pressure and air-supply during the early transient 
cycles results in a fuel limiting action to prevent excessive smoke emissions. 
Recall that recirculated exhaust gas in a diesel engine replaces oxygen promoting 
enrichment of the mixture. In an engine with EGR, if the strategy of Figure 2.41 
(i.e., continuous EGR) were followed, overshoot in smoke emissions would be 
prevented, but since the EGR valve is kept open, this would be accomplished only 
with an even more extensive fuel limitation, and driveability would suffer. Instead, 
the main engine control strategy in modern turbocharged engines aims at shutting 
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down the EGR valve as soon as a load or speed transient is detected (detection can 
be established through the accelerator pedal signal in Figure 2.40). By so doing, the 
primary gain is that the EGR-caused fueling restriction is diminished and engine 
torque can be built-up faster (still slower though than a naturally aspirated 
engine)10 with a penalty in nitrogen oxide emissions paid during this period, as will 
be discussed in Section 5.2. At the same time, closing of the variable geometry 
turbine vanes is initiated for better boost pressure build-up.  

Returning to Figure 2.39 (in Section 2.4), we can now expand on the previously 
discussed remarks by highlighting specific aspects of the ECU control behavior in 
terms of coupled EGR and VGT operation during a load acceptance transient 
event. Initially, the EGR valve in Figure 2.39 is open, and then at the start of the 
transient it shuts rapidly in an attempt to maintain an adequate air–fuel ratio. 
Immediately after the valve closure, however, there will still be exhaust gas 
residuals present in the inlet manifold11 – owing to the relatively large residual 
volume between the EGR valve and the combustion chamber – particularly so if 
the exhaust manifold pressure rises sharply, while the valve is closing due to the 
flow restriction of the closed VGT. The peak in exhaust manifold pressure 
following the closing of the VGT vanes causes a brief high EGR flow into the inlet 
manifold (the VGT control responds faster than the EGR valve closing), which in 
turn results in very low transient air–fuel ratios. Of particular note, here, is the brief 
opening of the EGR valve 3 s after initiation of the transient event; this is the result 
of the specific control strategy being derived directly from steady-state ECU maps. 
At the start of the transient event, the boost error exceeds acceptable limits and this 
in itself disables exhaust gas recirculation; however, the ECU still looks up the new 
EGR valve position demand based on the current fueling and speed conditions. As 
soon as the boost pressure error falls to within acceptable limits, control is handed 
back to the EGR map-based system, which in turn opens the valve because in the 
steady-state condition EGR is scheduled for the current engine speed and fueling 
[23].  

An important aspect of the exhaust gas recirculation scheme applied is the 
magnitude of pressure difference between exhaust and inlet manifold. Obviously, 
the higher this difference (e.g., by closing down the vanes in variable geometry 
turbine engines) the higher the exhaust gas flow through the EGR cooler, albeit, at 
the expense of higher pumping losses. An interesting comparison during both 
steady-state and transient conditions was conducted by Weber et al. [32] and a 
representative result from this work is reproduced in Figure 2.43. The low-pressure 
EGR unit (i.e., exhaust gas drawn downstream of the turbine) managed to achieve 
the target brake mean effective pressure almost 0.9 s (or 40%) earlier than its high-
pressure counterpart. It has been argued, however, that at higher power output, the 
high-pressure EGR loop can prove more efficient, mainly, in terms of fuel 
consumption. 

                                                 
10 Ironically, owing to the usually slow response of the EGR valve, the valve area restriction causes 
during the early cycles of a transient event an increase in the pressure difference, hence increase in the 
amount of recirculated exhaust gas. 
11 This exhaust gas residual may distribute unevenly to the engine cylinders resulting in cylinder-to-
cylinder variation in terms of NOx emissions. 
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Figure 2.43. Effect of EGR strategy on transient performance of a VGT engine at 1500 rpm 
(simulation results adapted from Weber et al. [32]) 

 
Further aspects of exhaust gas recirculation and variable geometry turbine 

effects on transient operation will be discussed in Section 5.2, concerning NOx 
emissions at the expense of smoke, and in Section 6.4.4, regarding engine and 
vehicle response throughout a Transient Cycle. 
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3 

Dynamics 

The research on diesel engine transient operation has primarily focused on the 
relevant thermodynamic processes because of their direct impact on heat release 
and consequently performance and pollutants emissions. On the other hand, issues 
concerning (engine) dynamics are often over-simplified. Such notable dynamic 
issues that contribute to the non-linearity and complexity of diesel engine transient 
operation are 

• development of the various forces of the slider-crank mechanism that may 
lead to considerable stress of the engine bearings; 

• crankshaft torsional deformation resulting from the different magnitude of 
instantaneous torque values induced by the engine and load; 

• governor clutch movement determining the actual fuel pump rack position; 
• development of engine friction; and 
• other dynamic issues induced by the whole vehicle propulsion. 

3.1 Engine Dynamics 

3.1.1 Kinematics and Forces of the Slider-crank Mechanism 

At each instant of time, the displacement of the piston from the top dead center 
(TDC) position is given by the following equation with reference to Figure 3.1 

( ) ( )2 2
rodx( ) r 1 cos L 1 1 λ sinϕ = − ϕ + − − ϕ  (3.1) 

where r=S/2 is the crank radius and λ=r/Lrod with Lrod the connecting rod length. 
Differentiating the above equation with respect to time, we get the 

instantaneous piston velocity 
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pist 2 2

cosu ( ) r sin 1
1 sin

⎛ ⎞λ ϕ⎜ ⎟ϕ = ω ϕ +
⎜ ⎟− λ ϕ⎝ ⎠  (3.2) 

and differentiating once again with respect to time, we get the instantaneous piston 
(linear) acceleration  

2 4
pist2

2 2 3/ 2 2

u (φ)cos 2φ λ sin φ 1b(φ) ω r cosφ λ ε
rω(1 λ sin φ) ω

⎛ ⎞+
= + +⎜ ⎟

−⎝ ⎠  (3.3)  

The last term on the right-hand side of Equation 3.3 accounts for the influence of 
the crank’s angular acceleration ε=dω/dt οn the piston linear acceleration. Further, 
the connecting rod angle β is given by 

( )1 2 2sinβ λ sinφ β cos 1 λ sin φ−= ⇔ = −  (3.4) 

 
Figure 3.1. Schematic diagram of slider-crank mechanism 
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Total force acting on the piston comprises of thermodynamic and inertia terms 

( )2 2
g in g pist l g pist lF( ) F ( ) F ( ) p ( )A m b( ) p ( )A m rω b( ) rωϕ = ϕ + ϕ = ϕ − ϕ = ϕ − ϕ  (3.5) 

This force propagates into the thrust force thrF ( ) F( ) tanβϕ = ϕ  and the force in the 
direction of the connecting rod rodF (φ) F(φ) / cosβ.=  Also, Apist is the piston 
surface area = πD2/4. Piston rings assembly friction force FPRA in Figure 3.1 will be 
discussed in Section 3.3. 

The reciprocating mass ml in Equation 3.5 is given by 

l pist rod lm m m= +   (3.6a) 

whereas for the rotating masses 

r rod r crank eqm m m= +  (3.6b) 

In the above equations, mpist is the mass of the piston assembly (piston, rings, wrist 
pin) and mcrank eq is the equivalent rotating mass of the crank with reference to the 
crankpin.  
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Figure 3.2. Mean and maximum, over each engine cycle, slider-crank mechanism forces 
during a 10–80% load increase transient event (‘total’ denotes the sum of gas and inertia 
forces contribution) 

The connecting rod is usually assumed equivalent to two masses, one 
reciprocating with the piston assembly mrod l and the other rotating with the crank 
mrod r. The following two equations apply with reference to Figure 3.1: 

rod rod r rod lm m m= +   (3.7a) 
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rod l rod rod rod r rodm (L x ) m x− =  (3.7b) 

with xrod the distance between the connecting rod’s center of gravity and its big end 
bearing and mrod the connecting rod mass. It follows then that 

2 2
rod r rod rod l rod rod rodm x m (L x ) G+ − ≠  with Grod the real connecting rod mass 

moment of inertia; the difference is, however, usually negligible. 
Figure 3.2 illustrates the development of some mean and maximum, over each 

engine cycle, slider-crank mechanism forces during a 10–80% load increase 
transient event of a turbocharged diesel engine. Clearly, thrust forces are always of 
much less importance owing to the small connecting rod angles involved, and the 
same holds true for inertia forces (notice the negative sign, actually denoting the 
minimum rather than the maximum value of this force). The latter are not so 
pronounced for the particular operating case depicted in Figure 3.2 owing to the 
relatively low engine speed (recall that inertia forces depend on the engine speed 
squared).  

For the loading of the slider-crank mechanism bearings, the following 
equations can be developed with reference to Figure 3.3: 

0x rod l 0y rod l
F( )B m bsin , B m bcos
cos

ϕ
= − ⋅ β = − − ⋅ β

β  (3.8) 

for the connecting rod small end bearing, 

2
1x rod r pist 1y rod r

F( )B m u cos , B m r cos( )
cos

ϕ
= − ⋅ ⋅ω⋅ β = − ⋅ ω ϕ + β

β  (3.9) 

for the connecting rod big end bearing, 

2
2x 2y rod r

F( ) F( )B sin( ) , B cos( ) m r
cos cos

ϕ ϕ
= ϕ + β = − ϕ + β + ⋅ ω

β β   (3.10) 

for the crank pin (single cylinder contribution), 

2
3x 3y r

1 F( ) 1 F( )B sin( ) , B cos( ) m r
2 cos 2 cos

⎡ ⎤ϕ ϕ
= − ϕ + β = ϕ + β − ω⎢ ⎥β β⎣ ⎦

 (3.11) 

for the crank journal (single cylinder contribution), and 

2
4x r

2
4y r

1B F( ) tan m r sin( )
2
1B F( ) m r cos( )
2

⎡ ⎤= ϕ β + ω ϕ⎣ ⎦

⎡ ⎤= − ϕ + ω ϕ⎣ ⎦

 (3.12) 
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for the main crankshaft bearing (single cylinder contribution).  
The corresponding total bearing force is then given for each case by 

2 2
i ix iyB B B= +

  (3.13) 
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Figure 3.3. Forces distribution for bearing loadings evaluation [1] 
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and the angle θ, shown in Figure 3.3 is calculated from 

1 ix
i

iy

B
tan

B
−

⎛ ⎞
θ = ⎜ ⎟⎜ ⎟

⎝ ⎠   (3.14) 

with i = 0…4 according to the bearing under study. 
Figure 3.4 illustrates the development of maximum bearing loadings during the 

same 10–80% transient step load increase. The response of piston force          
(Fg(φ) = pg(φ) Apist), engine speed and fueling are also depicted in the same figure 
for comparison purposes. 

Figure 3.4. Maximum bearing loadings vs. engine cycle for a 10–80% load increase 
transient event 

The main findings derived from Figure 3.4 are summarized below. 

• Maximum values, over each engine cycle, of all bearing loadings develop 
during a transient event in a way that closely follows the fueling and the 
peak cylinder pressure profiles owing to the dominance of gas pressures on 
the Bi terms. 

 
 

0 5 10 15 20 25 30 35 40 45 50 55 60 65
Engine Cycle

50

60

70

80

90

100

110

120

B
ea

rin
g 

Lo
ad

in
g 

(k
N

)

Piston force
Con.rod small end bearing
Con.rod big end bearing / 
Crank pin
Crank journal / 
Main crankshaft bearing
Con.rod small end bearing
Final Load 95%

1130

1140

1150

1160

1170

1180

En
gi

ne
 S

pe
ed

 (r
pm

)

40

80

120

160

Fu
el

in
g 

(m
g/

cy
cl

e/
cy

l)

Initial Speed 1180 rpm
Initial Load 10% - Final Load 80%

 



 Dynamics 81 

• Turbocharger lag effect is obvious during the first cycles of the transient 
event. 

• The connecting rod’s big end bearing loading equals the crank pin’s one, 
whereas the crank journal’s loading equals the main crankshaft bearing’s 
one. 

• Loading gradually decreases as we move downwards the kinematics 
mechanism, i.e., from the piston towards the crankshaft, as the initial (gas) 
force is ‘propagated’. 

• Contribution of inertia forces is minimal (as regards maximum (absolute) 
values only), primarily due to the low engine rotational speed (cf. the ω2 
term in Equations 3.9–3.12). 
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Figure 3.5. Development of connecting rod and main crankshaft bearing loadings during an 
intermediate cycle of a 10–80% load increase transient event [1] 
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• The crank angle where the maximum loading is observed ranges for all 
bearings and for all transient cycles from 1–4°CA after firing TDC, as is 
also the case with the peak cylinder pressure for the particular engine. 

• As regards loading rate, the maximum increase is observed between cycles 
10–30 where the main part of the increase in fueling occurs; it is of the 
order of 16 kN/s for the specific 10–80% load increase transient. 

Figure 3.5 focuses on an intermediate cycle of the transient event (cycle No. 25, 
where maximum fueling occurs), illustrating the in-cycle build-up of the 
connecting rod and main crankshaft bearing loadings. The contribution of gas force 
is evident during the compression and expansion strokes; however, it is the inertia 
force Fin(φ) that defines the loading profile during most of the open part of the 
cycle, where the cylinder pressure assumes lower values. In the upper diagram of 
Figure 3.5 the above data are illustrated on a polar diagram, which is a more 
common way of depiction in terms of this kind of analysis.  

Lee et al. [2] investigated experimentally the thermal and load stress during 
various transient schedules (starting, shutting down, changing load at constant 
engine speed); consistent with the results presented in the previous figures, they 
concluded that although the force/loading levels increase significantly with 
increasing load, the actual values of the mechanical stress during transients are 
only marginally higher than those corresponding to the respective steady-state 
conditions. 

3.1.2 Crankshaft Torque Balance 

In the general case, the crankshaft is assumed to be a flexible, elastic body that 
may deform during engine operation; the lumped mass model of Figure 3.6 can be 
employed. This illustrates a condensed (crank)shaft model, i.e., rigid enough 
between the cylinders and elastic between flywheel and load. The elastic 
crankshaft rotary motion is excited by the gas and inertia force fluctuation. The 
rotary motion of the shaft is expressed by the following two differential equations 
describing its angular momentum balance based on Newton’s second law of 
motion:1 

2e
e fr S D e

G ( )d 1 dτ ( ) τ ( ) τ τ G ( )
dt 2 dt

∂ ϕω ϕ
ϕ − ϕ − − = +

∂ϕ  (3.15a) 
L

S D L L L
d

τ τ τ ( ) G
dt
ω

+ − ϕ =
 (3.15b) 

In Equations 3.15, Ge is the engine (see next section) and GL is the load (resistance) 
mass moment of inertia, respectively.  

 
                                                 
1 Sir Isaac Newton’s (1642–1727) formulation of second law of motion for rotational systems states that 
the sum of torques acting on a body about a given axis is equal to the product of its rotational moment 
of inertia and the rotational acceleration about the axis.  
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Figure 3.6. Schematic arrangement of the engine-load dynamic system for crankshaft torque 
balance analysis 

Also, ω=dφ/dt is the engine angular velocity and L Lω dφ dt=  is its load 
counterpart. Further, frτ ( )ϕ  is the total (from all cylinders) friction torque and 

cyln

e ei
i 1

τ ( ) τ ( )
=

ϕ = ϕ∑  denotes the total engine indicated torque that includes the 

contribution of gas, inertia and (the negligible) gravitational forces. Individual 
cylinder indicated torque eiτ ( )ϕ  is given explicitly by 
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⎢ ⎥
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 (3.16) 

with pg(φ) the instantaneous cylinder gas pressure and g the gravitational 
acceleration.2 

For the torsional stiffness and damping torques we have, respectively, 

τS = k (φ −φL) (3.17)  

τD = C (ω −ωL) (3.18) 

with k the shaft stiffness coefficient, and C the damping factor (Figure 3.6). 
In most of the cases, however, the crankshaft can be assumed short and rigid 

enough, hence, Lφ φ≡ and Lω ω .≡  Then, by adding both sides of Equations 3.15, 
these are replaced by the following much simpler equation: 

e fr L tot
dτ ( ) τ ( ) τ ( ) G
dt
ω

ϕ − ϕ − ϕ =
 (3.19) 

                                                 
2 For the calculation of total engine torque at the flywheel end, the crank angle difference between 
successive firing cylinders is required in order to formulate ncyl equations similar to 3.16. 
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where Gtot represents the total mass moment of inertia of the engine–load 
configuration reduced to the crankshaft axis.  

For the resistance torque term, τL in Equations 3.15b and 3.19, the following 
relation can be applied (for small speed changes): 

3C
L L 1 2 Lτ (ω ) C C ω= +  (3.20) 

• for a linear load-type (electric brake, generator) C3=1; 
• for a quadratic load-type (hydraulic brake, fixed pitch propeller, vehicle 

aerodynamic resistance) C3=2; and 
• C1 is the speed-independent load term (e.g., road slope – see Section 3.5).  

An even more detailed angular momentum balance can be formulated by taking 
into account all possible crankshaft deformations between pulley, each cylinder (or 
crank) of a multi-cylinder diesel engine, flywheel and load. This eventually leads 
to a system of multiple differential equations (similar to those given in Equations 
3.15), depending on the number of cylinders (cranks) of the engine in question, as 
it is depicted in Figure 3.7 for a six-cylinder engine.  
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Figure 3.7. Schematic arrangement of detailed engine–load dynamic system of an in-line 
six-cylinder engine 

However, as was shown by Rakopoulos et al. [1] the results from such detailed 
crankshaft torque balance in terms of engine rotational speed calculation are only 
marginally different from the simplified Equation 3.19. 

3.1.3 Mass Moments of Inertia 

The total engine mass moment of inertia Ge needed in the crankshaft torque 
balance analysis of the previous section is calculated from the following equation  

e fl coupl cyl r l varG G G n (G G ) G= + + + +  (3.21a) 

Here, the total engine inertia includes flywheel Gfl and, if applicable, elastic 
coupling Gcoupl contribution, with ncyl the number of engine cylinders and Gvar other 
engine-based terms such as gears, pulleys etc.; Gl is the varying, according to crank 
angle, reciprocating masses inertia reduced to the crankshaft axis, given by  
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2
pist2

l l

u ( )
G m r

r
ϕ⎛ ⎞

= ⎜ ⎟ω⎝ ⎠  (3.21b) 

and Gr is the rotating masses moment of inertia, which according to Figure 3.8 is 
computed by 

( )
( )

Crank assembly

2
r w Kr K B rod r

4 4 2 2 2 2
w w K K K B rod r r

Crank cheeks Connecting rod
Crank journal big end bearingCrank pin

G G G m r 2G G

d d d 8r 2G m r m r
32 32

= + + + + =

π π⎛ ⎞ρ + ρ + + + ≈⎜ ⎟
⎝ ⎠

 (3.21c) 

with mr defined in Equation 3.6b, and ρ the material density. Ideally, the 
counterweights moment of inertia should be taken into account in Equation 3.21c. 

Further, by substituting the upist(φ) term from Equation 3.2, into Equation 
3.21b, we get  

2
2 2

l l l
1 1G ( ....) m r m r
2 8 2

λ
= + + ≈  (3.21d) 

which can be used as a very good approximation for the mean, over an engine 
cycle, reciprocating masses moment of inertia. 
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Figure 3.8. Schematic arrangement of crank for calculation of rotating masses moment of 
inertia 

3.2 Governor 

3.2.1 Governor Fundamentals 

Unlike spark ignition engines, the diesel engine’s fuel pump curves are 
characterized by increasing values with increasing engine speed. Even a slight 
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increase in speed from the equilibrium conditions leads to increase in the injected 
fuel quantity, hence engine torque. At idling conditions (without speed regulation), 
engine speed would either increase constantly or decrease to stall. Likewise, after 
cold starting and while the engine operates at idling conditions, engine speed 
would constantly rise due to the gradual decrease in resistance and friction torque 
during warm-up. Hence, the diesel engine, being inherently unstable, particularly at 
low loads and speeds, requires some kind of feedback control in order to maintain 
engine speed. This control is realized through the speed governor that determines 
fueling consistent with current engine operating conditions and requested changes 
in desired engine speed.  

In order to understand the mechanism behind the governor control we need to 
look back into the angular momentum balance of the engine crankshaft     
(Equation 3.19). Since friction and resistance torque are, mainly, dependent on 
engine speed, and, in general, e e fim ,τ ∝ η  with eη the engine brake efficiency, it is 
made obvious that in order to manipulate speed the only engine variable that can be 
externally regulated is the injected fuel quantity fim ;  this regulation is achieved 
through the speed governor. Engine speed regulation is accomplished via negative 
feedback control, i.e., decrease in engine speed causes increase in fueling.      
Figure 3.9 depicts the block diagram of the basic governor action. 

 

 
 

Figure 3.9. Block diagram of typical speed governor operation (N: actual engine speed,   
ND: demand speed, fim :  injected fuel quantity, z: fuel pump rack position) 

The desired or demand engine speed ND (as dictated, for example, by the 
position of the accelerator pedal in passenger vehicles or as set by the governor 
control lever in industrial engines) and the actual engine speed N are the two basic 
inputs to the governor control loop. Any difference in the values of these two 
signals (e.g., decrease in actual engine speed due to sudden load application) 
results in displacement of the governor sensing element; the latter alters the fuel 
pump rack position z, therefore the injected fuel quantity fim ,  and engine      
torque eτ  in order to establish a new equilibrium between engine and resistance 
(load) at a different or even the same rotational speed. 

Governors are either direct or indirect acting. Both types consist of a sensing 
element for the sensing of speed change; the indirect acting governors incorporate 
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also a servomechanism that is connected to the fuel pump rack, correcting the 
fueling. The sensing elements are usually mechanical (with flyweights) or 
electrical/electronic. Servomechanism feedback may be unity or vanishing; the 
vanishing feedback indirect acting governor achieves constant governing (zero 
speed droop after a load change) and is termed isochronous. On the other hand, 
direct acting governors are characterized by permanent speed droop according to 
the applied load change. Direct acting governors apply proportional (P) control, 
meaning that the change in injected fuel quantity is determined by the difference 
between actual and desired speed (power amplification). Isochronous governors 
incorporate proportional plus integral (P-I) control. Finally, a governor may apply 
differential control (P-I-D controller), in which case the fuel pump rack movement 
is also affected by the rate of change of engine speed. In mechanical fuel injection 
systems, the governor is a separate device, usually attached to the fuel pump casing 
(Figure 3.10), whereas in modern, common rail injection systems, the governor 
function is integrated in the engine control unit. 

 

 
Figure 3.10. Mechanical in-line fuel pump incorporating a speed governor. 1: fuel injection 
pump; 2: governor; 3: fuel-supply pump; 4: timing device (reprinted with permission from 
Bosch [3]) 

Figure 3.11a describes in more detail the control loop of a conventional 
mechanical governor fitted on a vehicle engine; it emphasizes on its auxiliary 
functions, i.e., fuel limiting (identified through the input signal of turbocharger 
compressor boost pressure, as was discussed in Section 2.2.2) as well as load 
regulation, starting requirements or altitude compensation (atmospheric pressure 
signal). Figure 3.11b illustrates the much more complex loop of a modern 
electronic governor integrated in the engine ECU receiving several signals from 
various sensors and processing them in a micro-processor. 

If the governor regulates speed at a unique operating condition, for example 
idling, or maximum speed, it is called one-speed governor. A common type of 
automobile governor regulates speed at two distinct speeds, i.e., idle and maximum 
speed and is termed a minimum/maximum governor. In Figure 3.12 this is 
accomplished via two springs of different stiffness, whereas in the middle of the 
operating range, engine output is directly affected by the accelerator pedal position, 
enhancing driveability. When the governor regulates speed over the whole engine 
operating range, it is termed all-speed or variable speed. 
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Figure 3.11. a: Mechanical governor closed-loop control of a vehicle engine. b: Electronic 
governor closed-loop control of a modern passenger vehicle engine (reprinted with 
permission from Bosch [3]) 

 
Figure 3.12. Min-max governor (1: step-up gear, 2: cross-piece, 3: flyweight, 4: support 
bushing, 5: lever, 6: control lever, 7: external spring, 8: internal spring, 9: fuel rack,          
10: clutch) (from Krutov [4], reprinted with permission from the Russian Authors Society) 
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The characteristics of the governor depend upon the specific application. For 
example, the vanishing feedback indirect (isochronous) governor is ideal for 
electrical generation applications, where strict maintenance of engine rotational 
speed is desired irrespective of engine load (see also Figure 1.10). On the contrary, 
vehicular applications require less tight governing, otherwise the driveability of the 
vehicle would be impossible. Agricultural tractors, road-sweeping machines, ships 
etc., use variable speed governors, which regulate speed over the whole engine 
operating range; for example in ships, a variable speed governor maintains each 
defined cruising speed. 

In Figure 3.13, which illustrates a typical variable speed governor, the springs 
are incorporated into the flyweights; the latter move outward within the specified 
adjustment range as long as speed increases. Each control lever position is 
allocated a given speed at which regulation begins. Control lever movement is 
transmitted through the two piece linkage lever and the guide block to the variable 
fulcrum lever, and thus to the control rack.  

 

 

Figure 3.13. Variable speed governor (1: control lever, 2: linkage lever, 3: plate cam,         
4: guide block, 5: fulcrum lever, 6: link fork, 7: full-load stop (automatic), 8: control rack,  
9: pump plunger, 10: start quantity stop, 11: slider, 12: sliding bolt with drag spring,         
13: governor hub, 14: bell crank, 15: adjustment nut, 16: governor spring, 17: flyweight,   
18: camshaft) (reprinted with permission from Bosch [3]) 

Typical steady-state curves of a variable speed governor are illustrated in       
Figure 3.14. In addition to the low- and high-idle (maximum) speeds, this governor 
regulates intermediate speeds independent of engine load; the speed is set at the 
governor control lever. With reference to Figure 3.14, the engine starts with the 
start quantity determined through the automatic starting rack travel. During warm-
up, low-idle speed finally levels off at point L. Full-load regulation follows the 
full-load curve, and torque control takes place between speeds N1 and N2 until 
speed regulation break-away starts at maximum full-load speed following the line 
from Nvo (maximum full-load speed) to Nlo (maximum speed). The remaining 
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curves show the break-away characteristics for the intermediate speeds, whereby 
the increase in speed droop for decreasing engine speed is evident [3]. 
 

 
Figure 3.14. Steady-state curves of a mechanical variable-speed governor (reprinted with 
permission from Bosch [3]) 

 
Krutov [4], Welbourn et al. [5], Webb and Janota [6] and Catania et al. [7] 

discuss various issues concerning governor application and control under steady-
state and transient conditions applying transfer function analysis. They also 
propose equations for modeling the various governor types, as they will be 
described briefly in the next sub-section. Rackmil and co-workers [8] discuss in 
detail the operation of an electro-hydraulic governor and its auxiliary functions 
(buffer system by-pass, compensation cut-off, load regulation and fuel limiting) for 
transient operation of a two-stroke, locomotive diesel engine applying quasi-linear 
engine modeling. 

3.2.2 Governor Equations 

A simple mechanical sensing element, following the Watt principle,3 is illustrated 
in Figure 3.15. Here, the centrifugal force of the rotating flyweights (2) is opposed 
by the spring (9) force. In this sensing element the acting spring is located far from 
the flyweights and opposes their centrifugal force through the lever (10) motion.  

The supporting, i.e., centrifugal force of the flyweights for the mechanical 
sensing element of Figure 3.15 can be expressed by the following relation [4]: 

2
sup se se govF (a b z) N= +  (3.22) 

                                                 
3 James Watt (1736–1819) designed in 1787 a centrifugal governor to control the speed of a steam 
engine. Significant theoretical studies on governing were conducted during the second half of the 19th 
century by C. W. Siemens in 1853 and 1866, and James Clerk Maxwell (1831–1879); the latter 
presented in 1868 before the Royal Society of UK his classic work ‘On governors’ dealing with the 
equations of motion of a closed-loop system, such as the steam engine fitted with a Siemens governor. 
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where se fw oa (nm) r / d= ⋅  and 2
se fwb (nm) ( / d)= ⋅ with n, m the number and 

mass of flyweights, respectively, d, , ro are lengths as shown in Figure 3.15, z is 
the current displacement of clutch (8) ranging from 0 to zmax and Ngov=igov N, with 
igov the transmission ratio between crankshaft and governor axis (typical value 0.5). 

 

 
Figure 3.15. Mechanical speed sensing element (1: spring thrust plate, 2: flyweights,          
3: spring alligned with clutch, 4: weight pivot, 5: lug, 6: governor shaft, 7: cross-piece,       
8: clutch, 9: spring remote from clutch, 10: lever) (from Krutov [4], reprinted with 
permission from the Russian Authors Society) 

The spring (9) restoring force is expressed as follows 

rest tr trF k i (y i z)= +  (3.23) 

where y  is the (constant) prior spring strain (a measure of ‘throttle position’, often 
referred to as the ‘governor setting’) made possible either by moving thrust plate 
(1) or point C of spring (9), k is the spring stiffness (constant or varying with 
engine speed for conical springs with square-law characteristics) and itr=δyB/δz is 
the transmission ratio of the mechanism coupling the clutch (8) with the spring (9) 
by means of lever OB. For itr=1⇒δyB≡δz, which means that the restoring spring 
deformation is equal to the displacement z of the clutch (8). At steady-state 
conditions the above mentioned two forces are in equilibrium, so that it holds 
(neglecting the weight of ballarms and clutch) that 

2 2
se gov gov tr

sup rest 2 2 2
tr se gov

a i N k i y
F F z

k i b i N
−

= ⇔ =
−

 (3.24a) 

For an electrical sensing element the supporting force is electromagnetic; a core of 
known reluctance and cross section area plays the role of the flyweights. A voltage 
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is applied at its ends proportional to the current angular velocity ω of the engine. 
Speed changes are transformed into voltage changes and the core pushes the spring 
or is being pushed by it. Equation 3.22 holds true again, but now ase is a function of 
core reluctance, cross section area and gain factor between engine speed and 
induced voltage at the core edges; bse on the other hand equals zero. By altering the 
prior spring strain y, one manipulates the sensing element equilibrium curve 
(3.24a), the initial operating point and, thus, the whole engine speed response. 

As with almost all aspects of transient operation, the governor steady-state 
curves (Figure 3.14 or Equation 3.24a) differentiate during a load or speed change. 
During transient operation, Newton’s second law of motion for the mechanical 
sensing element of Figure 3.15 states 

2

sup 2p rest gov gov 2
Spring forceSupporting force 2pulse term AccelerationFriction

dz d zF F F f m
dt dt

+ − − =  (3.24b) 

where fgov is the friction coefficient in Ns/m of the governor clutch (mainly a 
function of its speed) and mgov is the mass of clutch and flywheels.  
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Figure 3.16. Effect of pulse governor (differential control) on the transient performance of a 
12 cylinder turbocharged diesel engine driving an electrical generator (reprinted with 
permission from Zellbeck and Woschni [9]) 

The term F2p (=A2pε igov N) exists only for a two-pulse sensing element, i.e., one 
which responds not only to the angular velocity variations but also to the 
crankshaft angular acceleration ones (this kind of feedback was defined in Section 
3.2.1 as differential control). It can, therefore, prove very effective for improving 
engine maximum speed droop, although it may lead to an unstable recovery 
(Figure 3.16). At steady-state conditions it behaves as an ordinary mechanical 
sensing element being governed by the same equilibrium Equation 3.24a, though at 
transient conditions the second term on the left-hand side of Equation 3.24b 
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appears (since angular acceleration ε≠0); term A2p depends on the design of the 
ballhead and its mass moment of inertia.  

 
Figure 3.17. Isochronous governor with P-I feedback (1: driving shaft, 2: oil pump, 3: oil 
pressure accumulator, 4: driving gear, 5: spring prior strain variator, 6: spring upper support, 
7: spring, 8: flyweight, 9: clutch, 10: cross-piece, 11: P-I element spring, 12: feedback lever, 
13: P-I element piston, 14: P-I element, 15: control valve, 16: servopiston, 17: rod) (from 
Krutov [4], reprinted with permission from the Russian Authors Society) 

Indirect acting governors, whether of unity or vanishing feedback, almost 
exclusively make use of hydraulic servomotors as power elements and are usually 
equipped with mechanical sensing elements. In cases where a governor must 
ensure a strictly constant engine speed irrespective of load, vanishing feedback is 
applied, which is a proportional plus integral (P-I) controller (Figure 3.17 with itr=1 
for the sensing element). Depending on the load applied, piston (16) and rod (17), 
coupled with the rack, occupy distinct positions under the steady-state conditions, 
whereas point C is moved to its initial position by means of spring (11) when the 
transient terminates. Since point B of lever (12) occupies one and always the same 
position under all steady-state conditions, point A, coupled with clutch (9) of the 
sensing element, must also occupy one and the same position under all steady-state 
conditions. This may happen only at one and the same angular velocity, set by 



94 Diesel Engine Transient Operation 

support (6), which occupies a permanent position. Thus, after a load change, 
restoration of speed is achieved to its initial value [4]. 

Rakopoulos et al. [10] based on the above analysis of Krutov [4], modeled 
several governor sensing elements and feedbacks; they coupled the analysis with a 
comprehensive, filling and emptying transient simulation code for a single 
cylinder, naturally aspirated diesel engine operating under load increase transients. 
Their analysis revealed the facts detailed below. 

• Geometrical and technical characteristics of the governor affect the engine 
response seriously in terms of speed droop, recovery period and whole 
speed response profile. The impact of each term, however, was sometimes 
conflicting when comparing speed droop and recovery period. 

• Speed droop is favored when the governor is equipped with a mechanical 
sensing element rather than an electrical one (when both possessing the 
same equilibrium curves and initial operating points), while the recovery 
period worsens. On the other hand, two-pulse sensing elements prove even 
more satisfactory due to their dependence on the angular acceleration term, 
which is of great importance during transient operation, but may lead to 
slight instability at the final operating condition, as was documented in 
Figure 3.16. 

• Instantaneous maximum speed droop improves, i.e., it is lower, with higher 
amplification in the servomechanism, though at the expense of final speed 
instability; it also improves with higher values of the number and mass of 
flyweights (nm)fw, sensing element spring stiffness k and sensing element 
spring prior tension y, which lead to initial conditions close to the 
maximum spring deformation. 

• The recovery period deteriorates with smaller values of the mass and 
number of flyweights (nm)fw, low values of P-I element spring stiffness (or 
higher values of P-I element spring friction coefficients for the vanishing  
feedback governor) and extremely high amplification, though the trend is 
not always monotonic. 

• The servopiston surface area, the density of the oil used and the differential 
pressure of the servomechanism all have a marginal effect on the transient 
response of the engine. 

3.3 Friction 

3.3.1 Friction Fundamentals 

Frictional energy losses inside an internal combustion engine arise from the 
shearing of oil films between the various working surfaces, e.g., between piston 
rings and cylinder liner or inside the journal bearings; friction is, thus, interrelated 
with lubrication. Friction energy is ultimately removed as wasted heat by the 
cooling system of the engine. The interest in determining friction losses in engines 
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has increased recently owing to the global requirements for lower fuel 
consumption and decreased CO2 emissions, but also for increased engine 
durability. A detailed review of steady-state engine friction can be found in 
Ferguson and Kirkpatrick [11] and Heywood [12]. In this book, only some basic 
aspects will be discussed that deal with the peculiarities of friction development 
during transient operation. 

An important aspect of friction theory is the mode of lubrication, which, as 
shown in Figure 3.18, can be hydrodynamic, mixed or boundary. In hydrodynamic 
friction, the surfaces are separated by a liquid film, minimizing the respective 
wear. This is the desired lubrication mode during engine operation. As pressure 
increases or speed decreases, oil film thins out to the point where its thickness is 
comparable in size to the surface irregularities. This is the mixed lubrication 
regime. With further increase in load or decrease in speed, the boundary layer 
regime is reached, which, for internal combustion engine applications, is 
experienced, for example, around dead centers for piston rings. In Figure 3.18, the 
Stribeck variable is equal to µN/p, with µ the lubricant dynamic viscosity, N the 
relative speed between the two surfaces, and p the normal stress. The ordinate in        
Figure 3.18 is the friction coefficient, defined as the ratio of shear or tangential 
stress to normal stress acting on a surface. 
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Figure 3.18. Stribeck diagram of friction coefficients for various internal combustion engine 
components 

Engine friction losses comprise of: 1. mechanical friction and 2. accessories 
work (oil-, water-, fuel pumps, alternators, gears, etc.). Following Gish et al. [13] 
in this book, pumping losses are accounted for in the engine bmep by adding both 
closed and open parts’ work and not in the frictional losses.  

Mechanical friction occurs in 

• piston assembly, consisting of compression and oil rings, and piston skirt; 
• valve train; and 
• loaded (main crankshaft and connecting rod) bearings. 



96 Diesel Engine Transient Operation 

Around 40–55% of total friction losses in a diesel engine are attributed to the 
piston assembly friction, 20–30% to loaded bearings, 10–15% to valve train, 
whereas 15–25% is due to engine auxiliary losses. Piston assembly is dominated 
by the rings friction contribution. Ring assembly lubrication is, mainly, 
hydrodynamic, except near dead centers where the oil film breaks down and mixed 
or even boundary (at firing TDC) lubrication is established. Piston skirt friction 
losses are generally much lower since the skirt is separated from the cylinder liner 
by a relatively thick oil film and the gas pressure load has already been largely 
carried out by the rings; lubrication is here hydrodynamic. Lubrication in the valve 
train is both boundary and mixed, with the respective frictional losses occurring at 
the cam-tappet interface, camshaft bearings, valve guides and seals, and at the 
rocker arm–fulcrum contact. Hydrodynamic lubrication is established in loaded 
bearings, with mixed conditions assumed around firing TDC, where loading 
increases considerably. Finally, auxiliary mechanical losses are, mainly, 
proportional to engine speed.  

Ultimately, engine friction reduces the work produced by the thermodynamic 
gas processes inside the cylinder, and can therefore be calculated from the 
difference between indicated and brake work as it is described in the following 
equation on a fmep (friction mean effective pressure) basis 

fmep imep bmep= −  (3.25) 

For the calculation of engine friction, the following three approaches have been 
applied [14–17]: 

1. global evaluation of mean, over the engine cycle, fmep equations; 
2. evaluation of separate mean fmep equations for each component 

(bearings, valve train, etc.) mentioned above; and 
3. evaluation of instantaneous friction components contribution at each 

degree crank angle. 

In the first approach, which is the most frequently applied, use is made of the 
following general type equation: 

max pistfmep α β p γu= + +  (3.26)   

where pmax is the peak cylinder pressure, pistu S N / 30= ⋅  is the mean piston 
velocity, and α, β and γ are constants specific for each engine that are derived after 
calibration against experimental data at steady-state conditions.  

However, it is a well-known fact that friction torque varies significantly during 
an engine cycle (Figure 3.19); its magnitude compared with brake torque is not 
negligible, particularly at low loads where the most demanding transient events 
commence. Modeling of friction is, however, difficult due to the interchanging 
nature of lubrication and the large number of components that cannot easily be 
isolated, experimentally investigated, and studied separately even at steady-state 
conditions. 
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Figure 3.19. Instantaneous friction torque during an engine cycle 

3.3.2 Development of Friction Torque during Transients 

Many techniques of varying accuracy and complexity have been employed so far 
for measuring mean friction torque over an engine cycle at steady-state conditions. 
The most usual ones are: motoring method (here, with partial engine disassembly 
the distribution of individual components friction can be also estimated), Willans 
line (extrapolation of bmep vs. fuel flow lines to the point of zero fueling), Morse 
test (one cylinder in a multi-cylinder engine is not fired, reducing accordingly the 
engine total power) and indicator diagram method (subtraction of bmep, as found 
from dynamometer measurements, from imep, as computed from cylinder pressure 
measurements). For the continuously variable speed and fueling conditions, 
however, of a transient event, these techniques cannot be applied. Instead, 
instantaneous, total (from all components) transient friction torque can be 
measured, without need for engine modification, using  

• a torque-meter (transducer) between engine and load for the instantaneous 
resistance torque measurement; 

• a piezo-electric transducer for in-cylinder pressure measurement; 
• an electromagnetic pick-up or shaft encoder for capturing instantaneous 

engine speed; 
• a comprehensive storing and accurate data analyzing system; 
• solution of Equation 3.19 for the unknown friction torque term, using the 

above-mentioned signals after they have been carefully treated and phased, 
i.e., 

fr e L tot
dτ ( ) τ ( ) τ ( ) G
dt
ω

ϕ = ϕ − ϕ −  (3.27) 
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Solution of Equation 3.27 can be employed for friction torque evaluation at each 
degree crank angle during steady-state conditions too, as was the case in        
Figure 3.19.  

Since the technical difficulties involved are considerable, unsurprisingly there 
is a scarcity of experimental results regarding development of (components) 
friction torque during transients. Figure 3.20, taken from the work of Winterbone 
and Tennant [18], shows the variation of mean values over an engine cycle for all 
torque terms of Equation 3.27 during a load acceptance transient event of a six-
cylinder, turbocharged, truck diesel engine applying the above-mentioned 
experimental procedure.  
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Figure 3.20. Development of mean, over each engine cycle, transient torque terms during 
acceleration of a turbocharged diesel engine (experimental results reprinted with permission 
from SAE Paper No. 810339 [18], © 1981 SAE International) 

 
The interesting finding from Figure 3.20 is that the friction torque level 

overshoots the final steady-state value as the load is applied; this overshoot was 
estimated between 50 and 100% of the final level of friction. Winterbone and 
Tennant [18] concluded that during transients, friction is characterized by non-
steady-state behavior, differentiating engine response and performance when 
compared with the corresponding steady-state values predicted by Equation 3.26. 
Consequently, they proposed that friction torque should generally be overestimated 
by some percentage during the transient event to account for the peculiarities of 
transient operation.  
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The postulated reasons for the apparent increase in friction during transients are 

• during the first cycles of the transient event, oil temperature is still low 
(lower than at the corresponding steady-state operation for the same fueling 
and engine speed) resulting in higher friction losses compared with steady-
state conditions (cf. Figure 9.10 for the effects of oil temperature on 
viscosity, hence friction loss); 

• crankshaft deflection is not the same as for the respective steady-state 
conditions; and 

• crankshaft is distorted due to the additional torque being transmitted during 
both acceleration and deceleration (see also Section 3.4), and also due to 
the release and absorption of angular momentum stored in the crankshaft 
mechanism. 

Figure 3.21 illustrates the development of the instantaneous upper piston ring 
friction coefficient during an early cycle of a load increase transient of a 
turbocharged diesel engine; it refers to simulated results from an experimentally 
validated transient diesel engine simulation code [1, 19] incorporating a detailed 
(on a degree crank angle basis) friction model. It is observed that the period of 
mixed lubrication lasts longer around firing TDC than around the other three dead 
centers in the cycle. This is due to the increased piston ring friction force FPRA 
resulting from increased gas pressures during the closed part of the cycle. The 
important finding from Figure 3.21 is that the friction coefficient development 
(profile and absolute values) remains practically unaltered for each cycle of the 
transient event (only the duration of mixed lubrication around firing TDC may 
increase slightly with increased loading/fueling); the maximum value of friction 
coefficient is determined by the condition of the wall material boundary 
lubrication. Thus, the values of the corresponding mean or maximum – over an 
engine cycle – piston rings friction force or torque during the transient event are 
determined solely by the mean or maximum gas pressures, respectively.  
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Figure 3.21. Development of upper piston ring friction coefficient during an early cycle of a 
10–75% load increase transient event (simulation results) 

Figure 3.22 focuses on the development of the reduced transient ‘fmep’ term, 
which can be identified as follows: 
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720

fr
0

trans
pist

2π τ (φ)dφ
(fmep)

A r
=

∫
 (3.28) 

This fmep response arises from the synergistic effect of gas pressure (through fuel 
pump rack position response) and engine speed development. Bmep development 
for cylinder No. 1 of the six-cylinder engine under study is also provided on this 
figure for comparison purposes. 

Figure 3.22. ‘Reduced’ fmep development vs. engine cycle for a 10–75% load increase 
transient event 

 
Loaded bearings and auxiliaries are mostly dependent on engine speed, whereas 

the impact of gas pressure is dominant for the piston rings assembly. This is 
highlighted in Figure 3.23, which shows the development of the various friction 
components’ reduced fmep for the same transient load increase of Figure 3.22. The 
dominance of the piston rings assembly is obvious for the present engine (five 
piston rings in total, of which the two oil rings each have 6 mm width). An 
increasing loading, i.e., increased fueling, and hence gas pressures throughout the 
transient event are responsible for the increase of piston rings friction values. The 
primary mechanism here is the increase of piston rings and skirt friction forces, 
although the corresponding values of the Stribeck diagram and friction coefficients 
behave in an opposite way. On the other hand, piston rings friction force generally 
decreases with a decrease in engine speed, due to the lower values of mean piston 
speed as the load increase develops. For the examined transient event, however, the 
effect of engine speed is modest, owing to the small speed droop observed. All the 
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other friction terms have smaller contribution to the total transient fmep, especially 
at the low engine speed under study. This holds, particularly, for the loaded 
bearings term, which is heavily dependent on engine speed. Only the auxiliaries’ 
friction exhibits a markedly increasing trend during the transient event, due to the 
significant increase in injected fuel quantity from cycle 15 onwards.  

 
 

0 5 10 15 20 25 30 35 40 45 50 55 60 65
Engine Cycle

0.0

0.1

0.2

0.3

0.4

C
om

po
ne

nt
s 

'R
ed

uc
ed

' f
m

ep
 (b

ar
)

Total
Piston rings assembly
Loaded bearings
Valve train
Auxiliaries
Mean oil film thickness

0.8

1.0

1.2

1.4

1.6

1.8

3.8

4.0

4.2

4.4

4.6

4.8

5.0

O
il 

Fi
lm

 T
hi

ck
ne

ss
 (µ

m
)

Initial Conditions: 1180 rpm, 10% Load
Final Conditions: 1140 rpm, 75% Load

 
Figure 3.23. ‘Reduced’ components fmep and mean oil film thickness vs. engine cycle for a 
10–75% load increase transient event 

3.4 Crankshaft Torsional Deformation 

An important aspect of internal combustion engine operation is that instantaneous 
engine torque fluctuates significantly during an engine cycle even under steady-
state conditions. The main mechanism behind this is the cyclic nature of gas 
pressures and inertia reciprocating forces. This fluctuation may be of considerable 
magnitude, particularly during turbocharged diesel engine operation, where the 
cylinder pressure assumes very high values. On the other hand, resistance (load) 
torque remains practically constant during a cycle, owing to the adequately low 
non-uniformity of rotation; the latter being, mainly, determined by the flywheel 
mass moment of inertia. As a result, a significant fluctuation occurs in the 
instantaneous net (engine minus load) torque that eventually leads to cyclic speed 
irregularities, twists between individual cranks of a multi-cylinder engine and, 
finally, torsional (angular) deformation of the whole elastic crankshaft affecting 
also the bearing oil film thickness. Crankshaft deformation is further enhanced 
during transient operation owing to the dynamic instability induced by the 
considerable deficit of torque, during the early cycles of the transient event after a 
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new, increased, load has been applied, or due to the considerable surplus of torque 
after abrupt fueling increase. With reference to Equations 3.15, the instantaneous 
torsional deformation of the crankshaft due to the torque difference between engine 
and load is defined as (φ–φL). Figure 3.24 illustrates the development of crankshaft 
torsional deformation during typical, steady-state operation of a single-cylinder 
diesel engine. This figure should be studied in conjunction with Figure 3.25 that 
depicts the development of all torque contributors during the same engine cycle 
[20]. 
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Figure 3.24. Development of crankshaft torsional deformation during steady-state, single-
cylinder operation for two different engine loads (simulation results) 

During compression (0–180°CA), a deficit of gas torque is observed that leads 
to engine speed decrease (upper sub-diagram of Figure 3.25) and to the ‘negative’ 
crankshaft deformation shown in Figure 3.24; torque, speed and deformation all 
peak around ‘hot’ TDC. After the start of combustion, there is a surplus of torque, 
as now the engine enters the power producing phase of operation. Consequently, 
‘positive’ deformation is established, while the instantaneous engine speed 
increases. This lasts for the whole expansion stroke. The considerably higher 
amount of engine torque produced during expansion leads to the greater local peak 
in crankshaft deformation, i.e., for the present engine 0.16° occurring at about    
55°CA after ‘hot’ TDC, compared with the local minimum of –0.03° at 180°CA 
(70% load operation in Figure 3.24).  

The main mechanism behind the crankshaft torsional deformation profile, over 
an engine cycle, is clearly the gas torque because of its direct impact on the total 
engine torque; in fact, Chen and Chen [21] concluded that torsional angle 
amplitude is, practically, a linear function of the corresponding gas torque. Closer 
examination of Figure 3.24 reveals that inertia torque influence is also present, 
mainly during the open part of the cycle where the cylinder pressure is low, as well 
as during the second half of compression. For the present engine the inertia 
contribution is rather small, due to the low engine speed (recall from Equation 3.5 
that inertia forces vary according to the square of the engine speed). 
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Figure 3.25. Engine speed and various torque contributors build-up during steady-state, 
single-cylinder engine operation (simulation results) 

An interesting finding is that stiffness and damping instantaneous torques may 
indeed reach high values during an engine cycle. The profile of stiffness torque 
follows the torsional deformation as dictated by Equation 3.17. The profile of 
damping torque is indicative of the instantaneous difference between engine and 
load speeds (ω–ωL). Owing to the ‘internal inertia’ of these ‘processes’, the 
respective torque peaks observed in the center sub-diagram of Figure 3.25 may be 
delayed compared with the initiating gas torque or cylinder pressure. However, 
despite their relatively high instantaneous values, both stiffness and damping 
torque mean (over the engine cycle) values are negligible compared with their gas 
or load counterparts.  

The torsional deformation for the 25% load is also depicted in Figure 3.24 for 
comparison purposes. Here, lower maxima of crankshaft deformation are, overall, 
observed. This was intuitively expected because of the lower values of fueling and 
consequently engine gas torque produced during this cycle (inertia forces retain the 
same values as in the 70% load case, since engine speed is the same). Likewise, 
smaller deformations are experienced in naturally aspirated diesel or in spark 
ignition engines, where cylinder pressures are much lower. In the latter cases, a 
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greater influence of inertia torque is also expected, particularly for small SI 
(automotive) engines operating at high rotational speeds. 

Figure 3.26 expands the previous findings to the transient operation illustrating 
the development of the maximum and the mean, over each engine cycle, 
deformation and stress for a typical 10–80% load increase transient event of a 
turbocharged diesel engine.  

Figure 3.26. Development of the maximum and mean, over an engine cycle, crankshaft 
torsional deformation and stress during a 10–80% load increase transient event (simulation 
results) 

 
Initially, the deformation is negligible due to the low engine load (cf. Figure 

3.24). As the governor responds to the drop in engine speed caused by the abrupt 
load increase, fueling increases too (right side sub-diagram of Figure 3.26) leading 
to higher gas pressures and torques throughout the cycle; this results in greater 
maximum and mean, over the engine cycle, deformations. It is important to note 
that the instantaneous maximum deformation is considerably higher (up to 50% for 
the specific engine transient) than the respective mean value in the same cycle; this 
fact justifies the analysis on a degree crank angle basis, in order to be able to 
estimate the ‘true’ maximum stress (left sub-diagram of Figure 3.26) that is 
instantaneously experienced by the (crank)shaft, i.e., 

max max e L max
d dσ ( )

2 2
Θ Θ

= ∆ϕ = ϕ − ϕ  (3.29) 

where Θ is the shear modulus and d,  are the shaft diameter and length, 
respectively, between engine flywheel and load (shown in Figure 3.6).  

It should be pointed out here that the evolution of transient maximum or mean, 
over the engine cycle, deformation and, hence, stress develop in a different way 
compared with the corresponding steady-state engine operation points (i.e., at the 
same engine speed and fuel pump rack position). The difference is, mainly, 
attributed to 
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• the different air–fuel equivalence ratios experienced during transients 
owing to the turbocharger lag, which significantly affects the air-mass 
flow-rate, particularly during the early cycles of the transient event; and 

• the transient operation of the fuel pump that differentiates from the steady-
state fuel pump curves. 

The above remarks are expanded in Figure 3.27, by showing the ‘wave’ of 
crankshaft deformation build-up for several cycles of a similar transient event. 
What is interesting here is that the increase in loading/fueling during the transient 
event leads also to greater in-cycle deformation fluctuations; the respective 
deformations between individual cylinders are, as expected, much smaller owing to 
the higher stiffness involved. 
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Figure 3.27. Development of torsional deformation between engine and load (upper sub-
diagram) and between cylinders 3 and 4 (lower sub-diagram) during various cycles of a six-
cylinder engine load increase transient event (simulation results) 

3.5 Introduction to Vehicle Dynamics 

Application of Transient Cycles for exhaust emission certification of passenger, 
light and heavy-duty, diesel-engined vehicles has pointed out the importance of 
studying the transient operation of the whole vehicle and not just of the engine. To 
this aim, all vehicle’s sub-systems need to be properly investigated; the 
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interconnection between engine, transmission and suspension/tire/road system are 
of particular importance in determining performance, fuel consumption and 
exhaust emissions. The latter interconnection induces a much higher degree of 
complication in the relevant studies (particularly if some kind of hybridization 
scheme is involved – Section 6.5.4), which need to be extended accordingly in 
order to account for the various dynamic and control issues incurred. 

3.5.1 Simplified Analysis 

Figure 3.28 illustrates a simplified engine powertrain module, consisting of the 
engine, (manual) transmission, final drive-train and wheels; this can be usually 
considered as an adequate first approximation for engine–vehicle powertrain 
studies.  

 

 
Figure 3.28. Schematic arrangement of simplified engine–gearbox–wheel drivetrain 
 

 
With reference to Figure 3.28, Newton’s second law of motion, expressed on 

the crankshaft axis, states [22–24] 

[ ] L
e fr A V

gear

τ dτ ( ) τ ( ) G
dt
ω

ϕ − ϕ − = τ =
η

 (3.30) 

The above relation holds true when the clutch is engaged, i.e., speed NC equals 
engine rotational speed N. For the case where the gears are not engaged (NC≠N), 
Equation 3.30 is transformed into 

L
V

gear

τ dG 0
dt
ω

+ =
η

 (3.30a) 

In Equation 3.30, engine brake torque e fr(τ τ )−  is absorbed by the resistances to 
the vehicle’s motion Lτ or by the vehicle acceleration Aτ . Further, we can assume 
that the various gears (clutch, gearbox, back-axle) absorb another portion of the 
engine brake torque owing to viscous and mechanical losses; the latter is defined 
through total gear efficiency ηgear. Also, NS is the speed of the propeller shaft (if 
applicable), NA the wheel rotational speed, ib is the back-axle ratio and ig the 
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engaged ratio in the gearbox; the latter ratios are defined as follows with reference 
to Figure 3.28 

C
g

S

N
i

N
=  and S

b
A

N
i

N
=  (3.31) 

Instantaneous speed reached by the vehicle is then given by 

3C
wheel

b g

N (rpm)
V(km / h) 2 r 60 10

i i
−= π ⋅ ×  (3.32) 

The main concern in this kind of study, apart from the correct engine torque 
evaluation, is the accurate estimation of the various resistances to the vehicle’s 
motion. The three forces, which a vehicle experiences on the road (a fourth term is 
also present in the more general case where the vehicle tows a trailer), are 
acceleration dependent inertia force, velocity dependent resistive force, and grade 
dependent force. Total traction force Ftr is given by 

tr a r grF F F F= + +  (3.33) 

The various terms in Equation 3.33 are defined as follows: 

• The aerodynamic force Fa is given by 

2
a α d f

1F ρ c A V
2

=  (3.34a) 

with Af the vehicle frontal area, ρα the air density and cd the vehicle aerodynamic  
resistance (drag) coefficient.  

• The rolling resistance force Fr is given by 

( )r V trF m f c V= +  (3.34b) 

The latter incorporates the tire rolling resistance (through friction coefficient f), the 
tire deformation, the friction in the wheel bearing and any other friction elements 
that are a function of the vehicle motion (defined through vehicle speed V); mV is 
the loaded mass of the vehicle.  

• The resistance due to road grade is given by 

gr VF m gsin= θ  (3.34c) 

Grade is defined as the ‘rise’ over the ‘run’, being the tangent of the grade angle θ; 
grade may reach up to 4% in main roads and 10–12% in secondary roads.  
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For the resistance (traction) torque it holds that tr tr wheelτ F r .= This traction 
torque τtr needs to be reduced to the crankshaft axis in order to be used in Equation 
3.30 

L tr
b g

1 1τ τ
i i

⎛ ⎞⎛ ⎞
= ⎜ ⎟⎜ ⎟ ⎜ ⎟⎝ ⎠ ⎝ ⎠

 (3.35) 

Finally, the vehicle’s total moment of inertia, reduced to the crankshaft axis, is 
given by 

22
2

V V wheel e other
b g

1 1G m r G G
i i

⎛ ⎞⎛ ⎞
= + +⎜ ⎟⎜ ⎟ ⎜ ⎟⎝ ⎠ ⎝ ⎠

 (3.36) 

with Ge the engine moment of inertia as discussed in Section 3.1.3 and Gother the 
inertia of wheels, tires, etc. (when reduced to the crankshaft axis). Both Ge and 
Gother terms are usually very small compared with their vehicle mass counterpart, 
particularly for large vehicles. 

Using the previous relations, engine acceleration dω/dt from Equation 3.30 is 
finally given by 

( )
( )2

α d f V tr V wheel
b g

e fr
gear

22
2

V wheel e var
b g

1 1ρ c A V m f c V m g sinθ r
2 i i

τ τ
ηdωε

dt 1 1m r G G
i i

⎛ ⎞⎛ ⎞+ + + ⎜ ⎟⎜ ⎟ ⎜ ⎟⎝ ⎠ ⎝ ⎠− −

= =
⎛ ⎞⎛ ⎞

+ +⎜ ⎟⎜ ⎟ ⎜ ⎟⎝ ⎠ ⎝ ⎠

(3.37) 

It is obvious from the above analysis that the lower the engaged gear (this 
means high ig), the smaller the total vehicle moment of inertia GV, resulting in 
quicker acceleration according to Equation 3.37. On the other hand, the higher the 
engaged gear, the lower the acceleration rate, but the higher the vehicle speed as 
calculated from Equation 3.32. The latter remarks can be validated by a numerical 
example. Typical first gear reduction in a gearbox is around 9 for a 30 tn, 350 kW 
truck; combined with ib=5.5 reduction ratio in the rear axle and 0.55 m wheel 
radius produces a total vehicle mass moment of inertia (excluding engine inertia 
Ge) st1 gear 2

VG 30,000 (0.55)= ⋅ ( ) ( )2 21 1
9 5.5  = 3.70 kg m2. The latter is of the same 

order of magnitude as the engine moment of inertia. For the ninth gear, however, 
the respective inertia is th9 gear 2

VG 30,000 (0.55)= ⋅ ( ) ( )2 21 1
0.8 5.5  = 468 kg m2, or 

almost 130 times the inertia of the first gear. 
 

Various driving modes can be studied using the above-mentioned analysis, e.g., 
starting the vehicle from rest, shifting into higher or lower gear, climbing a hill, 
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etc. Winterbone et al. [22] discuss some of them; for example, shift into higher 
gear comprises of  

• clutch disengagement and isolation of the engine from the vehicle after the 
maximum engine speed is achieved; the gear lever is moved to the next 
higher gear; 

• the fuel pump rack is set to its minimum position (when the driver removes 
his foot from the accelerator pedal). Consequently, the engine decelerates 
until it reaches a speed equal to the current vehicle speed in the higher gear 
selected; the vehicle continues to roll, driven by the inertia of the system; 
and 

• the clutch is engaged; the driver fully depresses the accelerator pedal and 
the rack moves to its maximum position; the engine and vehicle accelerate 
up to the maximum engine speed. 

Figure 3.29 is a typical result of an upward gear change schedule commencing 
from standstill; it refers to a six-cylinder, turbocharged diesel engine of 11.32 L 
displacement volume, rated at 175 kW at 1800 rpm, mounted on a 32 t truck with 
6.51 m2 frontal area [22]. 
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Figure 3.29. Up-gear change schedule of a turbocharged truck (experimental results 
reprinted with permission from SAE Paper No. 770122 [22], © 1977 SAE International) 

The impact of turbocharger lag is here less prominent compared with load 
acceptance cases of the same engine. This is due to the fact that the acceleration of 
the engine helps the build-up of boost pressure. The first 5 s are the most critical 
part of the transient; this interval is influenced by turbocharger lag and system 
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dynamics significantly more than the rest of the test, since the initial turbocharger 
speed and available exhaust gas enthalpy are minimal. As a result, smoke 
emissions are expected to peak during this period too. As the engaged gear 
increases, so does the inertia of the whole vehicle (Equation 3.36) leading to 
slower acceleration at higher engine and vehicle speeds. 

Interestingly, the study of a similarly rated six-cylinder, two-stroke, 
turbocharged (with an additional Roots blower prior to the turbocharger 
compressor) diesel engine of 9 L displacement volume, having 37% more torque 
than its four-stroke counterpart of Figure 3.29, revealed 43% higher acceleration 
rate when both engines are installed in the same truck; the comparison concerned 
sixth gear acceleration [25]. The better response of the two-stroke engined truck 
was attributed to its Roots blower; the latter’s steep pressure ratio vs. mass flow 
characteristics, typical of a positive displacement device (cf. Figures 2.5 and 2.7), 
resulted in an almost immediate rise in engine boost pressure, diminishing 
turbocharger lag and therefore aiding faster engine and vehicle acceleration.  

3.5.2 Detailed Vehicle Dynamics Study 

The analysis of Section 3.5.1 does not take into account special vehicle dynamic 
issues, e.g., suspension effects, multiple driving axles, etc. Consequently, the study 
is engine rather than vehicle oriented. For the latter, more detailed analysis is 
needed treating the vehicle as separate lumped masses; the lumped mass 
representing the body is the ‘sprung mass’, and the wheels and axle masses 
supported by the tires are denoted as ‘unsprung masses’. Such powertrain analyses 
incorporating detailed vehicle dynamics can be used [24, 26, 27] 

• to obtain general vehicle performance data; 
• for fuel consumption and exhaust emissions prediction during real driving 

conditions (gear shift, Transient Cycles); 
• as hardware-in-the-loop development tools. An example is in the 

development of an electronic control module for a powertrain component. 
Typically, the control module may be simulated in software, and its 
performance can be assessed by coupling this simulation to the simulated 
component, e.g., an engine and an engine control module system 
simulation; 

• as vehicle simulators; 
• as design tools to assist the design engineer early in the vehicle 

development process; 
• for control system design; and 
• for enhancing vehicle driveability. 

Owing to the obvious experimental difficulties involved, detailed vehicular 
transient performance studies have been carried out, mainly, on a simulation basis 
[28–31] based on a modular modeling philosophy. In the following paragraphs, the 
analysis will be primarily based on the work conducted by Assanis and co-workers 
[29, 31]. Although this is not the place to discuss in detail vehicular dynamic 
issues, a few representative arguments will be made to aid the analysis of the 
following chapters. 
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A detailed vehicle dynamic simulation approach includes 

1. the engine module describing the in-cylinder and manifolds thermo- 
dynamic processes; 

2. the driveline module consisting of the torque converter, transmission, 
propeller shafts, differential, and drive shafts; this provides the connection 
between the engine and the vehicle dynamics module (see Figure 3.30); 

3. the vehicle dynamics; 
4. traction resistance as already described in Section 3.5.1; and 
5. appropriate integration of all the above-mentioned modules. 

A typical powertrain system of a 4×2 truck (i.e., vehicle having two axles, the 
front-one steering and the rear-one driving) is shown in Figure 3.30.  

 

 
 

 
Figure 3.30. Upper: Schematic diagram of truck drivertrain with automatic transmission. 
Lower: Drivetrain of a 9 L displacement volume diesel-engined truck (courtesy of Scania 
CV AB, Illustration: Semcon Informatic Graphic Solutions) 

The (turbocharged diesel) engine is connected to the torque converter, whose 
output shaft is then coupled to the automatic (or automated manual, or 
continuously variable) gearbox, propeller shaft, differential and two driveshafts, 
coupling the differential with the driven wheels. For manual gearbox, the engine is 
directly connected to the transmission via the clutch.  
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The torque converter input shaft, on the one end, and the wheels, on the other 
end, are the connecting points for the engine and the vehicle dynamics modules, 
respectively. The torque converter is usually a fluid coupling, utilizing 
hydrodynamic principles to amplify the torque input to the transmission at the 
expense of speed. It consists of an impeller, stator (reactor), and turbine (runner). 
The impeller is connected to the engine output shaft, and the turbine to the 
transmission input shaft. The stator is connected to the torque converter housing 
via a one-way clutch. The presence and arrangement of the stator cause the torque 
converter to act as a torque multiplication device when operating at low speed 
ratios, and as an approximately direct-drive fluid coupling at higher speed ratios. 
The speed ratio is defined as the ratio of turbine speed to impeller speed. The 
torque converter’s output shaft is connected to the automatic transmission with 
planetary gears. The transmission output torque is multiplied by the transfer case 
gear ratio to determine the torque transmitted to the differential. The latter 
determines the acceleration of gears based on propeller shaft torques and inertias. 
On the one end, the instantaneous shaft speed is determined by the differential 
output; on the other end, the shaft speed is equal to the wheel speed.  

Vehicle dynamics describe the motion of the selected rigid bodies (wheels, 
axles, suspension and vehicle body) that are allowed to move in space in the 
longitudinal and heave direction, subject to forces/moments and rigid constraints. 
A single degree of freedom can be selected in which the vehicle mass is assumed 
lumped at the center of gravity; such approach is best suited for vehicle 
acceleration on flat roads. Complexity can be enhanced with more degrees of 
freedom, as more severe excitations (road roughness, steering, braking, etc.) are 
introduced. This is essential for the investigation of vehicle–powertrain interactions 
during extreme transients that induce significant pitch motion. The dynamic 
behavior of sprung and unsprung masses components are coupled through the 
road/tire interaction. The input to the system is the road profile. The torque from 
the driveline is applied to the wheel hub, and the available traction force to 
accelerate the vehicle is affected by the wheel slip. The traction force increases 
linearly with the wheel slip and it saturates when it reaches a value that is equal to 
the tire normal force multiplied by the road/tire friction coefficient µ.  

Figure 3.31 illustrates the powertrain integration methodology of the detailed 
dynamic vehicle analysis, focusing on the key parameters of each module. One of 
the main difficulties encountered in such studies is the appropriate link between the 
engine simulation module with its multi-body vehicle dynamics counterpart. The 
difficulty arises because of the different time steps required for the solution of the 
differential equations in each module. The engine module requires a time step of 
the order of 1°CA, which is much too small for the vehicle dynamics. 

The goal of integration is to find the optimum operating mode for the whole 
powertrain, not just separate parts of it. A major enabling technology in the area of 
powertrain system integration has been the introduction of CAN (Controller Area 
Network) bus or similar digital communication links, now almost universally fitted 
to the vehicle ECUs. Complex time critical control tasks can be distributed among 
a group of controllers co-operating via such a bus. Various configurations may be 
employed, and a supervisory controller could govern the separate engine and 
transmission control systems.  
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Figure 3.31. Powertrain system integration methodology (adapted from Assanis et al. [29]) 

A typical result from a detailed vehicular modeling approach was reproduced in 
Figure 1.16 concerning a turbocharged 4×2 truck during the US Highway Driving 
Cycle. 
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4 

Experimental Measurements 

4.1 Introduction: Steady-state Test Bed Review 

Steady-state testing involves measuring and analyzing performance at discrete 
points within the engine speed and load operating range using an appropriately 
instrumented experimental test bed; this subject has been treated in detail by Zhao 
and Ladommatos [1] and partly by Stone [2]. Before data are logged, the engine is 
allowed to settle at each operating point. A basic engine steady-state test cell, 
usually comprising of a single-cylinder reciprocator, typically consists of the 
following devices or measurement points:  

• dynamometer (brake) for monitoring and control of the power output; the 
latter is established through measurement of the load absorbed by the 
torque reaction on the dynamometer casing. The torque reaction can be 
electromagnetic or electric or hydraulic. In the former case, reference is 
made of an eddie-current dynamometer applying electromagnetic braking 
with eddie currents dissipated by a thin rotor into a flow of cooling water. 
An electric dynamometer can be of the DC or AC type with varying field 
strength; it can act either as a generator absorbing the engine power or as a 
motor for starting the engine and for motoring tests in order to evaluate the 
engine mechanical losses. Quite frequently, water brakes are used, which 
consist of a vaned rotor turning adjacent to a pair of vaned stators and with 
sluice gates separating the stators from the rotor, thus controlling the 
absorbed load. More advanced hydraulic dynamometers such as hydrostatic 
or variable fill are often applied; 

• gravimetric tank to time the average consumption of a fixed volume, or a 
mass flow-meter for measuring the fuel consumption rate; 

• air-flow meter for measuring the inlet air-supply, e.g., by connecting the air 
intake to a large rigid box with an orifice at its inlet or via a viscous flow-
meter or via positive displacement (Roots type) flow-meter or via hot-wire 
anemometer; 



116 Diesel Engine Transient Operation 

• for engine rotational speed evaluation a shaft (optical) encoder is usually 
employed that generates an output signal in the form of a series of clock 
pulses. Many researchers apply an electro-magnetic pick-up TDC marker 
installed on the flywheel housing opposite to its tooth gears, in such a way 
to produce a pulse signal indicating the presence of a tooth on the flywheel 
ring gear; 

• flush-mounted (water-cooled) piezo-electric transducer, appropriately cali-
brated and coupled to a charge amplifier for continuously monitoring the 
cylinder pressure; in this case, an assumption has to be made regarding the 
minimum pressure recorded in the cycle, e.g., being equal to the inlet 
manifold pressure. The start of combustion can then be calculated from the 
abrupt increase of this transducer’s signal in the vicinity of ‘firing’ TDC. 
Alternatively, a piezo-resistive transducer can be applied; 

• strain gauge or piezo-electric transducer for capturing the injector fuel line 
pressure (static injection timing is calculated from the abrupt increase of 
this transducer’s signal); 

• exhaust gas analyzers fitted through a diluted heated line (except for CO) 
into the exhaust pipe; most usually, these are of the chemiluminescence 
type for nitrogen oxides emissions (a technique depending on the emission 
of light), flame ionization detector (FID) for unburned hydrocarbons, infra-
red radiation absorption for carbon monoxide and dioxide, light beam 
obscuration or fouling of a filter paper for smoke emissions and integrated 
filter measurement for particulates mass (a filter collects the particulates, 
increasing accordingly its weight); 

• ‘J’ or ‘K’-type thermocouples for measuring the temperature of the exhaust 
gas after the cylinder; 

• engine oil and cooling water temperature control; 
• storage oscilloscope for an initial assess of the in-cylinder and fuel line 

pressure signals; 
• software for storing the captured data on a computer; 
• control of the data acquisition system by a functional computer code 

capable of processing the stored data. 

Depending upon the type of engine and/or specific experimental investigation, 
the following may also be part of a more sophisticated steady-state engine test cell: 

• injector needle lift measurement via gap sensor or via variable inductance 
system or via Hall effect transducer in order to detect dynamic injection 
timing; 

• turbocharger compressor boost pressure manometer; 
• thermometers for compressor inlet and exit temperatures and aftercooler 

exit temperature; 
• turbocharger rotational speed measurement, e.g., by using a stroboscope or 

optical sensor; for the latter, a laser beam is targeted on the compressor 
impeller, where it is reflected once per revolution from a reflecting marker; 

• ‘J’ or ‘K’-type thermocouples for measuring the temperature of the exhaust 
gas downstream of the turbine, as well as fast thermocouple with lower 
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than 10 µs response time, coupled to the appropriate amplifier, for cylinder 
surface temperature measurement; 

• combustion noise-meter (a semi-anechoic test cell is required for overall 
engine noise emission measurements). 

4.2 Transient Experimental Test Bed  

Transient testing is much more demanding primarily in terms of fast acquisition 
and control; it requires complex, sophisticated and expensive facilities, particularly 
if Transient Cycles analysis is involved for the whole vehicle performance 
evaluation. Whereas for steady-state operation, fuel- or air-flow are measured for a 
relatively long period (of the order of a few minutes) and then their values are 
reduced to one cycle on a time-averaged basis, during transients, measurements 
must be undertaken at each engine cycle, a fact that poses a significant challenge 
for the capacitance of the measuring device (see also Section 4.2.3); for example at 
1200 rpm, a four-stroke engine cycle lasts 0.1 s, which means that the fuel- or air-
flow meter must be appropriately fast to capture the respective peaks. Moreover, 
transient test procedures require both fast response of the applied loading as well as 
tight set point holding. The measurements are undertaken after the steady-state 
evaluation of the engine and its sub-systems has been carried out; measurements at 
very low steady-state loads are usually required prior to transient experimentation, 
since the most demanding transient tests commence from a low or even zero initial 
load, where the engine and turbocharger behavior are often problematic and cannot 
be extrapolated from other measured data. Further, in order to evaluate the actual 
engine performance, transient test beds usually incorporate multi-cylinder, 
turbocharged engines so as to take into account the discrepancies induced by the 
turbocharger, exhaust manifold volume and cylinder interconnection and 
interdependence in terms of fuel injection and air-supply. In order to quantify the 
dynamic characteristics of the engine in relation to response, performance, 
emissions and fuel consumption, the respective instrumentation differs from its 
steady-state counterpart in as much as it requires (see also Figures 4.1 and 4.2)  

• electronically closed-loop controlled, fast response dynamometer, 
discussed in more detail in Section 4.2.1, or at least a strain-gauge torque-
meter in the case of mechanical (non-regulated) engine brakes for 
continuous monitoring of the load torque; 

• fast response fuel flow-meter, e.g., of the gravimetric balance type. 
Alternatively, the fueling signal from the engine ECU can be used provided 
that the appropriate software is available for translating and storing the 
ECU signals. Another system capable of transient fuel flow measurements 
applies a hydraulic equivalent of the electrical Wheatstone bridge. For 
mechanical fuel injection systems, a fuel pump rack position measurement 
is used, e.g., by applying an inductive type displacement transducer 
mounted adjacent to the fuel pump with its axis parallel to the fuel rack; 
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• pressure transducer and temperature thermocouple connected to the 
appropriate amplifiers for continuously measuring the turbocharger 
compressor boost pressure and temperature; 
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• fast response exhaust emissions analyzers discussed in more detail in 
Section 4.2.2; 

• fast response air-flow meter needed for accurate heat release analysis. This 
can be, for example, a hot-wire anemometer consisting of a very thin 
(platinum) wire heated to a temperature above that of the air-supply to the 
engine; a relationship between flow-rate and wire resistance can be applied 
based on the fact that the incoming air-flow imposes a cooling effect on the 
heated wire depending on the flow velocity, thus altering the wire’s 
temperature, and so its electrical resistance. Hot-wire anemometers are 
characterized by high frequency response, but they may require frequent 
calibration in case of dust accumulated on the wire sensor; 

• high frequency, e.g., 100 kHz, 16 bit, data acquisition card capable of 
simultaneously storing all recorded channels at a sampling rate 
corresponding to 1 degree crank angle or even less in order to accurately 
phase the various recorded signals to the instantaneous engine crankshaft 
position; 

• large computer storage space for storing the data of hundreds or even 
thousands of cycles; 

• a possible cylinder-by-cylinder measurement since, particularly during the 
early cycles of the transient event, the continuous movement of the 
mechanical fuel pump rack is responsible for differentiations in the amount 
of injected fuel quantity per cylinder during the same transient cycle. 

 

 
Figure 4.2. Photograph of a transient engine test bed 
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4.2.1 Dynamometers 

Dynamometers used for transient measurements are either engine- or chassis units. 
The former type is used for engine-based transient measurements, where the engine 
is directly coupled to the dynamometer (Figures 4.1 and 4.2) and will be discussed 
in more detail in this section.  

Chassis dynamometers, on the other hand, are applied when the whole 
(passenger or light-duty) vehicle performance is under study, for example during a 
Transient Cycle certification procedure.1 In this case, the vehicle is usually placed 
on rollers and operated by a driver with the inertia of the vehicle during speed or 
load changes being simulated by a set of flywheels coupled to the rollers. The 
mechanical energy transmitted by the wheels to the rollers is absorbed by a brake, 
which is integrated with the rollers through a shaft; obviously, a chassis 
dynamometer facility is both expensive and highly sophisticated.  

Engine dynamometers for transient measurements should, in general, meet the 
following criteria. 

• Fast response and low inertia: typical response time lower than 1 s for 
torque reversal from –100% to 100% is desirable, depending on the 
dynamometer size, in order to be able to simulate real-life transients and 
vehicular engines behavior. This can be achieved, for example, by electric 
or eddie-current dynamometers or by hydrostatic or variable fill hydraulic 
brakes. On the other hand, the traditional sluice-gate water brake 
configuration, being characterized by relatively high moment of inertia and 
slow response, is not usually recommended for transient experimentation.  

• Motoring capability: this is primarily important when Transient Cycles 
analysis is under request for heavy-duty engines, since part of the Transient 
Cycle certification procedure requires that the engine is motored (see also 
Appendix A - Section A.2.2.2); it can be established with a DC or AC 
electric brake only.  

• Electronic, closed-loop control: the dynamometer should be capable, via 
specific software, of applying various loading profiles according to the 
transient schedule under study. The use of electronically controlled 
dynamometers ensures both command and reproducibility of the transient 
experiments. 

Figure 4.3 illustrates a variable fill hydraulic dynamometer operating map; the full-
load engine torque curve is also depicted in the same figure. The shape of the 
dynamometer torque–speed (T-N) characteristic influences the operation stability 
of the combined system. A series of rising dynamometer torque curves, such as the 
ones shown in Figure 4.3, should generally intersect the engine torque curves in 
such a way that dT/dN is greater for the dynamometer than for the engine; 
otherwise, a control system needs to be applied for establishing stable operation. 
Since the dynamometer is part of the system that undergoes transient process, its 

                                                 
1 For heavy-duty diesel-engined vehicles, engine rather than chassis dynamometers are applied for 
Transient Cycles certification. 
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characteristics affect the speed response of the engine as it is dictated by the 
following equation describing Newton’s second law of motion for a rotating 
system: 

e dyn e dyn
dT T G
dt+
ω

− =  (4.1) 

where Te and Tdyn are the instantaneous net engine and dynamometer torques, and 
Ge+dyn the total (engine plus brake) mass moment of inertia. For hydraulic 
dynamometers, the fluid inertia should also be accounted for in the total moment of 
inertia term in Equation 4.1. The steady-state dynamometer torque Tdyn needed in 
the above equation can be approximated by the following relation 

s
dynT c N≈  (4.2) 

where s=1 for electric brakes (torque proportional to speed) and s=2 for hydraulic 
ones (torque proportional to the square of speed). For example, for the variable fill 
hydraulic brake of Figure 4.3, different values of constant ‘c’ correspond to 
different fill percentages, hence different steady-state torque curves with the 
maximum torque curve corresponding to 100% fill. 
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Figure 4.3. Typical torque/speed map of a variable fill hydraulic dynamometer  

 
There are various dynamometer operating modes that are of interest during 

transient test bed experimentation; these can be classified as follows with reference 
also to Figure 4.4 [3]. 

1. Constant speed: if there is a small excursion from the speed set point, the 
dynamometer control system applies speed feedback control to make a 
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correction to the absorbed torque in order for the system to return to the 
demand speed. 

2. Constant torque: here, the dynamometer controller uses torque feedback to 
hold torque constant at the prevailing demand setting. 

3. Transient Cycle: in this case, which is the most complicated mode, the 
dynamometer torque is controlled according to the specific loading 
required by the simulated Transient Cycle under study. 

4. Uncontrolled mode: the dynamometer setting (constant ‘c’ in Equation 4.2) 
remains unchanged (e.g., constant field strength for an electric 
dynamometer or constant sluice gate position for a hydraulic one) and 
torque increases according to the square of speed for hydraulic brakes 
(propeller law) or linearly with speed for electric brakes following the 
engine acceleration. This operation is often met in marine engine test-beds 
as well as for simulation of vehicle aerodynamic resistance. However, 
when large speed changes (e.g., more than 500 rpm) are encountered, such 
as during acceleration tests, deviations of the dynamometer torque from its 
steady-state curves are experienced, thus affecting accordingly the engine 
transient response profile. 
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Figure 4.4. Hydraulic dynamometer modes for transient diesel engine experimentation 

 
Perhaps, the most critical part of an engine–dynamometer setup is the 

integrated control algorithm. Figure 4.5 illustrates a typical dynamometer feedback 
control of a fast response, electronically controlled, variable fill hydraulic brake. 
The Control Module collects the various signals from the engine and dynamometer 
(speed, ‘throttle’ position, etc.) and processes them in order to calculate the loading 
of the dynamometer, according to the desired control mode. The controller is 
usually a computer-based digital system with the control algorithm applied through 
specific software; its characteristics can be varied so as to suit the specific engine 
under test.  



 Experimental Measurements 123 

The software is capable of identifying and applying different dynamometer 
loading/speed schedules, and may even simulate vehicle related resistances such as 
road grade, aerodynamic resistance, etc., as well as the whole vehicle powertrain, 
mechanical or automatic gearbox, clutch or torque converter, driveshafts, 
differential, vehicle chassis, suspension and tires for Transient Cycles analysis; in 
the latter case, the controller also sends ‘throttle’ commands to the engine in order 
to achieve the desired engine speed as demanded by the specific Cycle. At any 
instant, the updated dynamometer load demand is directed, for a hydraulic 
dynamometer such as the one depicted in Figure 4.5, to a servo device controlling 
the position of the water outlet control valve. This can be achieved via an electric 
servo motor driving a pilot-operated back-pressure valve, or an electro-hydraulic 
system in which a hydraulic servo valve controls the magnitude and direction of 
flow to a rotary hydraulic actuator connected to a water outlet butterfly valve [4]. 
Steiber et al. [5] and Babbitt and Moskwa [6] describe such complex 
configurations capable of controlling engine performance during transients; the 
implementation makes it convenient to perform a number of studies, for example: 
1. study new control algorithms for diesel (and gasoline) engines by developing 
advanced techniques to estimate engine torque; 2. perform engine mapping and 
calibration (optimization) using a combination of design of experiments (DOE), 
neural networks, physical-model based, fuzzy-logic, and non-constant variance 
based techniques; and 3. perform sensitivity analysis, durability studies, and 
accelerated testing to evaluate engine performance and engine control robustness. 
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Figure 4.5. Electro-hydraulic servo-control system of a variable fill dynamometer showing 
engine, dynamometer and console-control module (adapted from Hodgson and Raine [4]) 
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For modern engines equipped with electronic control modules, monitoring and 
control of the ECU data is also required, which can be accomplished via specific 
software that receives and translates the various ECU signals (e.g., injection data, 
EGR position, VGT vanes position, fuel flow, air-mass flow-rate, etc.), and feeds 
them to the master controller and/or the data acquisition card for further processing 
together with the other measured variables. 

 

4.2.2 Instantaneous Measurement of Exhaust Gas and Particulate Matter 

Accurate, real-time measurement of exhaust gaseous and particulate emissions is 
of paramount importance, since it is these emissions that usually peak during 
transients way above their quasi-steady values. It is beyond the scope of this book 
to address in detail the operating principles, the merits and the drawbacks of the 
various exhaust gas emission techniques; only a brief description will be provided.  

Conventional gas analyzers used for steady-state emission measurements are 
usually characterized by high response time of the order of a few seconds; hence, 
their dynamics cause distortion of the emission measurement requiring a 
comprehensive reconstruction technique (see for example [7–9] mainly in terms of 
NOx emission analysis) to project real-time emissions. This kind of analysis was 
introduced by McClure [7] researching the exposure of miners to the exhaust 
emissions of diesel powered equipment. He measured the response of the gas 
analyzer describing it through a delay and empirically derived ‘shape factors’; a 
transfer function was formulated, which was used to infer the variation of 
concentration in the exhaust gases. Beaumont et al. [8] designed a finite horizon 
reconstruction filter based on generalized predictive control theory, whereas    
Chan et al. [9] followed a physical rather than mathematical approach by 
characterizing the chemiluminescent analyzer using two phenomenological 
models, i.e., diffusion and perfect gas mixing, in order to simulate the sampled gas 
emission state when passing through a series of tubes and surge volumes in the 
analyzer.  

On the other hand, fast response CO, HC and NOx analyzers are now 
commercially available with a very short response time (of the order of a few ms) 
that allows real-time emissions measurement. For NOx, this can be achieved by 
locating the detectors in remote sample heads that are positioned very close to the 
sample point in the engine and conveying the sample gas to the detectors under the 
influence of a vacuum through narrow heated capillaries (Figure 4.6 [10]). An 
analyzer with 2 ms response time can capture 50 measurements during one cycle of 
a four-stroke engine running at 1200 rpm, thus being capable of successfully 
tracing the peaks in exhaust emissions.  

For accurate gas sampling, it is important that no chemical reactions take place 
in the sampling line. This means that inert materials, e.g., Teflon, have to be used 
for all parts being exposed to the gas. Moreover, filters may be installed in order to 
remove particulates, whereas the exhaust gas is usually diluted prior to 
measurement to avoid saturation of the volatile materials (see also Figure 4.12 later 
in the section). The exhaust gas line for HC and NOx measurement is heated to 
prevent losses due to condensation in the sampling system. 
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Figure 4.6. Schematic diagram of fast NO instrument operating principle (Copyright © 
Cambustion Ltd). The reaction between NO and ozone emits light; this reaction is the basis 
for the (very small) chemiluminescence detector (CLD) in which the photons produced are 
detected by a photo-multiplier tube. The reaction chamber is coupled to a constant pressure 
sampling system in order to avoid exhaust sample pressure interference on the signal. The 
sample enters the reaction chamber through this constant pressure chamber. The CLD output 
voltage is proportional to NO concentration. Demonstrated in this figure is the two-channel 
analyzer, with the reaction chambers located in remote sample heads on 10 m umbilicals 

Things are more complex when instantaneous particulate matter (PM) 
measurements are involved. First, there are several properties of particulates that 
are of interest, i.e., mass, size, number concentration and surface (discussed in 
more detail in Section 5.1.1); current legislation regulates PM mass, although 
recent medical reports have correlated greater health risk with smaller PM sizes. 
Second, the instantaneous rate of PM emissions consisting of elemental carbon, 
organic carbon, soluble organic fractions, metals and sulfates might be related to 
other emissions. For example, the elemental carbon might be related to the 
production of CO, whereas organic carbon might be related to instantaneous 
hydrocarbon values or lubricating oil effects. Further, PM are strongly dependent 
on time (and on the sampling system used), with dilution, condensation of volatile 
compounds, nucleation and coagulation, affecting the instantaneous particle mass 
and size distribution. Owing to this complexity, various techniques have been 
under study and development for instantaneous measurements of particulate mass, 
namely 

1. inertia mass-based measurement such as the tapered element oscillating 
microbalance (TEOM) and the quartz crystal microbalance (QCM); 

2. particle size distribution technique; 
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3. optical methods that primarily measure elemental carbon concentration 
(often considered as a surrogate to total PM mass emissions) and are based 
on  

• light scattering such as the nephelometer, 
• light absorption such as the aethalometer or the photoacoustic 

spectroscopy or the photo-electric aerosol sensor (PAS) or the 
laser induced incandescence (LII), and 

• light extinction such as the exhaust opacity meter; 
4. surface measurement such as the epiphaniometer or the diffusion charging 

sensor. 

Important criteria for evaluation of the above instruments/techniques are the 
degree of correlation of time-integrated results with conventional filter 
measurements, the reproducibility of the results, noise and interference from non-
particulate mass sample properties, time resolution, dynamic measurement range 
(particularly important for testing of low emission vehicles equipped with 
particulate traps), simplicity of use and cost [1, 11–16]. A brief discussion of four 
of the most popular techniques will follow. 

TEOM consists of a small filter cartridge placed on the end of a hollow tapered 
tube (Figure 4.7). The other end of the tube is fixed rigidly to a base. The tube with 
the filter on the free end is oscillated in a clamped-free mode at its resonant 
frequency. This frequency depends on the physical characteristics of the tube and 
the mass on its free end. A particle laden air stream is drawn through the filter, 
where the particles deposit and then pass through the hollow tube. A volumetric 
flow controller and a positive displacement pump maintain the flow-rate of the 
diluted exhaust gas constant.  

 

 
Figure 4.7. Schematic arrangement of tapered element oscillating microbalance device for 
instantaneous PM mass measurements 
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As particles deposit, the mass of the filter cartridge increases and the frequency of 
the system decreases. By accurately measuring the frequency change, the 
accumulated mass can be computed. Combining this accumulated mass with the 
volume of air drawn through the system during the same time period, yields the 
particle mass concentration. Mass change from the initial conditions is calculated 
by the following equation 

o 2 2
f i

1 1m k
f f

⎛ ⎞
∆ = −⎜ ⎟⎜ ⎟

⎝ ⎠
 (4.3) 

where ko is the spring constant specific to the tapered element, fi the initial 
oscillation frequency and ff the oscillation frequency after the addition of the mass 
[17]. The system can be calibrated by placing a calibration mass on the filter 
cartridge and recording the frequency change due to this mass. 

The main drawback of the tapered element oscillating microbalance technique 
is its susceptibility to moisture. Since the TEOM measures the mass of material 
retained on the filter attached to the oscillating element, the reported mass will vary 
with the filter moisture content. In general, the TEOM is used to sample from 
diluted exhaust gas; the humidity of the exhaust, however, is expected to increase 
with higher fueling and decrease at motoring conditions, hence water is deposited 
on the filter during accelerations and removed during decelerations. These water 
mass transfers cause the tapered element oscillating microbalance signal to indicate 
higher mass rates during accelerations or load increases and lower mass rates 
during decelerations; in fact, if the temperature or HC vapor concentration in the 
exhaust changes significantly from one instant to another, a negative mass 
concentration may be recorded. As a result, a comprehensive water correction 
approach needs to be applied, such as, for example, the one described in [14]. 
Moreover, the TEOM instrument is sensitive to vibrations typical in engine test 
cells; hence, its physical location requires isolation, careful installation and 
supervision. 

Exhaust opacity is based on the fact that the mass of particulates is proportional 
to the total light extinction across the exhaust gas stream. Opacity meters      
(Figure 4.8) are operated without prior dilution; a volume or the total of the 
exhaust gas is continuously drawn and passed through a heated tube to prevent 
condensation. The opacity of the sample is determined from the measurement of 
the attenuation of visible light by the smoke in the air sample located between the 
light source (e.g., an incandescent lamp or a green light emitting diode) and a light 
detector (a photocell or a photodiode). Attenuation of light is caused by scattering 
by the particles and absorption in the particles. 

Opacity O (not to be confused with the very popular in terms of steady-state 
experimentation filter smoke number, which is, in general, based on the same 
principle but cannot provide continuous measurements) is then calculated by the 
following equation on a percentage basis, based on the Beer–Lambert law 
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where I (W/m2) is the light intensity after passing though the particle cloud and Io 
the incident light intensity; L is the path length of the light beam (m) and k is the 
extinction coefficient (m–1). The latter is related to the number, size and properties 
of individual particles and can be defined as the inverse of the path length over 
which light intensity decreases by a factor of e (=2.718), as described by  
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 (4.5) 

Since an opacity meter measures smoke, empirical correlations have been 
developed for estimation of particulate mass from opacity readings [e.g., 18–20]. 

 

 
Figure 4.8. Schematic arrangement of exhaust opacity device 

Opacity measurements have a very good time response and are relatively 
simple and inexpensive; the main drawbacks are the somewhat poor sensitivity to 
low soot mass concentrations (this is, in fact, very important since the detection 
limits of opacity meters are nowadays of the same magnitude as the low PM 
emissions produced by modern diesel-engined vehicles equipped with particulate 
filters), the insensitivity to small particle sizes (Dp<0.3 µm) as well as the inability 
to distinguish between black smoke (originating from particulates), blue smoke 
(droplets of unburned lubricating oil) and white smoke (mainly unburned 
hydrocarbons and water vapor experienced during cold starting).  

Laser induced incandescence (LII) entails the heating of particulates using a 
high power laser pulse. Following the laser pulse the ensuing gray body radiation, 
when collected in a narrow band of wavelengths, yields information on local 
volume fraction. Figure 4.9 shows a schematic arrangement of a LII-based 
experimental setup developed by Gupta et al. [21] for transient PM measurements. 
This incorporates a 532 nm laser output shaped into a vertical sheet using a 
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combination of cylindrical lenses, so that the focal plane lies at the center of a 
quartz sample cell. A fast response photocell placed downstream of the sample cell 
monitors the laser power to the required pulse energies. The LII signal was 
detected by a particulate mass detector placed at right angle to the incoming laser 
beam at 430±5 nm. The peaks of the LII signal were measured using a high-speed 
data acquisition card. The walls of the sample cell were maintained at a 
temperature slightly higher than the aerosol, to avoid particle deposition due to 
thermophoresis. The LII technique, which has also been applied to soot 
measurements in diesel flames, is characterized by fast response according to the 
laser repetition frequency (values as high as 50 Hz have been reported) and high 
sensitivity, but it is rather expensive due to the cost of the laser involved. 

 

 
Figure 4.9. Schematic arrangement of laser induced incandescence device for instantaneous 
PM mass measurements (adapted from Gupta et al. [21]) 

The last case of instantaneous PM measurement discussed is the particle size 
distribution technique; this is based on a particle size spectrometer, with  
subsequent integration of the amount of detected particles/size for mass evaluation. 
PM number concentration and size distribution is typically accomplished through 
the following instruments that draw a continuous sample of the exhaust gas. 

• The Scanning Mobility Particle Sizer (SMPS™): particles experience an 
electrostatic force and an opposing viscous drag; these serve to separate 
particles according to their electrical mobility, which is a function of 
diameter. The SMPS is able to measure submicron particles collectively 
within the 2.5 to 1000 nm range, with a relatively wide size resolution of 
up to 64 channels per decade. To obtain the size distribution, the 
Differential Mobility Analyzer (DMA) component of the SMPS is scanned 
through a range of voltages, which limits time resolution (scan time 30 to 
120 s) and makes the device unattractive for transients testing. Particle 
number concentration is accomplished via the integrated Condensation 
Particle Counter (CPC). 

• The Electrical Low-pressure Impactor (ELPI™): this separates particles 
into 12 impact stages (size classes) according to aerodynamic size ranging 
from 7 nm (with filter stage) up to 10 µm, using a low-pressure cascade 
impactor (Figure 4.10). The particles are first charged into a known charge 
level in the corona charger. Afterwards, they enter a cascade low-pressure 
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impactor with electrically insulated collection stages. The particles are then 
collected in the various impactor stages according to their aerodynamic 
diameter. Response time is reported to be less than 5 s. 
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Figure 4.10. Operation block diagram of Electrical Low-pressure Impactor (copyright © 
Dekati Ltd) 

• The Engine Exhaust Particle Sizer Spectrometer (EEPS™): measures 
distribution in the range from 5.6 to 560 nm in 32 channels (16 channels 
per decade), with 10 Hz data collection (scan time 0.1 s), which makes it 
ideal for transient experimentation; it determines particles diameter based 
on the measurement of charged particles mobility in an electrical field. 

• The Differential Mobility Spectrometer (DMS™): based on the same 
operating principle as the DMA of the SMPS (Figure 4.11); it measures the 
number of particles and their spectral weighting in the 5 nm to 2.5 µm size 
range (16 channels per decade) with a scan time of 0.2 s. 
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Figure 4.11. Operating principle of DMS500 fast particle size spectrometer (copyright © 
Cambustion Ltd) 
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• The (nano)-Micro Orifice Uniform Deposit Impactor (MOUDI™): this 
separates PM into 13 progressively smaller cut points (10 nm to 18 µm) 
based on the apparent aerodynamic diameter; this, too, is recommended for 
steady-state experimentation only. 

Care has to be taken in the case of PM mass estimation from size distribution 
measurements, since agglomerates formed during diesel combustion are non-
spherical and, therefore, their mass does not correlate with the cube of particle 
diameter. Further, there is no direct correlation between particle density and 
diameter. The use of particulate filters (traps) may induce an additional challenge 
for the accuracy of particle size measurement devices. To convert particle spectral 
density Dp to mass, Park et al. [22] suggested a general relationship of the 
following form  

b
pm c (D )=  (4.6) 

where c and b are constants and b< 3. For example, Hagena et al. [23] assuming 
constant particle density for each resolution size (‘bin’) scanned by their 
differential mobility spectrometer, applied the following relation based on 
Equation 4.6: 

3 2 34
p pm 6.95 10 (D ) n−= ×  (4.7) 

with np the number of particles for each bin scanned. In this equation, the non-
spherical nature of particle shapes is accounted for by the diameter exponent that is 
less than 3. The leading coefficient acts as a ‘pseudo-density’ for the particles in 
that bin; its magnitude is impacted by particle constituents and the unit changes 
that occur with the non-integer particle diameter exponent. After the particle mass 
is calculated for each bin, the total mass is found by summing the masses in each 
bin and dividing by the number of bins per decade. This summation is used as an 
approximation that accounts for integration over a logarithmic scale. 

3 bins
m

Total mass (kg / m )
bins / decade

=
∑

 (4.8) 

Unfortunately, none of the above mentioned methodologies has been found 
capable of accurately capturing both instantaneous peaks and total PM mass 
emissions, particularly during Transient Cycles; in fact, the results obtained are 
sometimes conflicting, depending strongly on the specific test bed and instrument, 
the calibration of the unit and the nature of the transient tests. For example, Black 
et al. [24], studying the performance of a modern, European, passenger vehicle 
diesel engine during the EUDC Transient Cycle, identified inability of the TEOM 
method to capture the fastest transient features in the emission behavior, whereas 
the opacity method was able to better pinpoint the various emission discrepancies 
encountered. Gupta et al. [21] found an LII-based instrument’s signals to vary 
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±20% compared with SMPS measurements at steady-state conditions; on the other 
hand, the LII was found to have a considerably better time resolution (depending 
on the laser used) than the TEOM for step-change operations. Although Jarrett and 
Clark [14] applied a comprehensive water correction technique, negative PM 
values were still observed during decelerations when applying a TEOM procedure. 
It has been suggested that the aerodynamic diameter as measured by the ELPI may 
lead to an underestimation of the actual size of diesel particulates during transients, 
since the density of agglomerates is lower than unity. Likewise, the SMPS 
measuring the mobility diameter suffers from multiple charges on the 
agglomerates, thus, underestimating their actual size and mass [25]. An instructive 
comparative experimental study can be found in [26]. 

Owing to the uncertainties involved with the results obtained from the 
developed PM mass measurement methods, it is not surprising that none has been 
certified so far as a standard, routine experimental procedure. 

4.2.2.1 Emission Measurements During Transient Cycles 
A special case of exhaust gas measurement during transients is the constant volume 
sampling (CVS) technique illustrated in Figure 4.12. This has been established by 
the current legislation in many countries as the standard sampling methodology for 
the certification of light and heavy-duty engines/vehicles; details can be found, for 
example, in [11, 27]. In the case of passenger or light-duty vehicle certification, the 
CVS facilities are combined with a chassis dynamometer. CVS consists in the 
dilution of the total raw exhaust gas with clean air in a dilution tunnel,2 by keeping 
the flow constant using a positive displacement pump or a vacuum pump and a 
critical flow venturi. The constant flow facilitates an easy and accurate calculation 
of mass-based emissions. A heat exchanger may be optionally installed for 
proportional particulate sampling and for flow determination. The (primary) tunnel 
is usually a polished and heated stainless steel tube and should be of sufficient 
length to allow for complete mixing of the exhaust gas with the dilution air. The 
tunnel diameter depends on the exhaust gas flow, being small enough to cause 
turbulent flow (Re > 4000); it is of the order of 250 to 300 mm for heavy-duty 
diesel engines. The amount of dilution air must be sufficient to cool the exhaust 
gas–air mixture at all engine operating conditions at a temperature of no more than 
325 K.  

Samples for continuous gas phase measurements may be drawn from the 
dilution tunnel at a point where the exhaust gas is thoroughly mixed with the 
dilution air (typically ≥ 10 tunnel diameters from the point where both streams are 
introduced into the tunnel). A small fraction of the CVS flow (e.g., 1%) is sampled 
into a Teflon bag. Gas samples for bags are drawn from downstream of the heat 
exchanger or, in the case of gases that may suffer losses in the heat exchanger (HC, 
NOx), heated bag sampling from upstream of the heat exchanger is the preferred 
practice. After the test, concentrations of the gases in the sample inside the bag are 
measured by means of a gas emissions analyzer. The highest risk of gaseous 
sample loss during CVS exists with hydrocarbons of high boiling point; HC 
                                                 
2 Dilution ratio typically ranges from 10–30, favoring condensation and nucleation processes; this 
dilution ratio is way below that experienced in ‘real-life’ engine operation. 
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analysis, therefore, should be performed by a continuous, heated analyzer even if 
other gases are measured from bags by steady-state instruments.  

 

Figure 4.12. Typical constant volume sampling configuration with positive displacement 
pump for emission certification of diesel-engined vehicles  

 
For the particle mass measurement, a sample of the total flow from the dilution 

tunnel is extracted and passed either directly (‘single’ dilution) or through 
secondary dilution (‘double’ dilution) to the particulate sampling system, where the 
particles are collected on Teflon coated, fiber-glass filters. To ensure reproducible 
measurement of volatile components absorbed on the filter, it is required that the 
filter equilibrates at a defined temperature and humidity level. Particle emission is 
determined from the total particle mass collected onto the filters during the Cycle. 
For comparison with the standard limits, an average over the Transient Cycle 
(g/test or g/km or g/kWh) is calculated for both gaseous and particulate emissions. 
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The use of the CVS system requires large space and cost; it is evident that with the 
constant volume sampling methodology, calculation of the total amount of exhaust 
emissions is accomplished without indication of either temporary overshoots or the 
time window in the test, where emissions are primarily produced.  

In view of the high cost and large volume facilities of the CVS technique, the 
partial flow sampling system (PFSS) has been proposed. Here, a small fraction of 
the engine exhaust gas is sampled, while dilution air is transiently added so that the 
diluted exhaust flow-rate is constant through the filter. Since the flow of this 
sample must be proportional to the engine exhaust gas flow-rate, the latter 
parameter must be known and has to be measured. In the case of transient testing, a 
very fast response of the flow system is necessary to match the proportionality also 
during the transient phases (transient partial flow sampling system, TPFSS).  

 

 
Figure 4.13. Typical arrangement of Partial Flow Sampling System  

 
The small percentage of engine exhaust gas is diluted with air. The 

conditioning and mass flow measurement of the dilution air occurs within the 
PFSS (Figure 4.13). The dilution tunnel is mounted very close to the exhaust 
source to control the response time and temperature, and to minimize deposition. A 
second mass flow system within the PFSS measures the total flow through the 
filter, i.e., the sum of the dilution air and sampled exhaust flow. The sampled 
exhaust flow is calculated from these two flows. As expected, the need to infer a 
small flow accurately using the difference between two large flows requires highly 
accurate flow measurement systems. As the engine intake air and exhaust gas flow-
rates vary during transient testing, the TPFSS must react by sampling a 
proportionally consistent flow from the stack. To accurately conduct transient type 
tests, the system must have extremely fast response time, in general less than 300 
ms. Therefore, such test cells must be equipped with appropriately fast and 
accurate intake air-flow measurement systems (response time lower than 100 ms to 
a 90% step change in air-flow). Where possible, it is best to include a real-time fuel 
flow measurement signal. Alternatively, the fuel rate signal from the engine ECU 
can be used. While TPFSS are substantially easier to operate and maintain than 
CVS tunnels, a solid understanding of air-flow measurement systems is necessary 
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to ensure data quality. Particulate emissions calculations are then based on the 
cycle integrated exhaust mass-flow results, the integrated sample flow value from 
the TPFSS and the filter mass loading [11].  

The post-test data processing formulae for cycle integrated PM calculations are 
documented in ISO 16183 [28]. A comparison between PFSS and CVS particulate 
mass measurements during steady-state and transient operation was conducted  
[29, 30] with promising results, but further investigation is still required. 
 

4.2.3 Heat Release Analysis of Transient Pressure Data 

After logging steady-state signals, a heat release analysis can follow in order to 
analyze the combustion characteristics and interpret cylinder pressure data; the 
latter have typically been treated with the Fast Fourier Transform in conjunction 
with a digital filter to remove the high frequency noise components. Moreover, the 
pressure data obtained for each cycle should be corrected for any drifting of the 
signals obtained from the charge amplifiers, by taking into account the mean (over 
each engine cycle) value of the pressure in the gas inlet period and ‘setting’ this 
equal to the experimentally obtained boost pressure value. Heat release analysis is 
usually based on single-zone modeling, assuming a uniform mixture of air and 
combustion products at each instant of time, with combustion assumed to take 
place incrementally in a homogeneous mode. A brief description of the procedure 
that is followed for naturally aspirated, steady-state pressure data analysis will be 
provided first.  

The expression for the first law of thermodynamics during the closed part of the 
cycle, neglecting the sensible enthalpy of fuel, is given by the following equation 
(see also Section 9.3 for more details on the formulation of Equation 4.9 as well as 
the usual assumptions of single-zone modeling) 

gnet bl
g g g bl

dpdQ dm1 dV V dm dVp V p p h
dt 1 dt dt m dt dt dt

⎡ ⎤
= + − + +⎢ ⎥γ − ⎣ ⎦

 (4.9) 

where pg is the recorded gas pressure, V the instantaneous cylinder volume 
(Equation 9.30), m the instantaneous mass of the in-cylinder charge and index ‘bl’ 
corresponds to blow-by losses through the cylinder rings. The specific heat 
capacity ratio γ has values appropriate to air prior to combustion ( 1.35)≈ and to 
burned gases at the overall equivalence ratio during the combustion 
process ( 1.26 to1.3).≈  

In order to calculate the corresponding uniform gas temperature from the 
perfect gas state equation (pgV=mRsTg), the instantaneous in-cylinder mass must 
be known. For the gas exchange period, the mass flow to or from the engine 
cylinder can be calculated using Equations 9.74 accounting for one-dimensional, 
quasi-steady, compressible flow. An initial estimation of mass is made at the point 
of intake valve closure, which is later on checked for convergence. 
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During compression, combustion and expansion, the instantaneous mass can 
then be computed from the following relation 

IVC

φ
bl

IVC
φ

dm 1m(φ) m(φ ) dφ
dt 6N

= − ∫  (4.10) 

where φivc is the crank angle at inlet valve closure, and dmbl the mass lost from the 
cylinder due to blow-by in the step dφ, with the blow-by rate calculated, again, 
from Equations 9.74. 

For the calculation of gross heat release rate, the instantaneous heat loss rate 
dQL/dφ to the cylinder walls is needed as will be formulated in Section 9.3.2.2. 
Then, the gross heat release rate is 

gross net LdQ dQ dQ
d d d

= −
ϕ ϕ ϕ

 (4.11) 

Obviously, by knowing the lower heating value LHV of the fuel, the fuel 
burned mass rate can be computed from 

grossfb dQdm 1
dt LHV dt

=  (4.12) 

If we now integrate Equations 4.11 and 4.12 over an engine cycle 
(corresponding, for example, to 4π rad for a four-stroke engine), we can obtain the 
amount of heat released by the total fuel and the total fuel itself, respectively. 

During (turbocharged) engine transients, the above described heat release 
analysis procedure should proceed with caution owing to the following two issues 
that require attention. 

• Cylinder gas pressure measurement via pressure transducers may be 
influenced by thermal shock owing to the high rate of engine load increase. 

• The air-supply and fueling rate computation is highly uncertain from 
transient cycle to cycle, particularly for highly turbocharged diesel engines 
with increased valve overlap period. 

The latter subject has been treated in more detail by Assanis et al. [31] and a 
few remarks from this work will be reproduced below. While data collected from 
one engine cycle during the transient event can be treated as quasi-steady and, thus, 
reduced using standard approaches, the characterization of the in-cylinder gas 
properties on a cycle-resolved basis presents special challenges. In particular, as 
was discussed at the beginning of this chapter, the capacitance of both the fuel and 
air systems make standard measurement techniques inappropriate for measuring air 
trapped and fuel injected in the cylinder for each cycle (e.g., of the order of         
0.1 s or even less). Knowledge of the latter quantities is crucial, though, in order to 
accurately determine the specific heat capacities ratio γ in Equation 4.9 that varies 
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within an engine cycle and from cycle to cycle in a transient event. For example, 
the use of the following well known equation for the instantaneous injected mass 
flow-rate has been proposed assuming one-dimensional, quasi-steady, 
incompressible fuel flow through the orifice: 

fi D N f injm c A 2ρ ∆p=  (4.13) 

where cD is the discharge coefficient, AN the nozzle area, ρf the fuel density and 
∆pinj the instantaneous difference between cylinder pressure and injection pressure, 
as recorded by the respective transducers and after having been correctly phased to 
the TDC marker signal. Particularly for the discharge coefficient, Assanis et al., 
found that for their four-stroke, six-cylinder, DI engine equipped with unit 
injectors, this ranged between 0.68 and 0.72, remaining practically constant 
throughout most of the operating range, with somewhat increased values at 
extremely low loads.  

The total mass of injected fuel per cycle Mfi can then be found by integrating 
Equation 4.13 over the injection period, from the start of injection (SoI) to the end 
of injection (EoI), i.e., 

EoI

fi D N f inj
SoI

M c A 2ρ ∆p dφ= ⋅∫  (4.14) 

Experimental determination of air-supply (term IVCm(φ ) in Equation 4.10) is 
much more complex, particularly in modern engines with EGR control. Assanis et 
al. attempted to evaluate the instantaneous air-mass flow-rate by splitting the 
induction process into two stages: 1. when the exhaust valves are closed, and        
2. during the valve overlap period, and using the measured pressure and 
temperature in the intake manifold for calculation of the total delivered air-charge 
per cycle.  

The response of the cylinder wall temperature during the transient event 
constitutes one more challenge for a successful heat release analysis. It might be 
assumed that knowledge of the exact wall temperature profile with respect to the 
engine cycle is required; this is not necessarily the case, since, as was discussed in 
Section 2.3.1, the wall temperature response is quite slow during the transient 
event. Hence, it is not actually a coarse approximation to assume constant cylinder 
wall temperature throughout the few seconds of the load or speed increase transient 
schedule.  

Summarizing, heat release analysis during transients can proceed as follows: 
• The signals for cylinder pressure and fuel injection of each transient cycle 

are initially processed to define indices for the start of fuel injection, end of 
fuel injection and start of combustion as, for example, described in [1,2]. 

• The heat release loop of the code begins at the point where combustion 
starts. Before performing the heat release analysis, cylinder composition 
must be determined. Knowledge of the fuel injection indices allows 
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integration of the pressure differential term in Equation 4.13, hence 
calculation of the amount of injected fuel per cycle.  

• The instantaneous fuel flow-rate from Equation 4.13 can be evaluated 
based on the discharge coefficient cD.  

• The trapped mass of air is then calculated via the two-step induction 
process mentioned above. This allows determination of the overall fuel–air 
ratio, even though the exact composition inside the cylinder is not known.  

• The mean gas temperature profile is generated using the perfect gas law 
equation. 

• The global specific heat capacities ratio γ can then be calculated using a 
simplified equilibrium program. The specific heat capacities ratio treated in 
this way does not necessarily reflect the actual composition at any given 
location in the cylinder, but does reflect the variation of properties with 
global fuel–air ratio.  

• Next, the cylinder pressure is filtered to remove high frequency noise using 
a standard Fast Fourier Transform and appropriate filter.  

• The net heat release rate is computed from Equation 4.9, and after 
evaluation of heat loss to the cylinder wall (Section 9.3.2.2) the gross heat 
release is calculated from Equation 4.11. They can then be integrated to 
yield the overall heat release.  
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5 

Emissions 

The deterioration of the heterogeneous combustion during turbocharged diesel 
engine transient operation discussed in Section 2.3.2, particularly during the early 
cycles, where the fuel–air equivalence ratio may assume higher than stoichiometric 
values, is accompanied by a temporary overshoot in gaseous, particulate and noise 
emissions. In the following paragraphs, the primary mechanisms that are 
responsible for transient exhaust emissions as well as the main differences in the 
emission process between transient turbocharged and steady-steady conditions will 
be described; the differences concerning naturally aspirated transient engine 
operation will also be highlighted at the end of each sub-section. Although the 
global concern for environmental pollution has directed great attention to the non-
regulated exhausts too, such as benzene, low molecular carbonyl compounds or 
sulfur compounds, in the following paragraphs the analysis will primarily focus on 
the regulated exhaust constituents, i.e., particulate matter (PM), nitrogen oxides 
(NOx), hydrocarbons (HC) and carbon monoxide (CO). During steady-state 
operation, diesel engines produce high levels of NOx owing to the increased gas 
temperatures, at high loads, and also increased amount of soot due to locally 
incomplete combustion at high fuel–air equivalence ratios; on the other hand, 
hydrocarbons and CO emissions are usually maintained at lower, acceptable levels. 
Detailed mechanisms of transient emissions will be discussed throughout this 
chapter; however, at this stage it is important to emphasize that the evolution of 
transient emissions after a speed or load increase differentiates (increases) 
considerably from the respective steady-state operation, it varies significantly 
according to the transient schedule, and it relies heavily on the specific engine and 
sub-systems configuration and control strategy.  

5.1 Particulate Matter and Smoke  

Diesel particulates consist mainly of combustion generated carbonaceous material 
(soot) on which some organic compounds (arisen mainly from unburned fuel and 
lubricating oil) have been absorbed. Particulate material is distributed over a wide 
size range typically from 20 nm to 10 µm, thus being respirable. PM is often 
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separated into a soluble organic fraction (SOF) and an insoluble or dry fraction, 
which is often used as an estimation of soot. The soot percentage in particulate 
from diesel exhaust varies, but it is typically higher than 40–50%. Other particulate 
matter constituents are: un- or partially burned fuel/lubricant oil, bound water, 
wear metals and fuel-derived sulfate, as is also depicted in the upper sub-diagram 
of Figure 5.1 showing representative composition of diesel engine emitted PM for 
a 1990s technology engine tested during the US heavy-duty Transient Cycle. The 
sulfuric acid/sulfate fraction is roughly proportional to the fuel sulfur content. The 
fraction associated with unburned fuel and lube oil (i.e., soluble organic fraction) 
varies with engine design and operating condition; it can range from less than 10% 
to more than 90% by mass. 
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and water
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Figure 5.1. Upper: Typical particulate composition from a heavy-duty diesel engine during 
a Transient Cycle (reprinted from Kittelson [1], copyright (1998), with permission from 
Elsevier). Lower: Schematic diagram showing the steps of the soot formation process from 
gas phase to solid agglomerated particles (reprinted from Tree and Svensson [2], copyright 
(2007), with permission from Elsevier) 

Soot is formed from unburned fuel that nucleates from the vapor phase to a 
solid phase in fuel-rich regions at elevated temperatures. Hydrocarbons or other 
available molecules may condense on, or be absorbed by soot depending on the 
surrounding conditions. The evolution of liquid- or vapor-phase hydrocarbons to 
solid soot particles, and possibly back to gas-phase products, involves six 
commonly identified processes, schematically depicted in the lower sub-diagram of 
Figure 5.1, namely [2] 

• pyrolysis: endothermic process altering the molecular structure of fuel in 
the presence of high temperature and producing species such as polycyclic 
aromatic hydrocarbons (PAHs), considered as soot precursors; 

• nucleation: spontaneous formation of a nucleus or nanoparticle from 
volatile materials such as hydrocarbons; 
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• surface growth: process of adding mass to the surface of a nucleated soot 
particle; 

• coagulation: where roughly spherical particles collide and coalesce to form 
bigger spherical particles; 

• agglomeration: where particles stick together to form large groups of 
primary particles in chain-like structure; and 

• oxidation: occurs at each stage in the process, typically at temperatures 
higher than 1300 K, where soot is burned in the presence of oxidizing 
species to form gaseous products such as CO, CO2 and H2O. 

The eventual emission of soot from the engine will depend on the balance between 
the process of formation and oxidation.  

During steady-state engine operation, net soot production is mainly dependent 
on engine load. As the load increases, more fuel is injected into the cylinders, 
increasing the temperatures in the fuel-rich zones. Moreover, the duration of 
diffusion combustion is increased favoring soot formation, whereas the remaining 
time after combustion as well as the availability of oxygen – both of which 
enhance the soot oxidation process – decrease; thus, the production of soot is 
favored. The main mechanism of soot emissions during transients is largely based 
on this key behavior. 

Figure 5.2 illustrates a complex transient event in terms of both load and speed 
changes of a two-stroke, turbocharged engined bus during the Central Business 
District Cycle1 [3]; CO2 emissions are also demonstrated in the same figure for 
comparison purposes. The latter reflect real-time fuel consumption and it is an 
important indicator of when we expect particulate concentrations to be large. 
Increases in CO2 emissions occur during vehicle accelerations, while decreases to 
nearly zero concentration correspond to the braking periods during vehicle 
deceleration. Note that significant fluctuations in the fueling rate (i.e., CO2 
concentration) are also evident at times just following discontinuities in the 
acceleration profile, and indicate that the driver is attempting to match the speed of 
the bus to the prescribed cycle profile. The decreases in CO2 concentrations, which 
follow the local increases, may reflect either turbocharger lag intervals or driver 
accelerator changes.  

The first thing to notice about the particulate matter concentration histories is 
that large increases in soot emissions occur during the same periods corresponding 
to vehicle acceleration. This was anticipated due to the higher in-cylinder fuel 
concentrations, which exist at higher loads. Soot emissions are, however, very non-
linear with respect to fueling rates. In fact, the data on a coarse time scale suggest 
that about 80% of the particulate mass is emitted during the acceleration transients, 
where only about 45% of the fuel is consumed. Notice also that there is a strong 
correlation between sharp increases in CO2 concentration and sharp increases in 
soot concentration. However, CO2 concentration does not necessarily stay high for 
all the time soot concentration does. In some instances, high soot concentrations 

                                                 
1 The Central Business District Cycle comprises 14 repeated modes, covering a total distance of       
3.22 km, with an average speed of 22.3 km/h and a maximum speed of 32.18 km/h. 
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appear to lag instances of high fuel consumption by a small period of time, 
appearing slightly later when the fueling rate is actually decreasing.  
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Figure 5.2. Soot and CO2 emissions during part of an urban bus cycle (two-stroke, six-
cylinder, 9 L displacement volume, turbocharged and aftercooled diesel engine – 
experimental results adapted from Hofeldt and Chen [3]) 

A question then arises as to the source of the particulates: are the PM emissions 
generated primarily during the steep transients in fueling rate (i.e., CO2 
concentrations) and emitted during or shortly thereafter, or are they created 
somewhat more uniformly throughout the operating range conditions only to be re-
entrained by turbulent fluctuations in the exhaust flow during transients? 
Knowledge of the source is of critical importance in determining how to reduce 
particulate matter. If the fueling rate transients are primarily responsible, then 
emissions could be reduced by controlling the rate of increase of injected fuel. In 
analyzing this question, note that PM emissions associated with idle to full-load 
acceleration are not consistently larger than subsequent emissions generated as a 
result of driver speed adjustments (times of the latter are indicated by the sudden 
increases in CO2 concentrations during the cruise portion). In view of the above, 
although the magnitudes of the increases in fueling rate are generally not very 
large, the accompanying changes in PM emissions are often substantial. If re-
entrainment of a substantial amount of particulates created outside the acceleration 
period was responsible for the PM emissions, then one would expect the soot 
concentrations recorded during the initial transient to be consistently the highest 
[3]. Since this is not the case demonstrated in Figure 5.2, the first important 
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conclusion is that soot during transients is generated primarily during the fueling 
rate changes.  

In the light of the previous finding, expansion of the PM production mechanism 
during transients can be accomplished if we isolate one particular transient event. 
Figure 5.3 compares quasi-steady and transient experimental particulate matter 
traces during an instantaneous 1–9 bar bmep step load increase of a turbocharged 
diesel engine at constant engine speed [4]. It is a good example to highlight the 
different evolution pattern of transient PM emissions compared with steady-state 
operation, from which useful conclusions can be drawn regarding the soot 
production mechanism during a load acceptance. As was discussed in Chapter 1, 
such transients are more often met in industrial or marine engines, which are 
characterized by higher ratings and greater load changes compared with their 
automotive counterparts. The primary observation lies in the large departure of 
experimental lines from the quasi-steady baseline during the first 2 s of the 
transient event; measurements indicated large and sharp transient spikes at the 
onset of a tip-in event. In contrast, the quasi-steady baseline appears to 
qualitatively follow the fueling history, thus underestimating peak particulate 
concentrations by at least one order of magnitude. Smaller differentiations between 
transient and quasi-steady emissions would be observed the slower the load 
application or the higher the engine (flywheel) mass moment of inertia, as in the 
latter cases the transient event would develop at a much slower rate, with 
significantly smoother turbocharger lag effects. 
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Figure 5.3. Comparison between transient and steady-state particulate matter emissions 
during turbocharged engine instantaneous 1–9 bar bmep step load transient at 2000 rpm 
(four-stroke, V-8, 6 L displacement volume, DI, VGT, heavy-duty diesel engine with 
electronic unit injectors – experimental results reprinted with permission from SAE Paper 
No. 2006-01-1151 [4], © 2006 SAE International) 

As was discussed earlier in the chapter, the formation of soot is mainly 
dependent on engine load, with higher loads promoting higher temperature, longer 
duration of diffusion combustion and lower oxygen availability. The locally very 
high values of fuel–air ratio experienced during turbocharger lag enhance the 
above mechanism, which is more pronounced the higher the engine rating, i.e., the 
higher the full-fueling to no-fueling difference. For the overshoot in particulate 
matter emissions observed in the first seconds of a transient load increase event 
therefore, the main cause is the instantaneous lack of air due to turbocharger lag, 
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aided by the initial sharp increase in ignition delay during the early transient 
cycles. Rapid increases in fuel injection pressure upon the onset of the 
instantaneous load step cause the penetration of the liquid fuel jet within the 
combustion chamber to increase. Since the initial higher-pressure fuel jets are 
injected into an air environment that is practically unchanged from the previous 
steady-state condition, the higher-momentum fuel jet is not accompanied by 
equally enhanced gas motion. Liquid fuel impingement on the cool combustion 
walls increases, lowering the rate of mixture preparation and enhancing the 
heterogeneity of the mixture (see also the conceptual flow diagram of Figure 5.4). 
Moreover, the subsequent harder combustion course prolongs combustion and 
reduces the available time for soot oxidation [4,5]. Interestingly, the above 
behavior is enhanced in modern diesel engines by the amount of residual gas still 
present in the inlet manifold and cylinders, up to the point where the ECU shuts 
down the EGR valve. In fact, even after the EGR valve has closed, a small amount 
of residual gas is still present in the inlet manifold and piping, reducing 
accordingly the respective trapped air–fuel ratio. 

 

 
Figure 5.4. Causes of particulate matter increase during transients owing to air-supply, 
mixture preparation and combustion process discrepancies compared with steady-state 
operation (adapted from Harndorf and Kuhnt [5]) 

 
Summarizing, the main mechanisms for the soot emissions overshoot during a 

turbocharged diesel engine transient load increase (the same arguments hold for 
acceleration transients) are located in  

• the low air-charge in the cylinder that cannot match the increased fueling, 
leading to high fuel–air equivalence ratio and temperature; 

• EGR effects that further worsen the above behavior; 
• discrepancies in the mixture preparation, which result in longer ignition 

delay period; and 
• various other anomalies during the combustion process. 
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Further elaboration of soot development mechanism can be realized on a 
microscopic scale, i.e., during an individual engine cycle. This can be 
accomplished with reference to Figure 5.5, which illustrates what happens during 
two intermediate engine cycles of a load acceptance transient event in terms of soot 
density development. Differences are actually noticed in the absolute values of soot 
density, while the development profile remains the same when comparing transient 
(during the turbocharger lag) with quasi-steady cycles. The intriguing finding from 
Figure 5.5 is that during turbocharger lag, soot density assumes lower maximum 
but higher exhaust values, compared with the respective steady-state conditions 
(same rotational speed and bmep as the transient cycles). This can be attributed to 
the slowing down of the whole combustion process under transients, i.e., lower 
values of pressure, fuel mass burned at each time step and oxygen partial pressure 
in the fuel spray (the latter caused by poorer mixing). The result is that soot 
formation rate is actually lower during the turbocharger lag cycles, but this holds 
also true for the respective oxidation rate during the expansion stroke; the latter is 
outweighed by its formation counterpart, ultimately leading to higher ‘exhaust’ (at 
the point of EVO) soot values. The previously identified increase of the ignition 
delay period is further responsible for the slight delay in the beginning of soot 
formation compared with quasi-steady operation. 
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Figure 5.5. Development of in-cycle, cumulative soot emissions during the turbocharger lag 
period of a load acceptance event compared with quasi-steady conditions 

A much harder case in terms of soot emissions is experienced in the everyday 
vehicle’s up-gear change schedule. Particularly at the beginning of the 
acceleration, where the turbocharger speed is minimum and the available exhaust 
gas energy almost zero, the highest amount of particulates is experienced, owing to 
the increased turbocharger lag phenomena originating from the abrupt no-fueling 
to full-fueling transition; the higher the engine rating the more intense the above 
phenomenon. The latter behavior in terms of smoke emissions,2 is demonstrated in 
Figure 5.6 for a six-cylinder, turbocharged, diesel-engined truck without fuel 
                                                 
2 Particulate matter is measured on a mass basis, as was discussed in Chapter 4. On the other hand, 
smoke meters measure the relative quantity of light that passes through the exhaust or the relative 
reflectance of particulates collected on filter paper; they are used, therefore, as a surrogate for 
particulate mass emission levels. 
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limiting function. After the first gear has been engaged, the gradual increase in 
engine and turbocharger speed aids the vehicle’s acceleration; however, temporary 
overshoot in smoke emissions is noticed practically during every gear change, 
unless some kind of strict fueling control is incorporated, which, however, affects 
speed response adversely as will be discussed in the next paragraph. 
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Figure 5.6. Smoke emissions during up-gear change of a turbocharged truck (four-stroke, 
six-cylinder, 11.32 L displacement volume, turbocharged diesel engine – experimental 
results reprinted with permission from SAE Paper No. 770122 [6], © 1977 SAE 
International) 

Some of the most successful measures to control transient soot emissions are 

1. shutting down the EGR valve as soon as the transient event commences 
(discussed in detail in the next section as this technique comes at a cost, 
namely increase of NOx emissions); 

2. application of fuel limiters (Section 2.2.2); 
3. use of particulate filters or traps (nowadays, these can achieve at least 80% 

reduction in PM mass emissions under steady-state or transient 
conditions); and 

4. use of oxygenated fuels such as biodiesel produced by transesterification of 
vegetable oils or animal fats (discussed later in the chapter, in Section 5.6), 
or adding synthetic oxygenates such as glycol ethers or maleates to the 
diesel fuel. 

Perhaps the most popular of the above-mentioned measures for PM emissions 
control is the use of fuel limiters that adjust maximum fueling according to the 
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current turbocharger boost pressure, as was discussed in Section 2.2.2. Figure 5.7, 
which is actually an enhancement of Figure 2.20, documents in the most explicit 
way the fuel limiter’s influence on smoke emissions by comparing the acceleration 
of a turbocharged truck engine of modest rating (10 bar maximum bmep) with and 
without a system for controlling maximum fuel delivery as a function of boost 
pressure. Limiting maximum fuel delivery by 20% at zero boost, results in a 
substantial reduction of the total amount of emitted smoke owing to the fuel pump 
rack moving slowly towards full-fueling; however, the response time of the engine 
and turbocharger is doubled resulting in much poorer acceleration, hence vehicle 
driveability that may be unacceptable. The latter points out the necessity to cope 
with the core of the turbocharger lag problem, instead of just trying to damp out its 
consequences, as will be discussed in the next chapter. 
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Figure 5.7. Acceleration of a turbocharged truck diesel engine against steady load, showing 
the trade-off between speed response and smoke emissions (experimental data reprinted 
with permission from SAE Paper No. 810338 [7], © 1981 SAE International) 

On the other hand, during naturally aspirated diesel engine transient operation, 
since there is no turbocharger lag, hence temporal transition into higher than 
stoichiometric fuel–air equivalence ratios, PM emission response does not produce 
any notable initial overshoot and is characterized by minimum delay compared 
with the respective steady-state values. Soot emissions during naturally aspirated 
engine transient operation follow practically the steady-state pattern. 

Particle Size Distribution 

Currently, diesel particulate matter legislation is based on emitted particle mass 
(see also Tables in Appendix A). However, particle size distribution is gaining 
increasing attention in terms of air quality, as it is believed that the toxicity 
increases as the particle size decreases; in fact, a correlation between elevated 
ambient particulate matter concentration and hospital admissions has been 
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suggested. In order to be able to proceed to accurate particle number concentration 
and size distribution measurements, real-time instruments that are capable of 
capturing fast changing particle size distributions over the entire size are required, 
as was discussed in Chapter 4.  

Unlike mass, particle number is not conserved. Within the exhaust pipe of a 
diesel engine, the continuously changing conditions may lead to particulates 
nucleation (resulting in an increase in both particle number and mass 
concentration), condensation and coagulation (resulting in a reduction in the 
number concentration and increase in particulate size). The above phenomena are 
also noticed during dilution – the exact dilution ratio being of paramount 
importance in order to simulate real-life conditions – and sampling, making it very 
difficult, on the one hand, to obtain unambiguous results and, on the other, to 
design a standard.  
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Figure 5.8. Typical engine exhaust particle size distribution (reprinted from Kittelson [1], 
Copyright (1998), with permission from Elsevier) 

Figure 5.8, taken from Kittelson [1], shows idealized, trimodal, lognormal in 
form, diesel exhaust particle number and mass-weighted size distributions. The 
concentration of particles in any size range is proportional to the area under the 
corresponding curve in that range. Most of the particle mass exists in the so-called 
accumulation mode in the 0.1–0.3 µm diameter range. This is where the 
carbonaceous agglomerates and associated adsorbed materials reside. The nuclei 
mode typically consists of particles in the 0.005–0.05 µm diameter range. This 
mode usually consists of volatile organic hydrocarbon and sulfur compounds that 
form during exhaust dilution and cooling, and may also contain solid carbon and 
metal compounds. By number, more than 90% of the particles emitted by a diesel 
engine (the same is true for a DI spark ignition engine) fall into the nuclei mode, 
which, however, contains only 1–20% of the particle mass. The coarse mode 
contains 5–20% of the particle mass; it consists of accumulation mode particles 
that have been deposited on cylinder and exhaust system surfaces and later re-
entrained. Also shown in Figure 5.8 are some definitions of size for atmospheric 
particles: PM10, Dp (diameter) < 10 µm; fine particles, Dp < 2.5 µm; ultrafine 
particles, Dp < 0.10 µm; and nanoparticles Dp < 0.05 µm.  
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Particle size influences the environmental impacts of engine exhaust in several 
ways: it influences the atmospheric residence time of the particles, the optical 
properties of the particles, the particle surface area and ability to participate in 
atmospheric chemistry, and the health effects of the particles. The residence time 
of particles in the atmosphere is longest for particles in the 0.1–10 µm diameter 
range and is typically about one week. Larger particles are removed from the 
atmosphere quite quickly by settling, and smaller ones by diffusion and 
coagulation. A typical residence time for 10 nm particles is only about 15 min. The 
main mechanism for removal of these tiny particles is coagulation with particles in 
the accumulation mode. Thus, although these lose their identity as individual 
particles, they remain in the atmosphere for essentially the same time as the larger 
accumulation mode particles [1].  

During steady-state engine operation, mostly accumulation mode particles are 
formed (80–110 nm), at least when high or medium speed automotive or truck 
diesel engines are involved. Early in the combustion phase, the majority of the 
particles is between 80–90 nm; later in the cycle, soot particles agglomerate and, 
therefore, particles of larger diameter are formed. During the soot oxidation period the 
number of particles is drastically reduced in the entire size spectrum. The trend is 
towards larger particles with increasing load, with nanoparticles favored mainly at 
idling conditions. As the load and so the equivalence ratio increases, more fuel is 
injected; this favors the formation of larger particles primarily owing to the longer 
diffusion combustion duration, to the higher combustion temperature, and to the 
reduced oxidation rate of the soot in the expansion stroke, since there is less time 
available after the end of the diffusion combustion and also lower oxygen availability. 
Number concentrations (particles per volume of gas), on the other hand, exhibit a 
decreasing trend with increasing fuel–air equivalence ratio through most of the 
operating range and may only increase at the highest loads.  

Among the major factors that have been found to influence both particle 
number concentration and size distribution is the type of fuel used, with the ultra-
low sulfur fuel being preferable for overall decreased PM emissions, although an 
increase in the nanoparticles concentration has been documented. The same holds 
true for higher fuel injection pressures or lower EGR rates. Nonetheless, it seems 
that a trade-off may exist between particle number distribution and mass, with 
lower aerodynamic diameter particles favored with decreasing PM mass emissions. 
Whereas diesel particulate filters can reduce particle number concentration by 1 to 
2 orders of magnitude, mainly in the accumulation mode, concern has been 
expressed that the current DPF technology may be allowing nanoparticles to pass 
through, or even producing them at high engine loads during the fast oxidation 
process, e.g., through oxidative fragmentation of soot aggregates.  

As with almost all aspects of transient operation, particle concentration and 
size/mass distribution differentiates from the respective steady-state conditions, 
with changing load and engine speed affecting strongly both the number and size 
distribution of emitted particles. As is illustrated in Figure 5.9 for the American 
FTP Transient Cycle and Figure 5.10 for the Japanese JE-05 Light-duty Cycle, 
heavy accelerations (or load increases) are responsible for overall higher particle 
number concentrations.  
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Figure 5.9. Total particle number concentration during the heavy-duty FTP Transient Cycle, 
measured via an Engine Exhaust Particle Sizer (5.9 L displacement volume, turbocharged 
diesel engine with EGR running on 350 ppm sulfur fuel – from Wang et al. [8], Aerosol 
Science & Technology. Copyright 1995. Mount Laurel, NJ. Reprinted with permission) 
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Figure 5.10. Particle number concentration for two distinct aerodynamic diameters during 
the Japanese JE-05 Cycle, measured with a DMA (four-cylinder diesel engine of 4.777 L 
displacement volume, rated at 96 kW at 3000 rpm – experimental results from Takeuchi et 
al. [9], reprinted with kind permission from Springer Science+Business Media) 
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The same holds true for higher (steady-state) loads, which explains why during 
cruising, higher number particle concentration is observed compared with idling 
(see also Figure 5.11). The latter remarks suggest that increase in the local fuel–air 
ratio is the dominant cause for the increase in the number of emitted particles, but 
other factors, such as the exhaust gas temperature or the use of after-treatment 
devices, may be involved.  

Figure 5.11 quantifies the previous results by showing comparative average 
ultrafine (Dp < 100 nm) particle number concentrations for three different, diesel-
engined buses over five operating schedules, namely idle, steady-state cruising at     
55 mph (80 km/h), Central Business District (CBD) Transient Cycle, New York 
Bus (NYB) Cycle3 and UDDS (cf. Section A.3.2.2). The important findings from 
the work by Holmén and Qu [10] is that over 90% of the total particle number 
concentrations over all five test cycles were measured in ELPI™ size 
corresponding to 29–164 nm, with ultrafine particles comprising more than 60% of 
the total particle number concentration. Moreover, for all driving cycles, the total 
average ultrafine particle number concentrations for the baseline diesel-engined 
bus equipped with oxidation catalyst were more than 100 times higher than those 
measured for the two alternative bus configurations; idle operation exhibited the 
lowest amount of ultrafine particles compared with the other tested Cycles. 
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Figure 5.11. Average ultrafine particle number concentrations during five Cycles for three 
different bus configurations, measured with ELPI™ (‘CNG’ corresponds to compressed 
natural gas engined bus, ‘TRAP’ to diesel engine with oxidation catalyst and DPF, and 
‘BASE’ to diesel-engined bus with oxidation catalyst; diesel engines are four-cylinder, 8.5 L 
displacement volume, running on ultra-low sulfur fuel – experimental results reprinted with 
permission from Holmén and Qu [10]. Copyright (2004) American Chemical Society) 

Things are somewhat more complex in terms of particle size distribution [11]: 
1. Nuclei mode. During transients, e.g., during a Transient Cycle that 

comprises cold starting, and various speed and load changes at different gears, a 

                                                 
3 The New York Bus Cycle has duration of 600 s for a driving distance of 0.99 km, with an average 
speed of 5.94 km/h and a maximum speed of 49.56 km/h with 11 stops. 
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large amount of nuclei mode particles is formed, primarily when the engine load 
and exhaust gas temperature are low (i.e., during the cold start phase) or declining 
(i.e., during load decreases). Most nuclei mode particles form during the dilution 
process or during expansion and cooling in the engine after combustion is 
complete; this also explains why a large amount of nuclei particles is formed when 
the load is being reduced and not just when the engine is idling. In addition to 
exhaust conditions, past research has positively correlated the formation of nuclei 
mode particles to unburned hydrocarbon emissions, which as will be discussed in 
Section 5.3 are formed at very low loads too. 

2. Accumulation mode. During various transient events, a significant 
accumulation mode can be observed. This happens at high, medium, and increasing 
loads. As the engine load and exhaust gas temperature increase, volatile 
compounds have less opportunity to nucleate, and more accumulation mode 
particles are emitted due to higher fuel consumption inside the cylinder. This is 
especially true for increasing fueling conditions such as acceleration, which do not 
exist during steady-state operation. If over-fueling occurs during acceleration, i.e., 
temporary increase of fuel–air equivalence ratio into higher than stoichiometric 
values, hydrocarbon emissions are increased promoting the above-mentioned 
mechanism. In contrast, in gasoline fueled engines, particle emissions are higher 
for all sizes during cold starting.   
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Figure 5.12. Particle size distribution during part of the FTP Transient Cycle (experimental 
results reprinted with permission from Liu et al. [11]. Copyright (2007) American Chemical 
Society) 

The above remarks are documented in Figure 5.12 (upper sub-diagram) 
showing particle size distribution at three distinct phases during the heavy-duty 
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FTP Transient Cycle. The end of a load decrease occurred at 42 s into the Cycle, 
causing engine loads to be negative, speeds around 40% of maximum, and exhaust 
gas temperatures relatively low. The particle size distributions resulting from these 
engine conditions, displayed in Figure 5.12, begin with a large peak in the nuclei 
mode; several seconds further into the FTP cycle, a large peak of accumulation 
mode particles emerged as the engine began to accelerate, evidenced by the growth 
of the accumulation mode in the 44.5 and 47 s transient two size distributions. As 
the engine load increased, more fuel was injected, thus decreasing the air–fuel 
ratios, increasing soot emissions, and accelerating the rate of particulate 
agglomeration.  

3. Bimodal distributions.  Bimodal, i.e., both nuclei and accumulation mode 
distributions are, usually, observed under quickly changing engine conditions. 
When the engine is accelerating, decelerating, or the load and exhaust gas 
temperature are changing from increasing to decreasing, or vice versa, conditions 
are often favorable for both types of particles to form. The relative magnitudes of 
these modes then depend on the precise load, speed, fuel consumption, and exhaust 
gas temperature at the time of particle formation. The results of these quickly 
changing conditions rarely can be seen during steady-state testing [8–11]. 

Some further aspects of particle mass and number concentration will be 
discussed in Section 7.1.4, with respect to engine cold starting operation. 

5.2 Nitrogen Oxides 

Besides particulate matter, nitrogen oxides are the most critical pollutants produced 
by diesel engines; they consist mostly of nitric oxide (or nitrogen monoxide) NO 
and nitrogen dioxide NO2 (referred to, collectively, as NOx) with traces of 
dinitrogen trioxide N2O3 and dinitrogen pentoxide N2O5. Nitrogen oxides are 
strongly dependent on temperature (primary dependence), local concentration of 
oxygen and duration of combustion. Other notable factors are injection timing, 
aspiration, charge-air cooling, swirl, fuel properties, etc. Recent research has 
indicated that NOx is mainly formed during the diffusion rather than the premixed 
phase of combustion, on the weak side of the reaction zone in the post-flame gases. 
Nitrogen oxides are highly active ozone precursors playing an important role in the 
smog chemistry. The principal reactions governing NO formation from molecular 
nitrogen and oxygen during combustion of lean or near stoichiometric fuel–air 
mixtures are usually described by the extended Zel’dovic mechanism 

2

2

O N NO N
N O NO O
N OH NO H

+ +
+ +
+ +

 (5.1) 

with the third equation being important only when the mixture is near 
stoichiometric. For NO2, which is of interest at lower engine loads hence not that 
important during turbocharged diesel engine load increase or acceleration 
transients, the respective formation reaction is 
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2 2NO HO NO OH+ → +  (5.2) 

with a possible subsequent conversion of NO2 to NO via 

2 2NO O NO O+ → +  (5.3) 

Decomposition of NOx during the expansion stroke is, unfortunately, very slow 
primarily owing to the lower gas temperatures involved. This means that the 
amount of NOx produced during combustion practically ‘freezes’ at some point 
during expansion, i.e., it is transferred to the exhaust. 

The most effective method of reducing NOx emissions at steady-state 
conditions is by lowering the peak cylinder temperature through exhaust gas 
recirculation or retarded injection timing. Unlike SI engines, exhaust gas 
recirculation in a diesel engine replaces oxygen, and so promotes a slight 
enrichment of the mixture. Consequently, as was discussed in Section 2.5, the 
usual ECU strategy during transients aims at shutting down the EGR valve in order 
to help build-up of air–fuel ratio and boost pressure, and limit intolerable smoke 
emissions. It is not surprising then that during this phase an overshoot of nitrogen 
oxides is noticed. The trade-off between NOx and smoke emissions during 
turbocharger lag (experienced also at steady-state conditions) can be documented 
in an explicit way with reference to Figure 5.13, showing measurements after a  
40–80% step increase in engine load for a heavy-duty turbocharged diesel engine 
[12]; three EGR rate patterns are compared, i.e., 1. continuous, low EGR rate,       
2. high EGR rate before transient to zero EGR rate during transient, and                
3. continuous, high EGR rate. Case 3 involves an overall increased EGR rate 
during the whole transient event and, as expected, results in lower NOx emissions 
compared with cases 1 and 2. It should be pointed out that for all three examined 
strategies, smoke was controlled to minimum levels at steady-state operation prior 
to load acceptance, however case 3 resulted in a notable ‘smoke spike’ occurring 
shortly after application of the new load. This was due to the considerable delay in 
the increase of inlet manifold pressure, resulting in a lower air–fuel ratio as was 
discussed in Section 2.1. Afterwards, when the inlet pressure and air–fuel ratio 
recover, smoke levels drop substantially. The magnitude of the smoke and NOx 
spikes depends strongly on the EGR rate before and after load acceptance, but on 
an adverse manner. In case 1, the decrease in air–fuel ratio is small, and the smoke 
spike is rather low; however, in case 3 air–fuel ratio decreases considerably during 
the turbocharger lag phase and the resulting smoke spike assumes a large peak 
value. In case 2 on the other hand, which is the one practically followed by the 
engine ECU, smoke is maintained at acceptable levels but at the expense of NOx 
emissions that peak for as long as the EGR valve remains closed. 

The main mechanism of NOx production during turbocharged diesel engine 
transient operation can be best explained with reference to Figure 5.14, which 
compares quasi-steady and instantaneous (transient) experimental NOx traces 
during the 1–9 bar bmep step load increase transient at constant engine speed of the 
engine of Figure 5.3. 
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Figure 5.13. Trade-off between smoke and NOx emissions after a step load increase for 
three different EGR strategies (four-stroke, six-cylinder, DI, turbocharged diesel engine of 
13 L displacement volume, rated at 279 kW at 2200 rpm – experimental results reprinted 
with permission from SAE Paper No. 2004-01-0120 [12], © 2004 SAE International) 

Noteworthy departures of the experimental transient lines from the quasi-steady 
baseline are observed during the first seconds of the transient event, with the NOx 
spike being, however, of significantly lower magnitude than its PM counterpart of 
Figure 5.3, but extending over a wider time range. Since the quasi-steady baseline 
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appears to qualitatively follow the fueling history, a clear underestimation of 
transient peak NOx values by a factor of 1/3 is observed.  
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Figure 5.14. Comparison between transient and steady-state NOx emissions during 
instantaneous 1–9 bar bmep step transient event at 2000 rpm (four-stroke, V-8, 6 L 
displacement volume, DI, VGT, heavy-duty diesel engine with electronic unit injectors – 
experimental results reprinted with permission from SAE Paper No. 2006-01-1151 [4],       
© 2006 SAE International) 

 
In the case of NOx emissions, it is, primarily, the lag between increased fueling 

and the response of the air-charging system, as well as the EGR starvation during 
the first cycles that is responsible for the increased emissions noticed in Figure 
5.14 (cf. Figures 2.39 and 2.42 for EGR valve behavior during transients); the 
injection pressure and exhaust pressure history, on the other hand, play here a 
secondary but not negligible role. Since the main parameter affecting NOx 
formation is the burned gas temperature, local high temperatures due to close to 
stoichiometric air–fuel mixtures are expected to increase NOx emissions during the 
turbocharger lag cycles, as is obvious in Figure 5.14, for the first two seconds after 
the load change. At the same time, the cylinder wall temperature is still low, as the 
thermal transient develops much slower, a fact that leads to higher heat transfer 
rates to the cylinder walls, hence a slight reduction of the gas temperature. Further 
reduction of the cylinder gas temperatures is also favored by the injection timing 
retard that may be experienced during the load increase. The synergistic effect of 
the above factors  produces the relatively small overshoot in NOx emissions 
compared with their PM counterparts of Figure 5.3, with the EGR valve 
displacement playing an important role too. In general, the EGR valve closes 
immediately after load application, causing a sharp drop in the respective EGR rate 
to almost zero (tending to increase NOx production), before gradually opening as 
the recovery period develops and the air–fuel ratio is built-up sufficiently (cf. 
Figure 2.39). The spike in NOx emissions for the engine of Figure 5.14, exhibits 
peak values roughly 80% higher than the final steady-state level, with the load 
schedule profile being of significant importance (the more instant the load 
application the higher the NOx peak) [4]. 

Figure 5.15 expands on the previous findings, focusing on the in-cycle 
development of NO concentration compared with their respective steady-state 
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counterparts (i.e., at the same load – defined by bmep – and engine speed) during 
an intermediate transient cycle of a similar load increase transient event as the one 
illustrated in Figure 5.14. Unsurprisingly, differences between steady-state and 
transient NO emission traces are observed concerning, mainly, their absolute 
values. On the other hand, the general development profile remains qualitatively 
unaltered for both operating modes. NO concentration, as depicted in Figure 5.15, 
assumes higher maximum and ‘exhaust’ values during the transient cycles 
compared with its steady-state counterpart. This is, primarily, attributed to the 
higher cylinder gas temperatures during the early transient cycles, resulting from 
higher values of fuel–air equivalence ratio; the latter being the direct consequence 
of turbocharger lag. Closer examination of the curves in Figure 5.15 reveals two 
other interesting facts. First, NO production practically lasts for a very small 
period, namely 20–25°CA. Second, NO during transients starts to evolve later in 
the cycle (a ‘delay’ of the order of 10°CA is observed compared with the 
respective steady-state cycles for the particular engine), implying that combustion 
begins later in the cycle, therefore the in-cylinder high temperatures occur later. 
This results from the combined effect of a variety of physical off-design 
phenomena occurring during transients, such as the later start of injection 
(originating in the lower values of the fuel delivery system residual pressure), the 
increased ignition delay period and the overall slowing down of the whole 
combustion process compared with steady-state operation. 
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Figure 5.15. Development of transient NO concentration histories for an intermediate cycle 
during a 10–80% load increase compared with quasi-steady conditions 

Similar arguments hold for the more complicated (acceleration) case during a 
Transient Cycle. The EGR valve closes while the engine is accelerating in order to 
reach the air-mass flow requirements and prevent increased smoke emissions. The 
latter, however, is accomplished at the expense of NOx emissions that peak during 
the transient evolutions (Figure 5.16). On the other hand, when decelerating, very 
little amount of fuel is injected, resulting in a sharp decrease in NOx emissions. 
During cruising, the EGR valve is open until its set point value and, consequently, 
NOx emissions are successfully controlled.  

As is the case for steady-state engine operation, every measure that can 
decrease (peak) cylinder temperatures, e.g., charge-air cooling or retarded injection 
timing, can prove successful in limiting NOx emissions during transients too; 
however, an adverse affect may be noticed concerning smoke (or HC) emissions as 
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was discussed earlier in the section. In view of the above, a sophisticated, load-
dependent, transient control strategy needs to be employed. This may be based on 
coordinated or model-based control theory, incorporating, for example, a fast-
acting, electronically controlled EGR in order to bridge the differences in emitted 
smoke and NOx while, at the same time, maintaining acceptable engine speed 
response/driveability [e.g., 12–17]. Besides that, and in order to meet the 
forthcoming, more stringent emission legislation limits (e.g., Euro VI), a urea-
based SCR will be probably required for further management of nitrogen oxides 
even at steady-state conditions, as it is currently the case with large marine and 
industrial diesel engines. 

 

Figure 5.16. NOx emissions during the EUDC Transient Cycle (four-stroke, four-cylinder,  
VGT, aftercooled, automotive, HSDI diesel engine with EGR – experimental results adapted 
from Black et al. [13]) 
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Figure 5.17. Comparison between transient and quasi-steady, naturally aspirated NO and 
HC emissions during acceleration (four-stroke, single-cylinder, water-cooled diesel engine 
of 1.455 L displacement volume – experimental results adapted from Meggyes [18]) 
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NOx trade-off between steady-state and transient operation evolves in a much 
different way in naturally aspirated diesel engines, as here the predominant delay 
of the turbocharger lag is absent. The main cause for the discrepancies observed in 
this case is the different cylinder wall temperatures involved, that ultimately affect 
nitric oxide production. Owing to the cylinder wall temperature being lower during 
most of the transient event, gas temperatures decrease too compared with the 
respective steady-state operation (recall that there is no turbocharger lag effects, 
hence excursion to high fuel–air equivalence ratios in naturally aspirated engine 
operation), ultimately leading to lower NO values, particularly during the early 
cycles of the transient event, as is demonstrated in Figure 5.17. Since the wall 
temperature is primarily determined by the engine load rather than speed, the 
differences observed are smaller the higher the initial load prior to acceleration [18, 
19].  

5.3 Hydrocarbons 

Hydrocarbon emissions in diesel engines consist of decomposed fuel molecules or 
recombined intermediate compounds; another source is lubricating oil. During the 
ignition delay period, they form as the result of either very high fuel–air ratios or, 
mainly, undermixing of fuel that cannot ignite or support a flame. For the fuel 
injected after the ignition delay period, slow mixing of fuel and pyrolysis products 
with air, resulting in overrich mixture or quenching of the combustion products can 
result in incomplete combustion and unburned hydrocarbons. During idling and 
low-load operation, HC emissions are noteworthy; the same holds true for very 
rich mixtures (e.g., during turbocharger lag). Primary sources of HC production are 
located around the perimeter of the reaction zone, where the mixture is too lean to 
burn, in the fuel retained in the injection nozzle sac (fuel leaving the injector 
nozzle at low velocity, late in the combustion process), in the spray cores and tail. 
In the atmosphere, hydrocarbons undergo photochemical reactions with NOx 
leading to formation of smog and ground level ozone. In engine emission 
standards, hydrocarbons are commonly regulated as either total hydrocarbons 
(THC) or as non-methane hydrocarbons (NMHC), with the latter category 
excluding methane (CH4). Hydrocarbon emissions are greatly influenced by load, 
ambient conditions, turbocharging and fueling system. It seems that a strong 
correlation exists between smoke and HC emissions (at least during load or speed 
increase transients), implying that information for the former emissions can be 
useful to the latter. However, contrary to soot, NOx (or CO) that peak only during 
load increase or acceleration, turbocharged diesel engine hydrocarbon emissions 
are noticed at the onset of deceleration or load decrease too, since in the latter case, 
as was discussed at the end of Section 2.1, turbocharger lag effects lead to 
instantaneously very low fuel–air equivalence ratios.  

The development of hydrocarbon emissions will be discussed with reference to 
Figure 5.18 illustrating what happens during the first 400 s of the New European 
Driving Cycle, which includes cold starting too. A typical, medium-size, European 
sedan was used for the analysis equipped with a 2.2 L HSDI diesel engine, EGR, 
common rail injection system, diesel oxidation catalyst (DOC) and diesel 
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particulate filter (DPF).4 Measurement of the real-time transient emissions from the 
engine was accomplished using fast-response, two-channel analyzers enabling 
engine-out and tailpipe emissions to be logged simultaneously. The engine-out 
instruments were sampled through a common heated sample line and filter to 
protect the instruments from the high levels of HC and particulates expected, 
primarily during the regeneration event. This arrangement was found to be 
effective at preventing span drift caused by the excessive amounts of engine-out 
soot and unburned fuel during the regeneration process. The tailpipe instruments 
were sampled through a shorter, unfiltered and unheated single sample line.  

 

Figure 5.18. HC emissions during the first 400 s of the New European Driving Cycle before 
and after the diesel particulate filter (medium size, European sedan with four-cylinder, 2.2 L 
displacement volume, HSDI diesel engine – experimental results reprinted with permission 
from SAE Paper No. 2006-01-1079 [20], © 2006 SAE International) 

 
Similar to NOx or PM emissions, several spikes are observed during the various 

accelerations of the Cycle. As the engine load and fuel–air equivalence ratio 
increase, higher concentrations in the spray core are produced and more fuel is 
deposited on the walls. Particularly during the turbocharger lag phase, where Φ 
assumes higher than stoichiometric values, the shortage of oxygen favors 

                                                 
4 The scheduled ‘regeneration’ of the DPF is of particular interest in a modern diesel engine, as it 
requires the engine to operate in quite different regimes compared with ‘normal’ operation, and with 
different control requirements. The regeneration event typically demands temperatures above 550 C; it 
is usually initiated under high speed driving conditions, where the gas temperatures are higher. 
Retardation of the main fuel injection and introduction of  post-injection are two of the most popular 
means to achieve the high level of exhaust temperatures required for regeneration. The effect of the 
changes to the injection parameters is to increase DOC inlet temperatures directly and may cause a 
significant increase in HC, which reacts over the DOC to provide additional heat to the DPF. 
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production of the heavier unburned hydrocarbons. Tailpipe HC emissions are also 
provided in the same figure highlighting the DPF’s ability for effectively coping 
with this kind of emissions; in fact, immediately from start, there is already an 
apparent 50% ‘conversion’. This is caused by HC being adsorbed onto the after-
treatment components, most probably the washcoat of the diesel oxidation catalyst. 
In this case, the light-off temperature of the DOC is sufficiently low (and the 
overall trapping capacity sufficiently high) for the trapped HC to be oxidized on 
the DOC before it is desorbed. From cold start, we can see that HC trapping 
‘efficiency’ is approximately 50%. Once light-off occurs, the overall apparent 
conversion efficiency rises significantly.  

During the early part of the Cycle where the engine is still cold, abrupt 
increases in feedgas HC are apparent during load transitions, these being 
particularly noticeable during transitions from cruise to deceleration. It is 
interesting that these only occur during the first 200 s, where the catalyst is not yet 
hot and therefore some of the HC emerges at the tailpipe (less that trapped on the 
DOC). Clearly, there would be opportunities for reducing this transient HC 
breakthrough, although it is not a dramatic proportion of the total HC emitted over 
this period. All in all, although short-duration spikes in HC emissions are noticed 
during load transients through the Cycle, it is the catalyst’s light-off time that 
contributes more to the overall tailpipe emissions [20].  

Summarizing the above findings, HC emissions during a Transient Cycle of a 
turbocharged diesel engine are enhanced  

• during acceleration, load increases (and cold starting) owing to high local 
fuel–air equivalence ratios and low cylinder wall temperatures that 
ultimately lead to longer ignition delay periods (therefore limiting of 
maximum fueling or closing down of the EGR valve can prove beneficial, 
with the injection timing playing a secondary role); and  

• at the beginning of deceleration, owing to the instantaneously very low 
mass of injected fuel that is excessively diluted into the still high air-
charge, preventing the start or completion of combustion.  

As regards naturally aspirated engine transients, THC emissions have been 
measured up to several times their final steady-state concentration right after the 
start of the acceleration, before decreasing to their final values after several engine 
cycles (Figure 5.17) that is, a completely different evolution pattern compared with 
their NOx counterparts [18, 19, 21]. Again, THC emissions are mainly dependent 
on high fuel–air equivalence ratios being also unfavorably affected by the smaller 
wall temperatures during most of the transient event compared with the respective 
steady-state points; the differences show an increasing trend the higher the initial 
engine load as, in this case, more fuel is deposited on the cylinder wall enhancing 
the respective chemical reactions. For the same reason, the initial peak in naturally 
aspirated transient HC emissions is enhanced with fuels of higher viscosity or 
wider range of distillation temperature or lower cetane number (i.e., longer ignition 
delay), as well as with pistons of smaller cavity, and with lower coolant 
temperature. The above behavior is mainly determined by the increase in the C1 to 
C8 HCs, as regards the low HC components, and only partly by the increase in 
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ethylene C2H4, as regards the lower HC components, whereas unregulated toxic 
compounds such as benzene and 1,3 butadiene have a very small contribution [19]. 

5.4 Carbon Monoxide 

Carbon monoxide is a colorless, odorless and tasteless gas that forms as an 
intermediate combustion product. Its emissions depend mainly on the fuel–air 
equivalence ratio, being usually of low significance during steady-state diesel 
engine operation. For fuel-rich mixtures, such as those experienced during the 
turbocharger lag phase, CO concentration in the exhaust increases steadily with 
increasing Φ. The latter is documented in Figure 5.19, where a comparison is made 
between quasi-steady and transient carbon monoxide emissions during part of the 
European ETC Transient Cycle (cf. Figure A.2) for a turbocharged diesel engine.  
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Figure 5.19. Comparison between quasi-steady and transient CO emissions during part of 
the ETC Cycle (four-stroke, 12 L displacement volume, turbocharged, heavy-duty diesel 
engine – experimental results reprinted with permission from SAE Paper No. 2005-01-3852 
[22], © 2005 SAE International) 

Figure 5.20. Development of normalized CO emissions after a 0–90% increase in engine 
load for a turbocharged diesel engine 

Significant peaks are observed during acceleration (the same holds for load 
increases, as is demonstrated in Figure 5.20), where the local fuel–air equivalence 
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ratio exceeds the stoichiometric value leading to incomplete combustion. 
Instantaneous, transient CO emissions were measured up to 8 times the respective 
quasi-steady values (at 905 s in the Cycle) highlighting once again the different 
evolution pattern and magnitude of exhaust emissions during transients compared 
with steady-state operation. On the other hand, when the engine is in cruise (i.e., 
operates at quasi-steady conditions) or decelerates, fuel–air equivalence ratio 
assumes much lower values, hence CO emissions decrease substantially. 

In accordance with the above remarks, Lindgren et al. [23] showed that during 
loading with a wheel loader (non-road mobile machinery), CO emissions increased 
more than 200% compared with steady-state conditions; the postulated reason 
being again the failure of the turbocharger to reach a fully spooled state at low 
engine speed in combination with high loading torque. During the same operation, 
fuel consumption, NOx and HC emissions increased by 14, 16 and 60%, 
respectively. 

On the other hand, as is the case with soot, CO emissions during naturally 
aspirated transient operation practically follow the steady-state pattern, with 
minimum overshoot observed. 

5.5 Non-regulated Emissions and Odor 

Non-regulated emissions from diesel engines correspond to organic and air-toxic 
pollutants such as 

• aldehydes, i.e., organic compounds containing a carbonyl group (carbon 
atom double bonded to oxygen) of the following general formula 

 
where R is a radical; simplest aldehyde is formaldehyde HCHO; 

• benzene, which is a colorless, flammable, carcinogenic aromatic hydro-
carbon of the type C6H6 and of the formula 

 

 
 

• alcohols, i.e., organic compounds with a hydroxyl group (-OH) bound to a 
carbon atom of an alkyl or substituted alkyl group, having the general type 
CnH2n+1OH; 

• naphthalene, which is a volatile, crystalline, aromatic, white, solid 
hydrocarbon of the type C10H8, comprising of two benzene rings sharing a 
pair of carbon atoms; 



166 Diesel Engine Transient Operation 

 
• ketones, i.e., carbonyl group linked to two other carbon atoms or radicals 
 

 
• polycyclic aromatic hydrocarbons, also known as PAHs; these are 

compounds similar to benzene but consisting of four, five or six rings 
joined together; 

• nitrated polycyclic aromatic hydrocarbons, also known as NPAHs; these 
are similar to PAHs but with NO attached to one or more of the rings, etc. 

Non-regulated emissions are, usually, more difficult to measure, owing to their 
very small concentration (of the order of a few ppm), whereas their detailed 
mechanism of production is not absolutely clear. Gullett et al. [24] reported on the 
real-time emission characterization of some of the above pollutants during cold 
starting, hot starting and load increase transients of a medium duty diesel engine. 
During discrete load increases, benzene and methylated naphthalenes were found 
to increase in concentration, mainly at high loads, owing to the higher fuel–air 
equivalence ratios experienced, whereas naphthalene showed little apparent 
change, contrary to benzene, whose development is illustrated in Figure 5.21. 
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Figure 5.21. Benzene emissions after continuous load increases (four-stroke, six-cylinder, 
water-cooled, medium duty, turbocharged diesel engine – experimental results reprinted 
from Gullett et al. [24], copyright (2006), with permission from Elsevier) 

 
Emission rates for selected toxic hydrocarbons and carbonyl compounds are 

presented in Table 5.1 for various diesel and SI engined MY 2000 vehicles [25].  
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Table 5.1. Emission rates of selected toxic hydrocarbons and carbonyl compounds (mg/km) 
during various US Transient Cycles, measured with the CVS methodology (missing values 
are below detection limits – experimental results reprinted from Graham [25], copyright 
(2005), with permission from Elsevier) 

 
FTP-75 

Cold start 
phase 

FTP-75 
Transient 

phase 
HWFET NYCC US06 

Diesel vehicle 1 (four-cylinder, 1.7 L displacement volume, turbocharged diesel engine, 
rated at 66 kW at 4200 rpm, installed on a Mercedes-Benz A170) 

1,3-Butadiene 0.662 0.470 - 0.429 0.011 
Benzene 0.873 0.844 0.038 1.67 0.094 
Toluene 0.382 0.347 0.019 0.580 - 
Formaldehyde 17.7 12.8 0.78 27.6 2.06 
Acetaldehyde 9.85 5.96 0.41 12.6 1.23 
Acetone 4.96 3.00 0.46 3.22 1.40 
Diesel vehicle 2 (three-cylinder, 0.8 L displacement volume, turbocharged diesel engine, 

rated at 30 kW at 4200 rpm, installed on a SmartCar) 
1,3-Butadiene 0.879 - - 0.470 0.066 
Benzene 0.572 0.036 0.018 0.497 0.134 
Toluene 0.267 0.007 0.035 0.131 0.096 
Formaldehyde 15.7 0.75 0.33 12.5 4.30 
Acetaldehyde 7.42 0.24 0.15 5.66 1.90 
Acetone 3.67 0.38 0.11 3.75 0.94 
Diesel vehicle 3 (three-cylinder, 1.2 L displacement volume, turbocharged diesel engine, 

rated at 45 kW at 4000 rpm, installed on a Volkswagen Lupo) 
1,3-Butadiene 0.344 - - 0.228 - 
Benzene 0.507 0.094 0.001 0.429 0.041 
Toluene - 0.123 - 0.013 0.111 
Formaldehyde 5.10 0.97 0.01 7.93 0.64 
Acetaldehyde 3.72 0.73 0.13 4.32 0.48 
Acetone 1.84 1.26 - 3.99 0.44 
Gasoline Vehicle (four-cylinder, 2.0 L displacement volume, SI engine, rated at 103 kW 

at 5500 rpm, installed on a Renault Megane) 
1,3-Butadiene 0.803 - - - 0.017 
Benzene 5.20 0.045 0.003 0.071 0.260 
Toluene 29.2 0.314 0.320 - 0.989 
Formaldehyde 0.81 0.26 0.03 0.68 0.02 
Acetaldehyde 0.72 0.10 0.01 0.65 - 
Acetone 0.44 0.15 0.01 0.93 0.02 

Gasoline HEV (four-cylinder, 1.5 L displacement volume, SI engine, rated at 52 kW at  
4500 rpm, coupled to a 33 kW permanent magnet EM, installed on a Toyota Prius) 

1,3-Butadiene - - - - - 
Benzene 0.025 0.002 - 0.010 0.005 
Toluene 0.205 0.019 0.020 0.026 0.058 
Formaldehyde 0.12 0.07 0.07 0.39 0.08 
Acetaldehyde - - 0.06 0.20 - 
Acetone - - - - - 
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The cold start produced the highest hydrocarbons (1,3 butadiene C4H6, benzene 
and toluene C6H5CH3 in Table 5.1) emission rates of the FTP Test Cycle, though 
the increase compared with the hot-start (now shown) emissions was not that great. 
The high-speed driving of the HWFET and US06 Cycles produced lower emission 
rates due to the high temperature of the exhaust and the efficient operation of the 
oxidation catalyst. Only modest increases in the diesel vehicle emissions are seen 
in the US06 over the HWFET due to aggressive driving (cf. Table A.10). The 
emission rates for the NYCC are slightly higher than those observed over the FTP 
phases (other than cold start phase) for all vehicles. This is due in part to the short 
distance traveled during the test. For the gasoline HEV, the NYCC emissions are 
also very low, likely due to the hybrid design that allows the electrical drive system 
to move the vehicle at low speeds and loads while the engine, if still running, is 
operating in an efficient steady-state mode and is used to generate electricity to 
power the electric drive. 

Past research has indicated that carbonyl compound (formaldehyde, 
acetaldehyde CH3CHO and acetone CH3COCH3 in Table 5.1) emission rates for 
diesel-fueled vehicles are traditionally greater than for conventional gasoline 
vehicles; this trend is confirmed in the results given in Table 5.1. Carbonyl 
compound emissions from the diesel-engined vehicles are dominated by 
formaldehyde; acetaldehyde is the next most abundant carbonyl. Cold start 
emissions produce a larger number of detected carbonyl species. The US06 
emission rates are greater than the HWFET emission rates due to the aggressive 
driving characteristics of the cycle. Carbonyl compounds appear in the exhaust due 
to incomplete combustion and at the low power demand and low exhaust 
temperatures of a Cycle. The overall higher emissions of carbonyl compounds of 
the diesel-engined vehicles were also responsible for a substantial higher (under 
some conditions up to one order of magnitude) ozone-forming potential compared 
with their gasoline counterparts [25]. Similar remarks were made by                 
Kado et al. [26] concerning, mainly, diesel vs. CNG fueled bus engines during 
various American Transient Cycles. 

An abrupt increase in engine load results also in increases of exhaust odor. 
Odor is not a property of substances, but the result of stimuli with subsequent 
signal processing in the brain. Perceiving an odor by human senses when a 
threshold concentration is exceeded is, therefore, a reflection of sensory 
impressions. The perception of odor constitutes quite an ecological issue today, as 
it is usually associated with toxicity although this may not always be the actual 
situation. It is hydrocarbon and aldehydes (in particular formaldehyde) in the 
exhaust gas that have been primarily found to correlate quite well with odor [27]. 

5.6 Biodiesel 

Oxygenated fuels (alcohols such as bio-methanol or bio-ethanol) have been used as 
alternatives to gasoline fuel with success in reducing emissions from spark ignition 
petrol engines. Bio-ethanol and especially vegetable oils or their derived biodiesels  
(methyl or ethyl esters) are considered as promising fuels (oxygenated by nature) 
to supplant a fraction of petroleum distillates, having the added advantage of being 
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derived from biological sources showing, thus, an ad hoc advantage in emitted CO2 
reduction [28]. Biodiesel is a renewable fuel that can be produced from a variety of 
vegetable oils such as rapeseed oil, soybean oil, sunflower oil and palm oil, or 
animal fats, in batch or continuous systems, mainly through the transesterification 
process, where one ester is converted into another. This reaction proceeds with 
catalyst (base or acid) or without catalyst by using primary or secondary 
monohydric aliphatic alcohols, where the glycerol–based triesters (or triacyl 
glycerides) that make up the fats and oils are converted into monoesters yielding 
free glycerol as a by product: 

 Triglycerides + Monohydric alcohol → Mono-alkyl esters + Glycerol 

It is evident from the above reaction that biodiesel fuels consist of a mixture of 
transesterified free fatty acids of high molecular weight. The more widely used 
biodiesels are rapeseed methyl ester (RME) in Europe and soybean methyl ester 
(SME) in the US, collectively known as fatty acid methyl esters (FAME).  

The advantages of biodiesels as diesel fuel, apart from their renewability, are 
their minimal sulfur and aromatic content, higher flash point, higher lubricity, 
higher cetane number and higher bio-degradability and non-toxicity. On the other 
hand, their disadvantages include the higher viscosity and pour point, lower 
calorific value and lower volatility (Table 5.2).  

Table 5.2. Properties of typical diesel fuel, various biodiesels and vegetable oils 

Fuel Properties 
Density at 

15°C 
(kg/m3) 

Kinematic 
viscosity at 

40°C (mm2/s) 

Lower heating 
value (kJ/kg) 

Cetane 
number  

(–) 
Diesel fuel 837 3 42,700 50 

Cottonseed oil  
methyl ester 

885 4 37,500 52 

Soybean oil  
methyl ester 

885 4.1 37,300 51 

Sunflower oil  
methyl ester 

880 4.4 37,500 50 

Rapeseed oil  
methyl ester 

885 4.7 37,300 53 

Palm oil        
methyl ester 

870 4.5 37,200 50 

Cottonseed oil 910 34 36,800 38 
Soybean oil 925 33 37,000 38 

Sunflower oil 920 34 36,500 37 
Corn oil 915 35 36,300 38 

Olive kernel oil 925 32 37,000 39 
 

 
Furthermore, their oxidation stability is lower, they are hygroscopic, and as 

solvents may cause corrosion of components, attacking some plastic materials used 
for seals, hoses, paints and coatings. They show increased dilution and 



170 Diesel Engine Transient Operation 

polymerization of engine sump oil, thus requiring more frequent oil changes. For 
all the above reasons, it is generally accepted that blends of standard diesel fuel 
with up to 20% (by volume) vegetable oils or biodiesels can be used in existing 
diesel engines without any modifications, but there are concerns about the use of 
higher percentage blends that can limit the durability of various components, 
leading to engine malfunctioning. Thus, neat (i.e., 100%) vegetable oils or 
biodiesels are not viable options at present, but their addition to diesel fuel at low 
concentrations can be considered as equivalent to other oxygenated fuel additives, 
of course with the added advantage of renewability and emitted CO2 reduction.  

Biodiesel fuels have been found capable of substantially decreasing particulate 
matters, hydrocarbon and CO (although a slightly adverse impact on NOx 
emissions has been reported by some researchers5) during steady-state [30, 31] and 
transient conditions [32–36] of both light-duty and heavy-duty diesel engines.  
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Figure 5.22. Smoke opacity development during a 26–90 Nm load increase transient event 
at 1661 rpm for different diesel–sunflower biodiesel blends (four-stroke, four-cylinder, 
turbocharged and aftercooled, DI diesel engine of 2.2 L displacement volume, rated at        
85 kW at 4000 rpm – experimental results from Armas et al. [35], copyright (2006), with 
permission from Elsevier) 

 
Figure 5.22 illustrates typical sunflower biodiesel effects on smoke opacity 

development during a load increase transient event at constant engine speed. 
Clearly, smoke opacity was found to decline the higher the biodiesel content in the 
fuel blend with remarkable decrease actually observed when comparing (the rather 
extreme cases of) 70% or 100% biodiesel blends to neat diesel fuel. The latter 
effect has been attributed primarily to the following factors: 

• increased biodiesel oxygen concentration, which aids the soot oxidation 
process. Soot formation, caused by high temperature decomposition, 

                                                 
5 There is also at least one reference [29] that connects the decrease in particulate matter emissions from 
biodiesel use with increase in the number of (the more toxic) nanoparticles. 
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mainly takes place in the fuel-rich zone at high temperatures and pressures, 
specifically within the core region of each fuel spray. If the fuel is partially 
oxygenated, it could reduce locally fuel-rich regions and limit soot 
formation, thus reducing PM emissions. The same remark holds true for the 
case of diesel blends with (at least) up to 10% v/v bioethanol [37]); 

• combustion is mixing controlled, which means that there is more time 
available after diffusion combustion for soot oxidation; 

• longer carbon chains; 
• absence of aromatic and sulfur compounds that are generally considered to 

act as soot precursors (see also Figure 5.1). 

Figure 5.23 expands on the latter arguments by showing cumulative PM emissions 
from a heavy-duty diesel engine during the US EPA Transient Cycle (cf.        
Figure A.9) with respect to the biodiesel percentage fuel blend. Reduction up to 
66% (hot start) or 63% (cold start) was measured when running the engine with 
100% biodiesel (derived from transesterification of soybean oil) compared with 
conventional diesel fuel, without sacrifice in engine efficiency. At the same time, 
HC and CO emissions were reduced up to 45% with the respective NOx emissions 
increasing up to 11%. 
 

0 20 40 60 80 100
Percent Biodiesel (% weight)

0

0.1

0.2

0.3

0.4

PM
 E

m
is

si
on

s 
(g

/k
W

h)

 
Figure 5.23. Effect of soybean biodiesel content on averaged cumulative particulate matter 
emissions during the EPA Transient Cycle of heavy-duty diesel engines (experimental data 
adapted from Graboski et al. [32]) 

Some further aspects of biodiesel combustion explaining the behavior 
demonstrated in Figures 5.22 and 5.23 will be discussed below. When using small 
blend ratios, i.e., 10% and 20% by volume, which is the most usual case, the 
injection rate or the macroscopic behavior of the spray is almost identical for the 
neat diesel fuel and the biodiesel blended fuels used for the same engine operating 
conditions of injection timing, speed and load (brake mean effective pressure). The 
increased values of compressibility of the (liquid) biodiesel compared with the 
diesel fuel, which causes an earlier injection of fuel into the engine cylinder, is not 
expected to play an important role, as this injection advance difference is at most 
of 1°CA (crank angle) even for the neat biodiesel case.  

The same remark is anticipated to hold true for the influence of the cetane 
number, which is a little higher for the biodiesel than for the diesel fuel. This 
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influences the premixed combustion, by decreasing its duration (decreased ignition 
delay) the higher the cetane number. The only marked difference occurs in the 
atomization process, given that the mean droplet size is larger when biodiesel is 
used against the diesel fuel case. This is mainly due to the biodiesel having a 
higher kinematic viscosity than that of the neat diesel fuel. This fact and the 
different distillation curves, i.e., higher distillation curve for biodiesel than that of 
the neat diesel fuel, indicate that the evaporation process will be slower for the 
biodiesel and thus could affect the combustion process.  

As discussed above, the macroscopic behavior of the spray is almost identical 
for the neat diesel fuel and any other blended fuel used, so that the amount of 
instantaneous entrained and mixed air is also the same. Taking into account that the 
stoichiometric air–fuel ratio is of the order of 12.5 with the neat biodiesel and 15 
with the neat diesel fuel, this means that the air–biodiesel oil mixtures can reach 
the stoichiometric conditions nearly 15% faster than the air–diesel fuel mixture. 
Therefore, this difference in the air–fuel ratio, caused by the presence of bound 
oxygen in the biodiesel, must influence combustion. More specifically, if the 
combustion process is mixing controlled, the use of biodiesel injection has a 
beneficial effect, while if the combustion process is evaporation controlled, the 
effect is adverse. For turbocharged engines, where high temperatures and pressures 
exist during mixture preparation in the cylinder, the combustion process both for 
the diesel fuel and the biodiesel blends would tend to be rather mixing controlled.  

Prevailing theories on soot formation state that the inception of soot particles 
starts with polymerization of species containing a double carbon bond. Likewise, 
the absence of sulfur from the biodiesel should lead to lower particulate matter 
(PM) emissions. The somewhat higher cetane number of the biodiesel, compared 
with the neat diesel fuel case, may decrease NOx emissions due to the relatively 
lower ignition delay and thus shorter premixed combustion during which NOx is 
mainly formed; to this end also contributes the absence of aromatic compounds 
from the biodiesel. However, all these may be obscured by the delicate distribution 
of the fuel–air ‘packets’ inside the sprays, given that NOx production is favored by 
high local temperatures and near to stoichiometric (and slightly to the ‘lean’) local 
conditions.  

As was the case with the particulate matters in Figure 5.23 and CO emissions, 
the use of biodiesel blends of at least 20% by volume, can help reducing 
substantially non-regulated emissions too such as PAHs, NPAHs (recall that 
biodiesel does not contain any aromatics or PAH compounds), aldehydes (up to 
50%), sulfates and ketones. This was the result reached by Sharp et al. [36] for 
three turbocharged (bus and truck) diesel engines equipped with diesel oxidation 
catalysts during the 20 minute US heavy-duty Transient Cycle.  

Synthetic oxygenates such as glycol ethers or maleates can also prove quite 
efficient in reducing PM emissions during transients with limited (if any) NOx 
penalty, when added to the diesel fuel in small percentages (e.g., 5% v/v). Kozak et 
al. [38] studied the performance of a typical EURO IV, European diesel-engined 
passenger vehicle during the New European Driving Cycle and the American  
FTP-75 Cycle and found that the maleated fuels were responsible for up to       
25% PM emission reduction during the NEDC but, surprisingly, did not affect the 
respective emissions for the (much harder in terms of acceleration) FTP-75 
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Transient Cycle. Although NOx and CO2 emissions as well as fuel consumption 
were more or less kept at the same level as for the neat diesel fuel operation, a 
considerable increase in CO and HC emissions was reported.  

5.7 Combustion Noise 

The final class of emissions discussed in this chapter is engine noise. The three 
primary sources of noise generation in a diesel engine are (see also Figure 5.24) 

1. Gas-flow; 
2. Mechanical processes; and 
3. Combustion. 

From an acoustic point of view, the diesel engine is a very complex system 
comprising various dynamic forces acting on an equally complex structure of 
varying stiffness, damping and response characteristics. Gas-flow noise, usually 
low frequency controlled, is associated with the intake and exhaust processes, 
including turbocharging, and the cooling fan. Mechanical noise originates from 
inertia forces causing piston slap, from gears, tappets, valve trains, timing drives, 
fuel injection equipment and bearings.  

 

 
Figure 5.24. Engine noise generation (from Lilly [39], copyright Elsevier) 

The high rate of cylinder pressure rise, mainly after the ignition delay period 
causes vibration of the engine block, resulting ultimately in combustion noise 
radiation;6 the latter manifests itself as the characteristic diesel combustion knock. 

                                                 
6 Both combustion and inertia forces cause vibration of the engine structure resulting in noise emissions. 
Since gas forces in a diesel engine are higher than their inertia counterparts (cf. Figure 3.2), combustion 
noise prevails over other, mechanically originated, noise radiation. 
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Injection parameters, e.g., timing and amount of fuel injected during pre- and main 
injections define the rate of heat release playing, thus, a principal role. In order to 
analyze combustion noise, the cylinder pressure signal is examined on the 
frequency spectrum [39, 40]; Russell and Haworth [41] and Pischinger et al. [42] 
discuss various methods for measuring and analyzing combustion noise.  

Overall engine noise measured 1 m away from the engine surface typically 
ranges from 80–110 dBA depending, mainly, on engine size, speed and injection 
system. Particularly for diesel-engined vehicles, the unpleasant combustion knock 
is also a matter of passengers and pedestrians discomfort; it is not surprising then 
that the European Union (directives 70/157/EEC and 96/20/EC [43]), Japan and the 
US have imposed stringent regulations concerning noise emissions from vehicles, 
railroads and airplanes.  

Anderton and Baker [44] discuss the effect of various parameters on noise 
generated from diesel engines during steady-state conditions such as two vs. four-
stroke operation, naturally aspirated vs. turbocharged, cylinder configuration etc. 
The fundamental conclusion reached was that turbocharging the diesel engine 
produces lower high-frequency (this ultimately results in a slightly lower level of 
combustion noise) and higher low-frequency excitations; the same results are 
observed when the engine operates a two-stroke rather than a four-stroke cycle.  

Unsurprisingly, (combustion) noise development during a speed or load 
increase transient differs substantially from the respective steady-state operation 
[41, 45–47]. Head and Wake [46] were among the first to study the influence of 
accelerating rate, intake temperature, cylinder wall temperature and fuel injection 
rate on the noise emitted during accelerating operation of a diesel engine. The main 
finding was that combustion noise is generally higher during transients, typically of 
the order of 4–7 dBA, compared with the respective steady-state operating points. 
As will be analyzed later in the section, this was mainly attributed to the lower 
cylinder wall temperature during the first cycles of the transient event. An increase 
of piston slap generated noise during transients was also reported. 

Figure 5.25 taken from the work by Dhaenens et al. [48] illustrates 
experimental results for a 2.5 s, 1000–2200 rpm acceleration of a turbocharged, 
truck diesel engine. The experiments were performed in a semi-anechoic test cell 
according to the vehicle accelerated drive-by test (ISO R362); intake and exhaust 
orifice noise were eliminated and the gearbox was acoustically encapsulated in 
order to focus on pure engine noise. 

The analysis revealed that transient overall engine noise exceeded steady-state 
levels by 5 dBA maximum (measured at 1 m distance from the engine surface), 
while it was also characterized by a broadband level noise increase combined with 
amplified resonance effects. The structure vibration revealed higher acceleration 
levels especially at the engine liner, oil pan flange and oil pan. Intake and exhaust 
side noise was found 5 dBA higher during transients, whereas combustion noise 
(typically between 1 and 2 kHz octave frequency range, which are primarily sensed 
by human ear) increased even more, by 7 dbA, compared with steady-state 
operation. The latter is demonstrated in Figure 5.26, which shows noise excitation 
at the 1200 rpm operating condition of the transient test, based on third octave 
spectra. A similar analysis for the 1700 rpm intermediate operating point, however, 
revealed much lower differences, probably due to the already higher cylinder wall 
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temperatures. Similar results were reached by Rust and Thien [47] for naturally 
aspirated diesel engines, who also extended the analysis to load acceptance 
transients. 
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Figure 5.25. Transient vs. quasi-steady overall engine noise emissions during acceleration 
(EURO III, six-cylinder, DI, turbocharged diesel engine of 12.6 L displacement volume, 
rated at 355 kW at 2000 rpm – experimental results reprinted with permission from SAE 
Paper No. 2001-01-1566 [48], © 2001 SAE International) 
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Figure 5.26. Quasi-steady vs. transient combustion noise excitation at 1200 rpm conditions 
of a turbocharged diesel engine acceleration event (experimental results reprinted with 
permission from SAE Paper No. 2001-01-1566 [48], © 2001 SAE International) 
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The main mechanism behind the increase in combustion noise radiation during 
transients lies in the operating principles of a transient event. In the first cycles, 
after a load or speed increase, the injected fuel quantity has already increased 
substantially cooling down the charge-air temperature; however, the cylinder wall 
temperature is still low (up to 100°C lower than the corresponding steady-state 
conditions) as the thermal transient proceeds at a much slower rate (cf.         
Figures 2.22 and 2.23) due to the cylinder wall thermal inertia; this is highlighted 
in Figure 5.27. As was discussed in Section 2.3.2, the combination of increased 
fueling with the still low cylinder wall temperatures and ‘cooled’ charge-air 
temperatures results in longer ignition delay, hence more intense premixed 
combustion periods leading to steeper cylinder pressure gradients dp/dφ and, 
consequently, higher combustion noise levels (see also the conceptual diagram of 
Figure 5.28). The latter is enhanced by the lower charge-air temperatures, advance 
of dynamic injection timing and lower turbocharger compressor boost pressure due 
to turbocharger lag. 
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Figure 5.27. Sound level and cylinder wall temperature development during steady-state 
and transient accelerating conditions (two-cylinder, naturally aspirated diesel engine of     
1.7 L displacement volume, rated at 27 kW at 3000 rpm – experimental results adapted from 
Rust and Thien [47]) 

 
The above phenomena are even more prominent during cold starting, where the 

much lower cylinder wall temperatures lead to even longer ignition delay periods, 
hence, harsher combustion and higher noise emissions. Modern, electronically 
controlled, common rail injection systems with pre-injections can help by 
facilitating chemical and physical preparation of the air–fuel mixture, thus, 
reducing premixed combustion and limiting overall noise radiation during cold 
start; however, noise increase during transients compared with steady-state 
operation is still apparent [49]. 
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Figure 5.28. Mechanism of combustion noise radiation increase during transients 

 
Since the primary source of increased transient noise emissions is the longer 

ignition delay period during the turbocharger lag cycles, improvement measures 
should aim in reducing ignition delay, for example, by [48] 

1. optimization or reduction of start of injection shift during transients; 
2. optimization of injection rate, e.g., by pilot injection, in order to control the 

amount of premixed fuel as it is depicted in Figure 5.29;7 
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Figure 5.29. Effect of pilot injection on noise emissions under full-load acceleration at  
1600 rpm (six-cylinder, naturally aspirated diesel engine of 11.4 L displacement volume, 
rated at 177 kW at 2200 rpm – experimental results reprinted with permission from SAE 
Paper No. 870989 [47], © 1987 SAE International) 

                                                 
7  It should be noted that pilot injection is considered a successful measure to reduce the overall 
combustion noise emission level rather than the increase during transients. 
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3. faster increase of turbocharger compressor boost pressure as will be 
analyzed in Chapter 6; 

4. combustion chamber temperature rise, e.g., through load regulated EGR 
(depicted in Figure 5.30 – cf. conflict between EGR opening and soot 
emissions during transients (Figure 5.13)) or LHR operation; 

5. optimization of structure attenuation behavior with respect to combustion 
excitation; and 

6. effective encapsulation of those engine components that favor transient 
noise radiation. 
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Figure 5.30. Effect of EGR on noise emissions under full-load acceleration (six-cylinder, 
naturally aspirated diesel engine of 11.4 L displacement volume, rated at 177 kW at       
2200 rpm – experimental results reprinted with permission from SAE Paper No. 870989 
[47], © 1987 SAE International) 
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6 

Methods of Improving Transient Response 

6.1 Introduction 

Turbocharger lag is the most notable feature of diesel engine transient operation 
that drastically differentiates the torque pattern from the respective steady-steady 
conditions. Turbocharger lag is caused because, although the fuel pump responds 
rapidly to the increased fueling demand after a load or speed increase, the engine 
air-supply cannot match this higher fuel flow instantly but only after a number of 
engine cycles owing to the inertia of the whole system; the above phenomenon is 
enhanced by the unfavorable turbocharger compressor characteristics at low-loads 
and speeds. As a result of this slow reaction, the relative air–fuel ratio during the 
early cycles of a transient event assumes very low values (even lower than 
stoichiometric), deteriorating combustion and leading to slow engine (torque and 
speed) response and overshoot in particulate, gaseous and noise emissions. There 
are three approaches to cope with this problematic behavior, namely  

1. control of the fuel flow; 
2. speed-up of the system (engine, manifolds and turbocharger) response; and 
3. increase of the number of transmission gears for vehicular applications. 

In Sections 2.2 and 5.1, boost sensitive fuel limiters were identified as one 
successful and popular means of fueling control and consequently smoke emissions 
reduction, though at the expense of slower engine response and poorer (vehicle) 
driveability. This is, however, a ‘passive’1 method (and so is the increase of the 
number of transmission gears, which actually worsens driveability owing to the 
much more frequent gear-changes required), since it tries to cure one symptom, 
i.e., black smoke coming out of the exhaust pipe, rather than the cause, which is the 
                                                 
1 The use of terms ‘active’ and ‘passive’, here, is different from the terminology proposed in [1]. 
Winterbone used the term active to characterize those methods of improving response that require an 
external energy source, while the passive methods were those that relied on the engine configuration or 
control system alone. 
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turbocharger delay. In this chapter, we will focus on the ‘active’ methods for 
improving the transient response of the engine, manifolds and turbocharger. In 
general, turbocharger lag and the other associated system delays, hence the torque 
and speed response of a diesel engine, is a complex phenomenon that is influenced 
by a variety of dynamic, thermodynamic and design parameters, e.g., engine 
dynamics (moment of inertia, manifolds volume), governor characteristics, 
turbocharger dynamics, match, configuration and turbine nozzle area, engine 
fueling and valve timing; the most important of them will be analyzed in terms of 
load acceptance or acceleration transients and the major conclusions derived will 
be summarized in Table 6.1 at the end of the section. 

For a successful improvement in turbocharged diesel engine transient response, 
we need to look back into the turbocharger compressor characteristics (Figure 2.5). 
Recall that these are characterized by low delivery pressure and mass flow at low 
rotational speeds, as well as by relatively narrow flow range. The points that need 
to be addressed for better engine response are located exactly in this behavior (see 
also Figure 6.1 for a general layout). Improvement can be achieved, when focusing 
on the engine exhaust side, by somehow accelerating the turbine. Consequently, an 
increase in the power delivered to the compressor is realized, hence boosting its 
operating point. Alternatively, we can focus on the inlet side by directly increasing 
the air-supply delivered to the cylinders. At the same time, we should try to 
increase the delivery pressure overall (this will facilitate higher exhaust back-
pressure, faster turbocharger response, hence shorter fuel limitation and better 
driveability, as well as higher EGR rates) and widen the compressor mass flow 
range. For the latter, primarily desirable for automotive engines, the compressor 
surge limit poses a significant restriction. 
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Figure 6.1. Main mechanism of transient response improvement 

 
 
The various techniques that have been studied or developed so far for 

improving transient response can be classified as follows: 
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1.   According to the system whose response is improved, such as 

• methods that focus on the turbocharger, e.g., variable geometry turbine 
(VGT), combined supercharging, two-stage turbocharging, low inertia 
turbocharger etc.; and 

• methods that deal with the engine, such as fueling or valve timing control, 
low-heat rejection cylinder, manifolds volume and configuration, etc. 

2. According to the specific approach through which the improvement is 
established; in this case, reference is made to (see also Figure 6.2) 

• methods that deal with the dynamics of the system, namely the engine’s or 
the turbocharger’s mass moment of inertia, such as smaller turbocharger 
size or (to a certain degree) two-stage or sequential turbocharging, since it 
is well acknowledged that the turbine’s acceleration poses the most 
significant obstacle to the engine transient response. In the same context, 
manifolds volume and configuration influence the system’s (flow) inertia; 

• methods through which more favorable air-supply characteristics are 
established. These may focus on  

- the compressor side, e.g., the combined supercharging or the two-
stage turbocharging configuration, 

- the engine side, e.g., retarded injection timing or early opening of 
the exhaust valve, 

- the turbine side, with emphasis on the turbine nozzle area, e.g., 
variable geometry turbine or sequential turbocharging 
configuration; two-stage turbocharging is applicable here too, 

- a completely different supercharging scheme, e.g., mechanical 
supercharging or pressure wave supercharging; 

• methods that utilize an external energy source such as electrical or 
hydraulic assistance, e.g., electrically assisted turbocharging or hybrid-
electric powertrain or air-injection onto the compressor impeller. 

 

 
Figure 6.2. Classification of various methods of improving transient response 

 
It should be pointed out that the need for fast speed response and low exhaust 

emissions during transients may pose conflicting requirements on the engine 
calibration (typically optimized for low fuel consumption and exhaust emissions at 
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steady-state conditions), and this constitutes a significant challenge for the engine 
designer endeavoring to achieve best overall performance; at the moment, most 
engine control systems actually make interpolations between the steady-state maps 
in order to cope with the peculiarities during transients. The majority of the 
measures that have proven successful so far require re-matching of the engine with 
the turbocharger and an additional control system. This ranges from a simple 
mechanical actuator (waste-gate valve configuration in smaller-frame, low-inertia 
turbocharger units) to sophisticated and expensive electronic control units. The 
latter monitor via sensors various engine and turbocharger operating parameters, 
process them on a high-speed processor unit and decide on the optimum operation. 
The control system communicates with the engine management unit and may even 
be integrated in it.  

Most of the cases/results that will be discussed in the following sections stem 
from experimentally validated simulation codes and have also been confirmed in 
practice; however, since the majority of the transient models follow the single-
zone, filling and emptying approach, the availability of exhaust emission results is 
rather limited. Nonetheless, it is relatively safe to assume that minimization of 
turbocharger lag not only leads to faster engine response, but also produces lower 
amounts of exhaust and particulate emissions. 

Before proceeding to the various methods for improving turbocharged diesel 
engine transient response, a brief description of the impact of some important 
dynamic parameters on transient operation will be addressed in the following 
section, with special reference to the magnitude, type and duration of the applied 
load change. The insight gained by the analysis of Section 2.1 has provided a 
starting point for analyzing and understanding these parameters effect. For all cases 
examined in the next section, results from a moderately turbocharged and 
aftercooled, six-cylinder diesel engine are used for the analysis. 

6.2 Type and Features of Applied Load, and the Effect of 
Various Dynamic and Thermodynamic Parameters 

The magnitude of the applied load plays a primary role in engine response, mainly 
as regards maximum and final speed droop (Figure 6.3). At the initial steady-state 
conditions, the engine and load torques are equal and the air–fuel ratio high due to 
the low-loading. As soon as the new, higher load is employed, a significant deficit 
is observed in the net (engine minus resistance) torque, since the engine torque 
cannot instantly match its increased load counterpart, so that engine speed drops 
(cf. block diagram of Figure 1.7).  

Obviously, the higher the applied load, the higher this torque deficit during the 
early cycles of the transient event. This, in turn leads to a ‘harder’ turbocharger lag 
period, lower air–fuel ratio, higher crankshaft deceleration and lower engine speed, 
thus initiating larger governor displacement, greater fuel pump rack position, and 
higher values of engine torque, cylinder peak pressure and turbocharger speed. 
Turbocharger lag effects are more pronounced the higher the applied load, a fact 
leading also to higher soot emissions. As is revealed by Figure 6.3, the cycle where 
the engine speed assumes its minimum value seems to be advanced the higher the 
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final load, whereas the recovery period is less affected by the intensity of the 
applied load change (although this strongly depends on the specific governor 
characteristics). Higher applied loads put the whole engine under severe test, 
proving very demanding in terms of acceptable engine response and low emissions. 
Depending on the specific load change magnitude, even engine stall might occur, 
particularly if a 0–100% step load is applied without temporary over-fueling or if 
the engine operates under fuel-limiting schedule. The key parameters in Figure 6.3 
that affect the whole engine behavior during the transient event are the specific 
governor characteristics (the tighter the governor curves the lower the maximum 
speed droop) as well as the total mass moment of inertia (the lower the moment of 
inertia the larger the speed deviation, cf. Figure 6.7). 
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Figure 6.3. Effect of load change magnitude on engine transient response 

Figure 6.4 illustrates the impact of the type of the loading connected to the 
engine. It is recalled that the resistance torque term τL in the crankshaft torque 
balance Equations 3.15 and 3.19 can be approximated by the following relation 

3C
L L 1 2 Lτ (ω ) C C ω= +  (6.1) 

where 
1. for a linear load-type (electric brake, generator) C3=1; 
2. for a quadratic load-type (hydraulic brake, fixed pitch propeller, vehicle 

aerodynamic resistance) C3=2; and 
3. C1 is the speed-independent load term (e.g., road slope).  

In Figure 6.4, all three loading types (quadratic, rigid and linear) are investigated 
for the same step load increase. Obviously, the stronger the dependence of the load 
torque on speed, in other words the higher the C3 value in Equation 6.1, the smaller 
the observed speed droop, as now the load torque ‘follows’ closely the engine 
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speed response, and the faster the final equilibrium is achieved. On the other hand, 
larger speed droops (originating from smaller values of exponent ‘C3’) lead to 
more abrupt governor displacement and, consequently, higher fueling rate and 
cylinder pressure/gas torque; thus, greater crankshaft deformation values are 
experienced, together with longer duration of the transient event. The rigid loading 
(C3=0) is the most difficult case, since the response of the system depends on the 
engine alone. Nonetheless, since the particular engine of Figure 6.4 possesses a 
relatively high moment of inertia and the applied load change of 10–75% is 
definitely within the engine’s ‘capability’, the differences observed between the 
three examined resistance types are not that great. For this reason, a fourth case is 
also illustrated in Figure 6.4. Here, a 10–100% load change is examined for the 
rigid loading case; the fuel pump rack reaches its 100% position after almost        
17 cycles (roughly 1.7 s) and remains there unchanged, but it cannot prevent the 
engine from stalling since the load torque is higher than the maximum torque the 
engine can produce at these speeds unless some kind of over-fueling is permitted. 
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Figure 6.4. Effect of load type on engine transient response after a 10–75% step increase in 
engine load 

Figure 6.5 focuses on the effect of the duration of the employed load change. 
Fast load application increases considerably the initial crankshaft angular 
deceleration, thus affecting the whole speed profile and the cycle at which the 
minimum speed is observed (10th cycle for the instantaneous load application 
compared with the 33rd cycle for the ‘3 s’ case). Consistent with engineering 
intuition, the final equilibrium conditions are practically the same for all cases 
examined, since both the magnitude and the type of loading are the same. The most 
demanding case is the one with instant load application. Here, the load torque 
increases abruptly reaching its final value during the first cycle, while its engine 
counterpart responds with a delay, following the governor response to the speed 
drop as determined by the individual governor characteristics. Consequently, there 
is a considerable torque deficit during the first cycles of the transient event that 
leads to earlier, and considerably higher crankshaft deformations and friction 
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overshoot compared with the other cases. The harder turbocharger lag effects are 
reflected into higher peak and cumulative (up to the cycle where the engine speed 
equilibrates) smoke emissions in Figure 6.5. An unacceptable oscillatory form of 
engine recovery may also be observed in this case depending on the specific 
governor characteristics. On the other hand, a long load change duration causes 
smoother development of all engine and turbocharger properties as the whole 
transient event develops at a much slower, hence, ‘safer’ rate. Summarizing, 
although the examined load–time schedules in Figure 6.5 cover quite a large 
spectrum, the final engine speed droop remains practically unaffected, whereas the 
maximum speed droop and soot emissions are seriously influenced.  
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Figure 6.5. Effect of load change duration on engine transient response after a step increase 
in engine load 

 
It is a matter of the final applied load and type of resistance involved for an 

engine with one problematic cylinder to successfully cope (though with greater 
speed droop) with a specific load change. This interesting case is illustrated in 
Figure 6.6, where the static injection timing is delayed for cylinder No. 3 of the 
six-cylinder, turbocharged engine due to some malfunctioning of the fuel pump. 
Two cases are investigated as follows: in the first one, static injection timing is 
0°CA after TDC and in the second case 20°CA after TDC (in the nominal case the 
static injection timing is 26°CA before TDC). Delayed injection reduces 
considerably the efficiency of the third cylinder; in fact, as it is revealed from the 
bsfc sub-diagram, in the early cycles of the 20°CA after TDC case the third 
cylinder is motored by the other five cylinders, thus retarding the whole speed 
response of the engine by reducing the available total torque. Consequently, the 
fuel pump rack is forced to reach more extreme positions drifting the boost 
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pressure too (not shown). Even though only one of the six cylinders suffered a 
delayed injection, this was sufficient for a notable increase (12%) in the engine 
speed droop compared with the nominal case.   
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Figure 6.6. Effect of retarded injection timing for one cylinder of a six-cylinder diesel 
engine after a step increase in engine load 

The results from several other thermodynamic and dynamic parameters on 
engine transient response are summarized below. 

• A high engine mass moment of inertia (Figure 6.7) slows down the 
transient response, by lowering the maximum speed droop at the expense 
of increased recovery period. The obvious advantage here is the ability of 
the engine to cope successfully with higher and faster applied load changes, 
a fact that is important in industrial applications. Since the whole transient 
event develops more smoothly, with lower crankshaft decelerations and 
slower governor clutch movement, turbocharger lag effects are suppressed 
with positive effects on exhaust emissions. On the other hand, when 
automotive acceleration transients are involved, the increase in the 
recovery period imposed by a high moment of inertia manifests itself as 
poor vehicle driveability. 

• The compression ratio plays a secondary role during transients, affecting 
thermodynamic (e.g., peak cylinder pressures and temperatures, NOx 
emissions) but not dynamic properties. 

• Variation of the cylinder wall temperature during transients has a minimal 
effect on engine response and final conditions. However, the initial wall 
temperature slightly affects response, with the hot walls (of either cylinder 
or exhaust manifold) being more favorable, as now smaller amounts of 
exhaust gas energy are lost during the load or speed increase aiding faster 
turbine acceleration; a detailed analysis will follow in Section 7.3, in terms 
of low-heat rejection engine operation. 
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• Decreased ambient temperature slightly improves boost pressure build-up 
and speed response owing to the increased inlet air density. 

• Engine response at high altitude worsens owing to the decrease in both 
inlet air density and partial pressure of oxygen. 

• Reduced fuel cetane number is mainly responsible for prolonged ignition 
delay, affecting only marginally the engine acceleration. 

• As was discussed in Section 3.2.2, geometrical and technical characteristics 
of the governor affect the engine response seriously in terms of speed 
droop and recovery period, as well as the whole speed response profile. 
The impact of each term is sometimes conflicting when comparing speed 
droop and recovery period. 
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Figure 6.7. Effect of engine moment of inertia on engine transient response after a step 
increase in engine load 

6.3 Air-injection 

During the critical early cycles of a load or speed increase event, turbocharger 
delay is reflected into slow build-up of compressor boost pressure and shortage of 
combustion air, resulting in fuel–air ratio overshoot and combustion deterioration. 
One obvious reaction here is to aid engine response by supplying additional 
amounts of air, e.g., by injecting pressurized air stored in a bottle or tank into the 
compressor or inlet manifold or the turbine wheel. Injecting air onto the 
compressor wheel is, generally, more successful than air-injection onto the turbine 
blades, since it is more efficient to drive the compressor directly instead of 
increasing its boost pressure mechanically from the turbine side; moreover, the air 
that is injected in the compressor side is instantly available to the engine for 
combustion. Consequently, direct increase of air-supply is achieved and the 
duration of combustion discrepancies is reduced since the high air-flow into the 
engine cylinders can match the increased fuel quantity in just a few cycles, with the 
resulting high exhaust gas energy aiding faster turbocharger and engine response.  
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The method of air-injection into the compressor has proven successful in terms 
of speed recovery (the success is not so pronounced at cold starting transients), but 
this depends strongly on the duration and onset of injection. However, it falls short 
in as much as it requires engine (space) modifications, e.g., nozzles on the 
turbocharger housing, see also Figure 6.8 (care has to be taken in order to avoid 
blade resonance or unbalanced forces on the compressor rotor), an air tank, larger 
than normal air-brake (for truck engines) or air-starting (for industrial or marine 
engines) compressor capacity as well as integration of a control system (Figure 
6.9). Incorporation of an air-injection system into the compressor operation results 
also in slight modification of the compressor characteristics, namely an increase in 
the delivery pressure ratio for the same speed and mass flow, and reduction in the 
required torque to drive the compressor; effects on the surge line have been 
reported to be negligible, at least as regards four-stroke engine operation. 

 
 

 
Figure 6.8. View and design of a modified turbocharger for air-injection (reprinted with 
permission from Harndorf and Kuhnt [2]) 

 
Figure 6.9. Schematic arrangement of a simplified air-injection into the compressor control 
system 
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Ledger et al. [3, 4] and Winterbone et al. [5] proposed a method of air-injection 
into the centrifugal compressor with a control system interfaced to the four-stroke 
engine in order to support the modifications required. This consisted of a closed-
loop controlling the air-injection via the air–fuel ratio. The latter was measured as 
the quotient of air manifold pressure and fuel pump rack position. When the value 
was lower than a specified threshold (being a function of engine speed), air-
injection was initiated. Typical results are reproduced in Figure 6.10 for a 0–60% 
load acceptance aided by a 2 s air-injection duration right after the onset of the 
transient event. Following the assisted compressor operation, the air–fuel 
equivalence ratio was kept at adequately high values during the early cycles of the 
transient event, preventing combustion deterioration and establishing faster 
turbocharger response. As a result, the engine response time was approximately 
halved and the transient speed droop was significantly reduced. Further tests were 
performed with 100% step load applications; the standard engine was not capable 
of accepting this load, whereas when air-injection was applied (again for 2 s) 
satisfactory load acceptance was achieved [1].  
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Figure 6.10. Effect of air-injection on transient response after a load step of 60% full-load 
(medium-speed, turbocharged diesel engine rated at 1410 PS at 750 rpm – simulation results 
from Winterbone [1], reprinted by permission of Oxford University Press) 
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Further application of the latter air-injection assist on a six-cylinder, light-duty 
turbocharged diesel engine of 11.32 L displacement volume revealed a reduction in 
the time period with peak smoke from 3 to 0.5 s as well as improvement in the 
speed response from 4 to 1.5 s for a severe load acceptance transient at 1000 rpm. 
This was accomplished by applying 1 s air-injection duration, which provided an 
air consumption of about 0.1 kg. Similarly encouraging results were reported for 
acceleration transients. Harndorf and Kuhnt [2] quantified the transient soot 
emissions improvement for a similar engine configuration at approximately 50% 
the amount of emissions under operation without air-injection; when combined 
compressor and turbine air-injection was applied, the improvement was even 
higher.  

Of particular importance in air-injection configurations, is the exact injection 
schedule, i.e., onset and duration of injection as well as the pressure of the injected 
air. Figure 6.11 illustrates engine response after a severe load increase with and 
without air-injection for various air-assist schedules. Injecting air for 1 s at 3.45 bar 
was proven insufficient to prevent stalling as was also the case with the baseline, 
unassisted engine; however, if the injection duration lasts for 2 s, even lower 
injection pressures can prove beneficial for the successful engine recovery.          
Of course, the higher the injection pressure, the lower the maximum speed droop 
and the shorter the recovery period up to the final equilibrium. Although it was 
argued that higher injection pressures for a shorter duration were more effective, 
this is actually a subject of optimization for the engine under study, with the 
optimum injection pressure being a matter of careful choice in order to avoid the 
possibility of the compressor moving onto surge. 
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Figure 6.11. Comparison of transient response after a 0–16.88 bar bmep load increase with 
various air-injection schedules (four-stroke, six-cylinder, turbocharged diesel engine of 68 L 
displacement volume, rated at 746 kW – simulation results adapted from Ledger et al. [4]) 

Another important parameter of the air-injection assist scheme is the quantity of 
injected air, as this will determine the size of the air-reservoir necessary. For the 
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medium-speed engine of Figure 6.11, a reservoir of 0.45 m3 containing air at     
6.89 bar would supply sufficient air for a 3 s injection at 3.45 bar via a suitable 
reducing valve. A similar air-injection for a truck engine of 7 L displacement 
volume and a maximum rated speed of 2200 rpm, would require a reservoir of 
approximately 0.15 m3 mounted under the chassis and pressurized from the air-
braking system [4]. 

Air-injection through the inlet valve directly into the engine cylinders has been 
proposed as an even more effective technique because, in this case, the increased 
engine torque was instantly available. This was revealed by the work of Boy [6], 
who employed an air-tank in parallel to the turbocharger compressor with an air 
pressure of 30 bar, for a medium-speed marine diesel engine acceleration.  

6.4 Turbocharger Configuration 

Turbocharger properties and configuration play the most significant role in engine 
transient response, as it is the turbine’s rotor acceleration that contributes mostly to 
the phenomenon of turbocharger lag. In Section 2.1, the (flow inertia) impact of the 
specific turbocharging system, i.e., constant pressure vs. pulse turbocharging was 
discussed; in this section, we will focus on other important turbocharger properties, 
namely 

1. moment of inertia and  
2. configuration viz.,  

• combined turbocharging; 
• two-stage turbocharging;  
• variable geometry turbine; 
• electrically assisted turbocharging; and 
• sequential turbocharging.  

During transient operation, the turbocharger shaft torque balance is described 
by the following equation based on Newton’s second law of motion for rotational 
systems 

TC
mTC T C TC

dω
η τ τ G

dt
− =  (6.2) 

In Equation 6.2, Tτ  and Cτ  represent the turbine and compressor torque, 
respectively, and ηmTC is the mechanical efficiency of the turbocharger shaft. 
Improvements in response can therefore be achieved by increasing the turbine 
torque or by reducing the moment of inertia or by reducing the turbocharger shaft 
mechanical losses. 

It should be noted that, in general, faster turbocharger response means faster 
engine response and reduced smoke emissions. On the other hand, slow 
turbocharger response results in the engine behaving as naturally aspirated for a 
considerable portion of the transient event resulting in long fuel limiting action (in 
order to avoid excessive smoke emissions), hence slow engine response and poor 
driveability, with a possibility of stall when large load increases are employed in 
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industrial applications. From the above-mentioned methods, the reduction in the 
turbocharger moment of inertia adopting lighter materials is the most 
uncomplicated to apply since it does not modify the steady-state characteristics of 
the turbo-machines. Hence, the matching of the engine with the turbocharger 
remains unaltered as opposed to the similar philosophy method of choosing a 
smaller turbocharger frame. On the other hand, combined or sequential- or two-
stage turbocharging as well as variable geometry turbines affect strongly the 
steady-state performance of the engine, requiring a much more complex matching 
procedure during the design process as well as complicated and expensive control 
systems for their successful implementation. 

6.4.1 Turbocharger Mass Moment of Inertia 

Perhaps the most obvious technique for faster turbocharger, hence engine response, 
is associated with the former’s rotational moment of inertia. This subject has been 
treated in detail by Watson [7]. Following Equation 6.2, changes in turbocharger 
rotating inertia GTC have been found to have the strongest influence on the latter’s 
rotational speed response; it is not surprising then that turbocharger manufacturers 
try to design for the lowest possible inertia. This can be achieved 

• By adapting lighter materials, e.g., titanium aluminide TiAl, or ceramic 
ones such as silicon nitride, in order to decrease the turbine rotor mass. 
This is the most straightforward technique since it does not influence the 
turbine nozzle area, hence steady-state operation remains unaltered.  

• For multi-cylinder (‘V’-type) engines, a reduction in inertia can be 
achieved by replacing a single unit with two smaller ones operating in 
parallel (Figure 6.12 – this kind of configuration is sometimes referred to 
as ‘bi-turbo’); in this case, the nozzle area is altered (decreased) but so 
does the mass flow through each turbine. 

 

 
Figure 6.12. V-20, marine diesel engine producing 9,000 kW at 1000 rpm, with two 
turbochargers in parallel each feeding one bank of cylinders (courtesy of MAN Diesel) 

• If the flow requirements for a specific engine application lie in the mid-
range of one turbocharger frame, the same requirements might be met by 
another unit at the top of a smaller size provided, of course, that the 
efficiency is maintained at sufficiently high levels. In this case, however, 
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the lower turbine nozzle area of the smaller turbocharger frame alters the 
whole (steady-state) matching between engine and turbocharger. 

Most of the turbocharger inertia (70% or even more) is typically associated 
with the turbine wheel owing to the high density material with respect to that of the 
compressor impeller, and large diameter compared with the shaft. The inertia of the 
turbocharger disc is proportional to the fourth power of diameter, but since tip 
width and rotor length tend to increase with diameter, turbine inertia is more 
closely related to the fifth power of diameter, i.e., 5

TCG d∝ . This suggests that 
reducing turbine (and compressor) rotor diameter will strongly influence 
turbocharger and, consequently, engine speed response, albeit at the expense of 
turbocharger efficiency, mainly owing to the higher rotational speeds encountered 
(see also Figure 2.5 – the higher turbocharger speeds are usually associated with 
lower isentropic efficiencies). Hopefully, as diameter is reduced, the penalty in 
efficiency changes much more slowly than inertia. 

Acceleration of the turbocharger to a desired speed implies that a certain kinetic 
energy has been imparted to the rotor. Assuming zero initial speed for simplicity, 
the kinetic energy change of the rotor is 

2
kin TC TC

1E G
2

= ω  (6.3) 

Hence, the energy input to accelerate the turbocharger is proportional to inertia and 
the square of rotational speed. Thus, 

2
5 3

kin
1E d d
d

⎛ ⎞∝ =⎜ ⎟
⎝ ⎠

 (6.4) 

This is a strong reason to reduce diameter, at the expense of increased speed, a 
technique that has the additional advantage of reducing turbocharger size for a 
specified mass flow-rate [7]. 

By reducing the turbo-machines diameter, hence turbocharger inertia, faster 
acceleration of the turbocharger shaft is established; the higher achieved rotational 
speed moves the compressor operating point towards higher boost pressure and air-
mass flow-rate values. The increased air-supply to the engine cylinders minimizes 
the fuel limiter’s function, thus allowing higher amounts of fuel to be injected 
without fear of smoke emissions. That, in return, increases the exhaust gas energy, 
hence turbine power, and the transient event develops much faster and with lower 
amounts of emissions. The above arguments are highlighted in an explicit way in 
Figure 6.13 for an acceleration event of a highly-rated turbocharged diesel engine.  

Initially, the engine is running at low-speed and low-load conditions, hence 
turbocharger speed is low and boost pressure is almost equal to atmospheric 
pressure. Afterwards, the speed demand lever is rapidly moved to its maximum 
position, with the load being applied according to the propeller law. Initial engine 
acceleration from 1000–1400 rpm seems not to be influenced by turbocharger 
inertia, since the engine has no boost during the first 0.5 s, even with the lightest 



196 Diesel Engine Transient Operation 
 
turbocharger. Thus, the engine accelerates in response to the no-boost fuel 
controller limit on fuel delivery. In any case, engine response in Figure 6.13 is 
rapid, since the applied load is relatively low.  
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Figure 6.13. Effect of turbocharger moment of inertia (same frame) on propeller law engine 
acceleration of a highly-rated turbocharged diesel engine (simulation results reprinted with 
permission from SAE Paper No. 810338 [7], © 1981 SAE International) 
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Turbocharger acceleration is significantly influenced by changes in inertia. This 
affects the subsequent engine response via the fuel controller. Thus at the 1 s point, 
the lowest inertia turbocharger has developed a pressure ratio of 1.4, allowing the 
fuel controller to inject more fuel. This enables the engine to continue accelerating 
rapidly. In contrast, the highest inertia turbocharger takes 2 s to deliver any boost, 
and three times as long to reach a pressure ratio of 2; fuel delivery is limited by the 
fuel controller, hence engine response is very slow [7]. 

Similar results hold for load acceptance transients, such as the one illustrated in 
Figure 6.14. Smaller turbocharger inertia (frame) reduces maximum and final 
engine speed droop by facilitating a steeper turbine response (‘circled’ in Figure 
6.14). Combustion deterioration cannot be totally prevented, but the much smaller 
duration of the turbocharger lag ensures a smoother response and lowers soot 
emissions during the early cycles of the transient event. It should be noted, 
however, that a very low turbocharger inertia may, under some circumstances (e.g., 
depending on the specific governor characteristics), lead to an oscillatory engine 
recovery, which is unacceptable both in terms of recovery time and crankshaft 
stress. 
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Figure 6.14. Effect of turbocharger mass moment of inertia on engine transient response 
(six-cylinder, turbocharged and aftercooled, DI diesel engine) 

 
A particular aspect of low-inertia turbochargers, originating from application of 

smaller turbocharger frame, is the fact that at high engine speeds and loads, over-
boosting of the engine might be experienced owing to the very high-pressure ratios 
induced at the high turbocharger speeds for the small turbine nozzle area; this may 
prove extremely dangerous for safe engine and turbocharger operation. The usual 
approach here is to install an exhaust waste-gate valve (Figure 6.15); the latter is 
internally built into the turbine casing (although external waste-gate valves do 
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exist), and consists of a spring loaded valve, which gradually opens in response to 
the inlet manifold pressure allowing by-pass of an amount of exhaust gas directly 
to the atmosphere. At the same time, the effective flow area out of the exhaust 
manifold is increased. This reduces the exhaust gas pressure, with obvious benefits 
in terms of reduced pumping work, and better engine efficiency.  
 

 
 

 
Figure 6.15. Upper: Schematic arrangement of waste-gate controlled exhaust gas 
turbocharging system (from Zinner [8], reprinted with kind permission from Springer 
Science+Business Media). Lower: Modern automotive turbocharger with waste-gate valve 
(courtesy of BorgWarner Turbo Systems) 

 
Following Equation 6.2, a reduction in the turbocharger shaft frictional losses 

results in higher turbocharger efficiency ηmTC and, therefore, a higher amount of 
mechanical power is delivered to the compressor, hence quicker compressor boost 
pressure and air-mass flow build-up is accomplished. However, the improvement is 
very modest compared with the inertia effects. 
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6.4.2 Combined Supercharging 

In Section 2.1, the merits of mechanically assisted supercharging were introduced 
in terms of transient engine operation. Two important parameters that favor engine 
transient response with such a supercharging scheme were identified. Specifically, 
compressor speed that is directly related to engine speed, whereas high boost 
pressure can be achieved even at low (engine) speeds and air-mass flow-rates 
owing to the specific flow characteristics of displacement type compressors. 
Nonetheless, application of this supercharging configuration is limited owing to the 
higher fuel consumption due to the power drawn from the engine crankshaft to 
drive the mechanical compressor, and the design considerations originating in the 
mechanical connection between crankshaft and compressor. The combined or 
‘hybrid’ supercharging scheme (Figure 6.16) attempts to merge the advantages of 
mechanically assisted supercharging and exhaust gas turbocharging in one 
configuration.2 A positive displacement compressor – typically ‘Roots’ blower or 
screw or Wankel type – usually of small size (C1) is directly coupled to the engine 
crankshaft via a (fixed ratio) electro-mechanical clutch, feeding the turbocharger 
aerodynamic type compressor (C2).3  

 
Figure 6.16. Schematic arrangement of combined supercharging configuration with its 
simplified control system, incorporating a twin-entry turbine 

                                                 
2 In the literature, the use of more than one turbo- or superchargers is sometimes referred to as 
‘sequential’ or ‘twin’ or ‘two-stage’ turbocharging. In this book, the term ‘combined supercharging’ 
will be used for the series arrangement of a mechanical supercharger and an exhaust gas turbocharger, 
the term ‘two-stage turbocharging’ (Section 6.4.3) will be used to describe two exhaust gas 
turbochargers installed in series, and the term ‘sequential turbocharging’ (Section 6.4.6) will be used to 
describe two or more exhaust gas turbochargers operating in parallel. 
3 Such a supercharging scheme is also met in two-stroke engines, with the displacement type 
compressor assisting the scavenge process at low engine loads and speeds. 
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This kind of arrangement is illustrated in Figure 6.17 for a spark ignition 
engined vehicle. 

 

 
Figure 6.17. Combined supercharging configuration incorporating a Roots mechanical 
blower and an exhaust gas turbocharger connected in series (courtesy of Volkswagen 
Group) 
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Figure 6.18. Comparison of boost pressure between mechanical supercharging, exhaust gas 
turbocharging and combined supercharging (reprinted with permission from Schmitz et al. 
[9]) 

Obviously, the engine benefits from this setup at steady-state conditions too, 
with the air-supply being higher than that of exhaust gas turbocharging alone since 
the two delivery pressure ratios are multiplied. Figure 6.18 describes in an explicit 
way the advantages of combined supercharging compared with exhaust gas 
turbocharging or mechanical supercharging in terms of achieved boost pressure. At 
low engine speeds and loads, where the exhaust gas energy is not adequate to 



 Methods of Improving Transient Response 201 
 
provide enough boost to compressor C2, compressor C1 is active; likewise, at the 
onset of an acceleration transient event in the low and medium speed range, 
compressor C1 aids faster engine response since it follows directly the engine 
acceleration. By so doing, the unfavorable flow characteristics of the exhaust gas 
turbocharger compressor at low engine speeds and loads are remarkably improved 
since the mechanical supercharger provides boost pressure irrespective of engine 
load. Moreover, since the delivery pressures from the two compressors are 
multiplied, the use of a smaller turbocharger frame is enabled with obvious 
benefits in terms of faster turbocharger response. For steady-state engine operation 
in the middle speed range as well as for steady-state and transient operation at high 
engine speeds, the air-supply by-passes the mechanical compressor and its 
turbocharger counterpart is the sole booster device. The most significant 
drawbacks of combined supercharging are the mechanical connection between 
engine and positive displacement compressor as well as the need for a complex 
control system that takes into account various engine and supercharger variables 
such as the engine speed and load (pedal position), vehicle speed, boost pressure, 
exhaust back-pressure, etc. (Figure 6.16).  

By closer examination of the curves in Figure 6.18 the following merits of 
combined supercharging can be identified 

• relatively flat torque curve; 
• considerable increase of engine torque in the low-speed range compared 

with conventional exhaust gas turbocharging, which results in 
• narrower range of fuel limiting control; and 
• primary use of the exhaust gas turbocharger in the medium and high engine 

speed range, where its characteristics are better suited to the reciprocator. 

Application of the above combined supercharging configuration on a vehicle 
yields the acceleration response demonstrated in Figure 6.19. When using 
conventional exhaust gas turbocharging, the recovery period up to the demand 
speed is 19 s; with combined supercharging, on the other hand – applying a 
Wankel type mechanical compressor – a remarkable 30% reduction is 
accomplished without overshoot in smoke emissions. The main mechanism behind 
this considerably faster acceleration is the fact that sufficiently high amounts of 
engine torque are available still from the early cycles of the transient event, owing 
to the additional boost offered by the mechanical compressor (recall that a 
displacement compressor (Figure 2.7) is characterized by steep pressure ratio 
curves). Consequently, the engine runs in smoke-limited operation for much 
smaller time as the turbocharger lag is minimized compared with the 
conventionally turbocharged operation, and acceleration proceeds much faster.  

Notice the change in the slope of the engine speed curve for the exhaust gas 
turbocharged vehicle at approximately t = 13 s, which is attributed to the increase 
in boost pressure a few seconds earlier. In fact, for the first 8 s of the transient 
event, the conventional turbocharger’s boost pressure has not increased at all (the 
engine operates in naturally aspirated, hence fuel limiting mode during all this 
time), whereas for the combined supercharged vehicle, an immediate rise in boost 
pressure is accomplished. However, right after the mechanical unit was disengaged 
the charge pressure dropped to almost 70% of the maximum before recovering 
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relative quickly. Moreover, the combined supercharged vehicle accelerated from a 
higher initial boost pressure (hence turbocharger operating point and rotational 
speed), a fact that further contributed to the faster response.  

Improvement in engine starting behavior through combined supercharging has 
been also reported [10]; this was accomplished with a slightly different 
configuration, where the mechanical compressor was fitted downstream of the 
aerodynamic one and operated via the crankshaft (preferred) or the starter motor of 
the vehicle. 
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Figure 6.19. Improvement in engine transient response using a combined supercharging 
configuration for a no-load 500–1900 rpm acceleration (40 t truck operating in tenth gear; 
dashed line corresponds to exhaust gas turbocharging and dash-dotted line to combined 
supercharging – simulation results reprinted with permission from Schmitz et al. [9])  

6.4.3 Two-stage Turbocharging 

Two-stage turbocharging primarily addresses the need for increased bmep, 
typically above 25 bar often required in large trucks or industrial-marine 
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applications. In order to achieve such a specific power production, an inlet pressure 
of at least 3.5–4 bar is needed, which is not recommended with single-stage units 
owing to the low efficiency and narrow flow range of aerodynamic compressors at 
high-pressure ratios. Instead, two-stage turbocharging is applied (Figures 1.1 and 
6.20), where the two turbochargers are connected in series. The first is the low-
pressure (LP) unit fitted upstream of the (smaller) high-pressure (HP) one, with an 
aftercooler and, possibly, an intercooler between the two compressors. Depending 
on the specific application (automotive, marine) the following may be part of a 
more sophisticated two-stage configuration: a valve downstream of the LP 
compressor for by-passing the HP unit in order to avoid over-speeding, one or two 
waste-gate valves, twin-entry and/or variable geometry turbine arrangement.  

 
 
 

 

 
Figure 6.20. Regulated two-stage turbocharging unit for automotive use (left photo courtesy 
of BorgWarner Turbo Systems; right photo courtesy of BMW AG) 

 
Two-stage turbocharging achieves higher boost pressures, owing to the 

multiplication of the delivery pressure ratios, hence the air-supply to the engine 
cylinders is improved in the low-speed region increasing torque and facilitating the 
use of higher EGR rates without smoke penalty. When considering the operation of 
two-stage units, the most important issues that have to be addressed is the control 
system (Figure 6.21) as well as the matching between engine and turbochargers, 
which is clearly a more difficult task (size relation between the two units, effective 
area of the turbines, flow range, surge avoidance, altitude operation, etc.) compared 
with single-stage turbocharging, as the second unit induces one more degree of 
complexity. In the case of automotive or truck engines, the matching issues are 
enhanced by the additional requirements for wide speed range and good torque 
back-up. There are particular aspects of two-stage turbocharging that favor 
transient operation; these originate in both flow and dynamic grounds, namely 

• the reduced speed change of the most influential in terms of response HP 
unit (this may be of variable geometry arrangement), which also operates, 
generally, at higher rotational speeds; and  

• the reduced moment of inertia of the individual stages compared with the 
single unit. 
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The HP turbine can benefit from the LP one due to the fact that the kinetic 
energy needed to accelerate the two sets is lower than that for a (larger) single unit 
(recall that turbocharger inertia is related to the fifth power of diameter). The use 
of two (smaller) units results in much lower total inertia.  

 

 
Figure 6.21. Schematic arrangement of an automotive two-stage turbocharging 
configuration with its simplified control system 

 
As is revealed in Figure 6.22, the lower the HP unit’s inertia, the faster turbine 

acceleration is achieved, hence, air-supply build-up and engine response. Whereas 
the single-stage unit needed almost 3.5 s for the boost pressure to achieve its final 
steady-state value, the low-inertia two-stage unit required only 2 s, that is a 
remarkable 40% reduction. However, a very small HP unit comes at a cost, namely 
engine efficiency may worsen at steady-state conditions requiring a comprehensive 
control algorithm for optimum performance.  

In fact, Figure 6.23 reveals that the two-stage unit with the small HP turbine 
exhibits worse fuel consumption than the single-stage turbocharger. Nonetheless, 
at low engine speeds the compressor of the single-stage system was running in the 
surge area during a large part of the cycle, whereas at high engine speeds its speed 
exceeded the safe running limits. This fact, which is attributed to the small 
operating range of a centrifugal compressor at high rotational speeds, was 
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counterbalanced by applying the two-stage system that was capable of providing 
excess air at medium to high engine speeds; the latter also incorporated a waste-
gate valve for safer HP unit operation at high speed and load conditions.  
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Figure 6.22. Improvement in engine transient response using a two-stage turbocharging 
configuration (four-stroke, EURO III engine of 12.6 L displacement volume rated at        
450 kW at 1900 rpm – simulation results from Sturm and Kruithof [11], reprinted with 
permission from the Aachener Kolloquium)  
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Figure 6.23. Comparison of steady-state fuel consumption with single- and two-stage 
turbocharging configurations (simulation results from Sturm and Kruithof [11], reprinted 
with permission from the Aachener Kolloquium)  

Further results concerning an extreme case experienced by an industrial engine 
during severe load acceptance are illustrated in Figure 6.24. During the load 
increase, the margin of torque developed instantaneously by the single-staged 
turbocharged engine over that applied by the load is not sufficient to prevent stall. 
Since the trapped equivalence ratio, without fuel control, reaches 1.3 (the minimum 
operational fuel–air ratio for the engine was set at 18:1), there is a lack of sufficient 
combustion air. On the other hand, with two-stage turbocharging, the HP unit 
initially accelerates at almost the same rate as the single unit but the work done by 
the LP unit helps to raise inlet manifold pressure more rapidly, thus preventing stall 
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[12, 13]. Notice the higher initial rotational speed of the HP unit compared with its 
LP counterpart. 
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Figure 6.24. Comparison of load acceptance with single- and two-stage turbocharging for  
0–15 bar bmep load change in 0.25 s (two-stage turbocharged engine without fuel limit 
control – simulation results from Watson et al. [12], reprinted with permission from the 
American Society of Mechanical Engineers) 

6.4.4 Variable Geometry Turbine 

The basic aspects of VGT operation were discussed in Section 2.4, with         
Figure 2.38 describing the main VGT control strategy during transients and   
Figure 2.39 illustrating a typical VGT engine response. In this section, we will 
focus on the driveability effects of variable geometry turbocharger configurations 
compared with fixed geometry, conventional units. During transient operation 
(either load or speed increase) the main strategy of the VGT is the reduction of the 
nozzle area by closing down the vanes so as to increase the back-pressure and 
enthalpy drop across the turbine, thereby boosting the compressor operating point. 
By so doing, faster build-up of the engine air-supply is established, minimizing 
fuel limiting function and improving driveability and emissions. At the same time, 
the EGR valve is closed to support filling of the cylinders with fresh air. As soon 
as the air-supply to the engine has been built-up, gradual opening of the VGT 
vanes follows in order to prevent over-boosting. The positive effects of VGT 
during transients come therefore as the result of improvement in flow 
characteristics and air-supply, whereas the dynamics (inertia) of the turbocharger 
are not altered.  
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Figure 6.25. Effect of VGT on engine speed development during second gear acceleration 
from 600 rpm (six-cylinder, turbocharged diesel engine of 11 L displacement volume, 
installed on a 20 t truck – experimental results adapted from Matsura et al. [10]) 

 
The advantages of VGT engine transient response compared with its 

conventional turbocharged counterpart are illustrated and quantified in Figures 
6.25 and 6.26 for two typical automotive transient tests, namely engine 
acceleration and performance over a Transient Cycle, respectively. Figure 6.25 
focuses on a low-load acceleration of a 20 t vehicle powered by a four-stroke, six-
cylinder diesel engine. For the VGT engine a speed- and load-dependent VGT 
control strategy is adopted as follows: in the extremely low-load and low-speed 
range, the VGT vanes are scheduled to minimize nozzle area in order to improve 
response by maintaining adequately high boost pressure. In the middle-load range, 
the vanes maximize nozzle area in order to improve fuel consumption by reducing 
the pumping loss caused by the positive difference between exhaust- and inlet 
manifold pressure. For the high-load operating range, nozzle vanes occupy three 
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positions (minimum, middle and maximum) according to the increase in engine 
speed.  

Closing down of the VGT vanes right after the onset of the transient event 
results in much faster turbocharger acceleration and boost pressure build-up 
compared with the conventionally turbocharged engine, hence speed recovery is 
faster. For example, time up to the intermediate speed of 2100 rpm is reduced by 
0.6 s (or 15%) for the VGT compared with the conventional vehicle. As soon as 
the boost pressure has assumed an adequate value, VGT vanes gradually open to 
avoid over-boosting, that is why a reduction in the delivery pressure at 
approximately t = 3 s is observed.  

Figure 6.26 expands on the previous results by highlighting a much more 
difficult and demanding case in terms of engine and VGT response during the US 
Highway Driving Cycle (cf. Figure A.5 in Appendix A). For the results given in 
this figure, an emissions oriented VGT control strategy was adopted, i.e., exhaust 
manifold pressure being always 0.5 bar higher than its inlet manifold counterpart, 
in order to maintain flow through the EGR. A P-I controller was implemented to 
adjust the blade settings based on the target pressure difference. The intention was 
to examine the repercussions of a control strategy that utilizes an adjustable EGR 
valve, and prefers the authority of the EGR valve over residual flow-rates to that of 
the VGT nozzle setting. By so doing, the emphasis is on the assessment of VGT to 
provide desirable conditions in the intake air/exhaust sub-systems during transients 
and on engine/turbocharger matching and response issues [14].  

Sudden and very rapid changes of engine speed and fueling cause dramatic 
fluctuations of exhaust manifold pressure, thus triggering equally dynamic changes 
of VGT settings as the P-I controller struggles to provide sufficient correction. 
Closing down of the VGT vanes during the accelerations of the Transient Cycle 
resulted in significant boost pressure increase, still from the onset of the test. 
Overall, the VGT blade position (not shown) varied between approximately zero 
(almost fully closed) and 0.4, i.e., the flow through the turbine was restricted 
during much of the Cycle in order to provide the required back-pressure for EGR 
flow. As a result, the fuel–air equivalence ratio was much lower, minimizing fuel 
limiting function and aiding faster engine torque response. The observed reduction 
of fuel–air ratio illustrates the potential of the VGT to minimize the side effects of 
turbocharger lag in terms of exhaust gaseous and particulate emissions described in 
Chapter 5. Except for the near idle operation at the beginning of the Cycle, the 
VGT controller was able to provide the target pressure difference across the engine 
throughout the transient test. However, the rather aggressive emissions oriented 
strategy caused, on the one hand, the turbocharger to operate at much higher 
speeds throughout the whole Cycle, and, on the other hand, the compressor 
operating points moved closer to the surge line, a fact that underlines the 
importance of  a careful full-range matching procedure. A more conservative 
pressure difference between exhaust and inlet manifold would have to be adopted, 
particularly at high engine speeds in order to compensate for the above 
inconvenience. This is actually the case illustrated on the upper sub-diagram of 
Figure 6.26; an alternative, performance oriented, VGT strategy for high-load 
conditions (VGT blade position adjusted so as to achieve desired boost pressure 
depending on engine speed) is employed here. This managed to attain an almost 
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constant turbocharger speed throughout the whole Transient Cycle at the expense 
of lower boost pressure and higher fuel–air ratios (not shown in Figure 6.26), 
compared with the emissions oriented strategy. Consequently, the variations of the 
pressure in the intake manifold with engine load were kept at very low level too. 
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Figure 6.26. Effect of VGT strategy on engine response over the US Highway Driving 
Cycle (V-8, turbocharged and aftercooled diesel engine of 7.3 L displacement volume, rated 
at 210 PS at 2400 rpm – simulation results reprinted with permission from SAE Paper No. 
2001-01-1247 [14], © 2001 SAE International) 

6.4.5 Electrically Assisted Turbocharging 

The ability of a (fixed geometry) turbocharger turbine to extract power from the 
exhaust gases depends on the latter’s mass-flow and temperature. Consequently, at 
low engine speeds and loads the energy potential of the turbine is limited, 
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producing low boost pressure and delaying engine torque response. A possible 
solution would be an electrically assisted turbocharging configuration; this makes 
use of an asynchronous (induction) electric motor or a synchronous type (e.g., 
reluctance motor or permanent magnet) mounted on the turbocharger shaft (Figure 
6.27 upper sub-diagram).  

 

 

 
 

Figure 6.27. Upper: Schematic arrangement and simplified control diagram of diesel engine 
with turbocharger electric motor (EM) assist. Lower: Alternative combined supercharging 
configuration with electrically driven compressor 

 
The electric motor is called to offer additional power to the compressor when a 

transient or starting event is detected, with its primary application being in 
automotive engines. The power to drive the electric motor is typically drawn from 
the battery of the vehicle, a fact that is expected to affect efficiency, particularly at 
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low engine speeds. A comprehensive control algorithm determining the onset, 
magnitude and duration of electrical power assist must be also integrated in the 
engine control unit, taking into account various operating parameters of the engine, 
battery and turbocharger. Cost of the system is also a parameter that has to be taken 
seriously under consideration. An alternative configuration makes use of an 
electric motor driving a separate compressor (Figure 6.28); the latter is installed 
upstream or downstream of its turbocharger counterpart in an arrangement that 
resembles a combined supercharging scheme (Figure 6.27 lower sub-diagram). The 
analysis that follows will focus on the electrically assisted turbocharging 
demonstrated in the upper sub-diagram of Figure 6.27. A comprehensive analysis 
of a combined supercharging configuration with electrically driven compressor can 
be found in [15], whereas in [16] a comparison between the two electrical assisting 
systems is performed. 

 

 
 

Figure 6.28. Generation 2 VTES electric supercharger (courtesy of Controlled Power 
Technologies Ltd) 

Equation 6.2 described the normal, unassisted turbocharger shaft torque 
equilibrium; during the period when the electrical turbocharger assistance is 
provided, the respective balance is given by 

TC
mTC T EM C TC+EM

dω
η τ τ τ G

dt
+ − =  (6.5) 

with EMτ  the electric motor torque (the respective maximum power is of the order 
of a few kW for a typical automotive diesel engine of 2 L displacement volume) 
and GTC+EM the combined turbocharger and EM mass moment of inertia. For a 
successful integration of the electric motor, the established turbocharger shaft 
acceleration must fulfill the following relation 

mTC T EM C mTC T C

TC+EM TC

η τ τ τ η τ τ
 >

G G
+ − −

 (6.6) 

Zellbeck et al. [17] studied vehicle performance with an electrically assisted 
turbocharger in comparison to its ‘nominal’ counterpart fitted with a waste-gate 
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valve. The former was able to improve vehicle full-load acceleration from          
40–80 km/h in sixth gear up to 20% compared with the nominal case. The results 
are depicted in Figure 6.29, showing mean effective pressure, boost pressure and 
vehicle speed for a four-stroke, four-cylinder diesel engine.  

Notice the rather slow build-up of vehicle speed owing to the high gear 
engaged, which results in a high total moment of inertia (discussed in           
Section 3.5.1). Following Equation 6.5, the electric motor’s assist is best 
highlighted in the initial abrupt increase of boost pressure right after the transient 
event commences (‘circled’ in Figure 6.29), with obvious benefits in terms of 
smoke emissions. In fact, the brake mean effective pressure of the electrically 
assisted turbocharged engine managed to achieve steady-state values a few seconds 
after initiation of acceleration, much sooner compared with the ‘normal’ engine 
operation. After the initial sharp increase in the boost pressure, however, the air-
supply build-up of the electrically turbocharged engine proceeded at a similar rate 
compared with its conventional counterpart, since the electrical assistance was 
discontinued. 
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Figure 6.29. Acceleration performance of a diesel-engined vehicle with electrically assisted 
turbocharging (simulation results reprinted with permission from Zellbeck et al. [17]) 

Further results, this time for a severe load acceptance case are illustrated in    
Figure 6.30. The baseline engine as well as the electrically assisted engine with a 
rather small asynchronous electric motor (0.2 Nm maximum EM torque at    
40,000 rpm and 6×10–5 kgm2 inertia) could not accept the new load, leading to 
stall; successful transient performance was achieved when applying an electric 
motor-generator mounted on the turbocharger shaft. The latter was characterized 
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by 0.57 Nm maximum torque at 20,000 rpm and 2.87×10–5 kgm2 inertia, 
consuming approximately 1 Ah for a 30 s transient assistance, and producing an 
angular acceleration of the order of 19,860 r/s2 compared with 3,333 r/s2 of its EM 
counterpart; this resulted in better turbocharger assistance according to       
Equation 6.6, hence air-supply and engine torque were built-up effectively 
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Figure 6.30. Effect of turbocharger electrical assistance on engine transient response after  
0–97 kW load increase (six-cylinder, turbocharged and aftercooled diesel engine, rated at 
162 kW at 2400 rpm – simulation results reprinted from Katrašnik et al. [18], copyright 
(2005), with permission from Elsevier) 

 
A particular aspect in electrically assisted turbocharging units that needs 

attention is the fact that incorporation of an electric motor on the turbocharger shaft 
might require a renewed matching for optimum performance and surge avoidance, 
and a re-assessed balancing of the shaft owing to the instability induced by the 
increased length and the introduction of electromagnetic forces. Cooling of the EM 
is also an important aspect of its development. Moreover, a higher capacity battery 
may be needed in vehicular applications in order to assist the electric motor’s 
frequent function in the continuously changing driving conditions. There are, 
however, two additional benefits from an electrically assisted turbocharging 
configuration that are worth mentioning. 

1. The ability to operate the engine at overall higher boost pressure levels, 
hence torque, even at steady-state conditions with obvious advantages in terms of 
the fuel-limited low-speed region, while maintaining the same turbocharger size. In 
this case, however, since the electric motor will be called upon to operate more 
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frequently, a higher capacity battery is required (or better still a motor-generator 
configuration – see point 2. below) as well as care to avoid surge, since the 
operating range of the compressor is widened at the critical low-speed regime.  

2. Integration of an electric motor-generator system. At low engine speeds, 
when the turbocharger needs supplementary power to overcome the (steady-state) 
torque limitations originating in the smoke-limited operation, as well as during 
transients, electrical power is supplied to the turbocharger shaft aiding its fast 
acceleration. At high engine speeds, the available exhaust gas energy will more 
than offset the required compressor power; instead of rejecting part of the exhaust 
gas through a waste-gate valve, work recovery can be established in the electric 
motor-generator that may subsequently be used in other electrical appliances of the 
engine powerplant, or even in a turbo-compound configuration. As a result, a 
motor-generator system is able to address three important aspects of engine 
driveability, namely, high torque at low engine speed, fast transient response, as 
well as good fuel economy, of course at the expense of a much more complex 
control system and higher cost. However, in order for a motor-generator 
turbocharging scheme to be beneficial, the driving cycle of the vehicle must favor 
regeneration periods that produce excess of energy to be stored in the batteries. The 
latter can be achieved, for example, during highway driving, whereas exclusive 
urban driving schedules are unlikely to produce any noteworthy benefit; such a 
configuration is described by Algrain [19] with the primary aim to improve the 
overall fuel efficiency of the engine. The system consists of a turbocharger with an  
electric generator integrated into the turbocharger shaft, and an electric motor  
integrated into the engine crankshaft. The generator extracts surplus power from 
the turbocharger turbine, and the electricity it produces is used to run the motor 
mounted on the engine crankshaft, recovering otherwise wasted energy in exhaust  
gases. Three control strategies were investigated, namely control of the engine 
exhaust temperature, control of the turbocharger speed or control of the boost 
pressure, which was found superior. An improvement in bsfc of the order of         
5–10% was claimed without, however, any remarks on engine driveability and 
exhaust emissions during transients. Engine driveability data for both acceleration 
and Transient Cycle performance were provided by Millo et al. [20], who 
simulated the operation of a motor-generator electrically assisted turbocharging 
system (incorporating an asynchronous EM, DC-DC converter, super capacitors 
and control system) for a heavy-duty diesel engine. The electrically assisted 
turbocharged vehicle was capable of reducing the time up to the desired boost 
pressure and turbocharger speed by 25% compared with the VGT engine for a 
typical acceleration event. 

One case in point: since the introduction of 42 V electrical systems in vehicular 
engines has been delayed, particular requirements are imposed on the classic 12 V 
system to support the above described motor-generator role.  

An alternative turbine assist method has been discussed by Winterbone et al. 
[5], who studied the injection of high-pressure oil onto a Pelton wheel fitted to the 
turbine rotor. This method, too, resulted in a decrease of the required torque from 
the turbine to drive the compressor but necessitated a lot of modifications on the 
existing engine setup. The results, although considered as successful, were not 
sufficiently promising to justify mass application. 
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6.4.6 Sequential Turbocharging 

The sequential turbocharging technique, i.e., sequential use of two or more 
turbochargers installed in parallel (in contrast to the series arrangement of two-
stage turbocharging units), is mostly met in marine engines (Figures 1.1 and 6.31 
left) in order to improve part load and transient performance of highly-rated units.  

The primary objective of sequential parallel turbocharging is to widen the flow 
range for a specific boost pressure, a fact that can prove quite beneficial for 
automotive applications too (Figure 6.31 right), which typically operate at wide 
air-mass flow range. Exactly here lies its main advantage compared with two-stage 
units (Section 6.4.3), which are characterized by narrower flow range since the 
entire air-supply passes through both compressors. 

 

 
Figure 6.31. Left: Sequential turbocharging arrangement of a marine diesel engine (notice 
the large volume exhaust gas receiver, typical in constant pressure turbocharging), 
incorporating a large turbocharger (right), a smaller unit (middle) operating at medium-high 
loads and three control valves (courtesy of Mitsubishi Heavy Industries). Right: Sequential 
turbocharger for automotive use (courtesy of PSA Peugeot Citroën, Direction de la 
Communication – S. Meyer) 

 
Figure 6.32 illustrates the schematic arrangement of the modern, automotive 

sequential turbocharging unit pictured in Figure 6.31. At part load, only the first 
turbocharger is active and the control valves are closed (during this period, control 
valve 2, located upstream or downstream of turbine T2, is in fact slightly open, and 
so is the recirculation valve for the second turbocharger to work at a very low 
operating point in order to avoid thermal stress when this is suddenly engaged). 
The first turbocharger runs throughout the whole engine operating range, but is 
smaller and lighter than a single-stage unit; this permits faster acceleration at low 
and medium loads owing to the reduced inertia. The second unit, which is 
applicable only in the upper load range, may be even lighter. At high loads, the 
control valves 1 and 2 are opened and the second turbocharger is fully engaged; the 
engine practically operates in a regulated ‘bi-turbo’ configuration, adjusting the 
effective turbine total nozzle area, while at the same time reducing the total 
moment of inertia of the active units compared with a single-stage configuration. 
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Owing to surge risk, it may not be recommended to operate both turbochargers at 
low-speed/high-load conditions; likewise, use of only the first turbocharger is not 
recommended at high speed/high loads due to risk of over-speeding.  

During the transition from one to two turbochargers, exhaust gas is 
progressively directed to the second turbine through control valve 2 until 
compressor C2 has developed adequate boost pressure. At this point, control       
valve 1 opens and compressor C2 is fully active, while the recirculation valve is 
closed. It should be pointed out that the control valves are not opened 
simultaneously in order to avoid compressor surge, since during the transition 
period, boost pressure and air-mass flow-rate for compressor C1 slightly reduce. 
For the opposite case, i.e., transition from two to one turbocharger, the second 
unit’s flow is progressively minimized and compressor C2 is disconnected through 
gradual closing of control valve 1. A comprehensive control algorithm is also 
required in order to take full advantage of the system’s capabilities (of particular 
importance here is the accurate activation of the control valves), as well as a 
complex matching process, which is further complicated by incorporation of 
aftercooler, exhaust gas recirculation and even variable geometry turbines [21–23]. 
Similar schedule is followed for marine engines incorporating three or even four 
turbocharger units. 

 

 
Figure 6.32. Schematic arrangement and simplified control diagram of sequentially 
turbocharged automotive diesel engine with two turbochargers 
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The potential of sequentially turbocharging in terms of improved transient 
operation is demonstrated in Figure 6.33. With appropriate control, the 2.2 L 
sequentially turbocharged engine bettered the response of a similar displacement 
volume VGT engine and in fact achieved the same torque response as a 2.7 L 
engine equipped with VGT; further results revealed that acceleration from            
30 to 60 km/h was improved by almost 20% as regards recovery period. 
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Figure 6.33. Comparison of load transient at 1500 rpm for VGT and sequentially 
turbocharged engine (16 valve, four-cylinder, 2.2 L displacement volume, European 
passenger car diesel engine – experimental results adapted from Galindo et al. [23]) 

 
Summarizing, the sequential turbocharging concept is actually based on the 

variable geometry mechanism, i.e., adjustment of turbine total nozzle area 
according to the operating conditions for maximization of turbine expansion work. 
This is accomplished by using more than one turbocharger unit, but it has the 
added advantage of reduced inertia, hence faster acceleration of the unit operating 
at the low-load region compared with the VGT’s single-stage; on the other hand, 
the system is realized only at the expense of a complex configuration in terms of 
matching, space requirements, control system and cost. 

6.5 Engine Configuration 

It has been documented in the previous chapters that accelerating the turbocharger 
from a very low-speed operating point poses significant difficulties and worsens 
turbocharger lag and smoke emissions owing to the unfavorable flow 
characteristics of aerodynamic type compressors at low rotational speeds. One of 
the most obvious ways of addressing this discrepancy is by trying to maintain the 
compressor operating point at higher levels, by ‘somehow’ increasing the amount 
of available energy to the turbine. This increase can be realized, among other 
measures that have already been discussed – such as the VGT or the combined 
supercharging – also from the engine point of view, through appropriate fueling or 
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valve timing control. An alternative engine-based approach for transient response 
improvement involves external (electric) power supply in the form of a hybrid-
electric powertrain; this will be discussed at the end of this section. 

6.5.1 Fuel Injection Control 

The most popular fueling control applied during both steady-state and transient 
turbocharged diesel engine operation is the boost-sensitive fuel limiter that was 
discussed in Section 2.2.2. It was further demonstrated in Figure 5.7 that (fueling) 
control of smoke emissions during acceleration or load increase is combined with 
poorer driveability and slower speed response, hence a compromise needs to be 
made for optimum performance. In this section we will focus on other fueling 
strategies that are based on injection timing control. 

Injection timing influences engine performance and emissions in many ways; it 
affects the ignition delay, hence heat release profile, by determining the mass 
burned in premixed or diffusion combustion, peak cylinder pressure etc. 
Advancing the injection timing increases the ignition delay as the fuel is injected in 
a less favorable air environment. This results in a higher percentage of fuel burned 
in premixed combustion, producing higher peak cylinder pressures and combustion 
noise. In contrast, retarding injection has, in general, the opposite effects with the 
lower level of pressures and temperatures reducing the amount of NOx emissions 
but adversely affecting engine startability, smoke emissions and power output. 
Deviation from the optimum timing in either direction affects negatively engine 
efficiency. The choice of the optimum injection timing as a function of engine 
speed and load is a difficult and laborious task that is typically established by the 
lowest bsfc; it is usually determined for steady-state operation and expressed in the 
form of a 3-D map. The need for good transient response, however, may impose 
different (conflicting) requirements and lead to differentiated timing values 
compared with steady-state operation. In recent years, the use of electronically 
controlled injection systems, particularly for automotive engines, has given the 
opportunity to apply various injection control strategies according to the engine’s 
operating conditions. 

An intriguing fueling control method from the transient point of view, consists 
in the adoption of a retarded injection strategy (beyond TDC), mainly at low-
speed/low-load conditions, where the turbocharger normally produces very low 
boost pressure and operates at a low rotational speed. By so doing, heat release in 
the cylinder is altered as combustion is forwarded later in the expansion stroke 
reducing peak cylinder pressures. The obvious advantage here is the higher exhaust 
gas pressure and temperature at the point of exhaust valve opening, which is 
transformed into higher exhaust manifold pressure, and therefore higher available 
turbine energy favoring higher turbocharger rotational speeds. Clearly, the retarded 
injection timing alters the balance of fuel energy conversion with a significant part 
transferred from the piston to the turbine. However, important issues need to be 
addressed, namely fuel mixture flammability, smoke and HC emissions as well as 
the reduced piston work, hence engine efficiency, which necessitates a 
comprehensive control system and rather limits application of this technique to 
vehicular engines that experience frequent transient events.  
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Figure 6.34 is based on the work of Watson [24] reported in Section 2.1 
concerning the comparative performance of the engines of Table 2.1 and Figure 
2.11. In this case, the static injection timing for the turbocharged and aftercooled, 
six-cylinder engine is retarded to 25°CA after TDC at low-speeds and loads 
(aftercooler needs to be by-passed in this case in order to achieve sufficiently high 
gas temperatures for combustion initiation). During acceleration transients, 
injection timing is advanced to the normal 15°CA before TDC in order to 
maximize engine power. The advantages over the nominal engine operation are 
noteworthy. In fact, acceleration time up to 2300 rpm is reduced by 40%, from 4.1 
to 2.5 s, since the turbocharger accelerated from a substantially higher operating 
condition (60,000 rpm and 2.1 bar compared with 10,000 rpm and 1.0 bar of the 
nominal un-retarded operation). This significantly minimized the turbocharger lag; 
however, the naturally aspirated engine’s performance still could not be 
outperformed. 
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Figure 6.34. Effect of retarded injection timing and early opening of exhaust valve on 
engine acceleration (engine data available in Table 2.1 – simulation results adapted from 
Watson [24]) 

An alternative (extreme) case of fueling strategy has been the Hyperbar system 
[25]. Following the same general context as the retarded injection method, it 
consists of fuel injection and subsequent combustion in the exhaust manifold. 
Consequently, the exhaust gas enthalpy prior to the turbine is maintained at high 
levels even at no-load conditions, favoring turbine acceleration. This method, has 
not proven, however, very attractive owing to increased cost and complexity, 
reduced reliability and poor low-load performance. 

Arcoumanis et al. [26] and Bazari [27] investigated additional injection 
strategies that focused on improved engine indicated efficiency or reduced 
emissions during transients. It was revealed that although the engine response was 
indeed affected by injection timing control, the gain was not that significant 
(particularly at low loads) to justify the use of electronic control for the sake of 
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improved driveability only. At elevated loading, there is a higher gain potential 
probably owing to the fact that the increased fueling results in more fuel burning 
later in the cycle, hence a higher share of energy goes to the exhaust system. It was 
proposed that it may be better to optimize injection timing for lowest exhaust 
emissions rather than just speed response, a fact that has gained significant 
attention in recent years.  

6.5.2 Valve Configuration 

In general, there are two possible ways to improve transient performance through 
valve configuration, namely by manipulating 

• valve timing, e.g., advanced exhaust valve opening (EVO) or retarded 
intake valve opening (IVO) or better still, variable valve timing; and 

• valve or cam profile. 

Valve timing plays an important role from the engine configuration point of 
view, as it determines the pressure and temperature of the exhaust gas leaving the 
cylinder. The higher this level the higher the available energy at the turbine inlet, 
reducing accordingly the turbocharger lag and aiding faster engine speed response 
and lower smoke emissions. Historically, early opening of the exhaust valve was 
proposed as a viable means for improving transient performance, however at the 
expense of lower engine efficiency (since only part of the potential expansion work 
is actually obtained) and increases of engine-out soot emissions (since the soot 
oxidation process inside the cylinder is incomplete) (Figure 6.35).4 By advancing 
the opening of the exhaust valve, the effective expansion stroke is reduced and the 
balance of fuel energy conversion is altered with a significant part transferred from 
the piston to the turbine.  
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Figure 6.35. Effect of EVO timing on (mean) exhaust manifold pressure and soot emissions 
after a load increase transient event [28] 

                                                 
4 The high exhaust temperature that is experienced through advanced exhaust valve opening can, 
however, prove beneficial for diesel particulate trap regeneration even at low loads, that may ultimately 
reduce vehicle-out soot emissions. 



 Methods of Improving Transient Response 221 
 

In the context of retarded fuel injection timing, the early opening of the exhaust 
valve is realized at low engine speeds and loads in order to boost the turbocharger 
operating point. During the transient event, valve timing would revert to normal, 
with the engine benefiting from the higher initial compressor boost pressure. The 
research of Watson [24] on the same engines as the ones discussed in Section 
6.5.1, showed that advancing the complete exhaust event of the six-cylinder engine 
for 70°CA at the 1000 rpm, no-load starting point of the transient event resulted in 
turbocharger speed raise from 10,000 to 43,000 rpm and boost pressure to 1.5 bar, 
which ultimately led to a 33% response improvement over the base-line operation 
of Figure 2.11. Even earlier openings would be required to match the retarded 
injection effects as is revealed in Figure 6.34. However, the added bonus here was 
the much lower fuel consumption penalty compared with the retarded injection 
timing method. 

An additional unfavorable issue during turbocharger lag that is associated with 
the valve timing schedule, is the back-flow of exhaust gas into the cylinder and/or 
inlet manifold during the early transient cycles. In Section 2.1 (remarks concerning 
Figure 2.8), this was attributed to the much slower increase of boost pressure 
compared with its exhaust manifold counterpart, negatively affecting the engine 
response. The above phenomenon is enhanced the larger the valve overlap period, 
i.e., with higher engine ratings (typically more than 100°CA valve overlap 
duration), and is also noticed during low-load, steady-state engine operation, where 
the boost pressure is very low. Modern automotive engines equipped with variable 
geometry turbines suffer from this phenomenon too, as was discussed in Section 
6.4.4. The obvious reaction here is to reduce the valve overlap period during the 
transient event, e.g., by delaying inlet valve opening until close to TDC; ideally, a 
variable valve timing schedule should be adapted. Marzouk and Watson [29] 
investigated theoretically this case; during the transient event, the inlet valve 
opening was delayed by 40°CA reducing accordingly the valve overlap period. 
This control strategy ultimately resulted in a considerable reduction in engine 
speed droop of the order of 35% and in the recovery period of 27% after a load 
increase. Since the amount of exhaust gas reversing back into the cylinder was 
reduced, the trapped fuel–air equivalence ratio was lower too, favoring smaller 
duration of fuel limiting action and faster engine torque build-up and turbocharger 
acceleration with the added bonus of lower smoke emissions.  

Similar results were reached by Boy [6], as illustrated in Figure 6.36 for a 
marine engine acceleration. The nominal 110°CA overlap in Figure 6.36 is actually 
very close to the optimum. Increasing the valve overlap leads to serious back-flow 
of exhaust gas mainly during the early cycles of the transient event; a reduction of 
the overlap however to 70°CA ensures that no back-flow takes place, hence the 
air–fuel ratio builds-up faster and so does the torque and the speed response of the 
engine.   

Apart from manipulating valve timing, an additional possibility for increasing 
the energy available at the turbine inlet would be the reduction of the exhaust gas 
energy loss during the exhaust stroke. Most of this energy is now wasted during the 
opening and closing down of the exhaust valves, where the gas flow reaches sonic 
velocity owing to the high-pressure drop across the valves and the small gas flow 
sections. Increasing the exhaust valve opening and closing speed, therefore, 
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produces a high oscillatory flow level in the exhaust line, which proves beneficial 
for the engine torque (and speed) response.  
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Figure 6.36. Effect of valve overlap on the acceleration performance of a medium speed,  
V-18, marine diesel engine (simulation results adapted from Boy [6]) 

 
Figure 6.37 expands on the previous arguments by studying the synergistic 

effect of valve timing and lift profile on the performance and smoke emissions 
response, during a load acceptance transient event at 1000 rpm. Three cases are 
examined, namely, fixed geometry twin-entry turbine (FGT) with EURO 3 
emission limits against two single-entry, variable geometry turbine engines 
operating on the same VGT control schedule (desired boost pressure level as a 
function of speed and fueling) but with different cam lobe profiles; one of them 
with a short effective valve overlap (Cam No. 2) and the second with a longer 
overlap (Cam No. 1 – also applied on the engine with the fixed geometry turbine) 
[30]. In general, a smaller amount of back-flow is expected from the exhaust to the 
intake manifold with camshaft No. 2.  

From the engine torque development illustrated in Figure 6.37 as well as the 
air-mass flow (now shown), it was concluded that with camshaft No. 1 the 
response is actually faster with the FGT compared with the same camshaft VGT 
engine. This behavior is attributed to the high positive value difference between 
exhaust pressure and intake pressure for the VGT engine owing to the closing 
down of the VGT vanes, leading to significant back-flow during the valve overlap 
period, which dramatically reduces the engine volumetric efficiency. On the other 
hand, boost pressure is always higher than exhaust pressure for the FGT 
configuration aiding engine response. Another relevant factor that influences this 
behavior is that the FGT has a twin-entry geometry, avoiding the interference 
between exhaust pulses from consecutive cylinders. In contrast, the VGT is a 
single entry unit and suffers from high exhaust interference of consecutive firing 
cylinders. Nonetheless, when camshaft No. 2 (less overlap) is combined with the 
VGT, the high exhaust back-pressure has no detrimental influence on the boost 
pressure, because with camshaft No. 2 there is no intake back-flow during the early 
transient cycles. As a consequence, a higher volumetric efficiency is established 
allowing higher fuel mass flow to be injected, without fear of excessive smoke 
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emissions aiding faster engine response. In fact, the VGT engine with camshaft 
No. 2 managed to reduce the recovery period by almost 29% compared with the 
camshaft No. 1 operation. The previous remarks would not significantly change if 
a twin-entry VGT were used, since the main cause of volumetric efficiency 
reduction is the exhaust gas back-flow during valve overlap. 
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Figure 6.37. Comparison of transient evolution at 1000 rpm between fixed geometry turbine 
and two engines with VGT and different valve schedule (four-stroke, six cylinder, 
turbocharged diesel engine with 1400 bar common rail injection system, rated at 300 kW at 
1800 rpm – experimental results from Galindo et al. [30], reprinted with permission from 
Inderscience Publishers) 

 

6.5.3 Manifolds Configuration 

The exhaust manifold volume and configuration can markedly affect the engine 
and turbocharger response after a ramp increase in load (or speed), leading even to 
unsteady and oscillatory operation if a very small manifold volume is chosen [31, 
32]. A large manifold volume (as in constant pressure turbocharging (Figure 6.31)) 
increases the flow inertia of the system and slows down the response, since the 
amount of gas, which has to be ‘accelerated’, is much larger now (Figure 2.2). 
Smaller manifold volumes, on the other hand, can aid faster turbine response, since 
one of the system decelerators, i.e., filling of the exhaust manifold volume with 
higher pressure gas, is accomplished much faster. For a specific engine, reducing 
manifold volume increases turbine power and compressor boost, but since the 
turbine area has been initially selected to provide a desired boost pressure at 
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steady-state conditions, this will result in over-boosting the engine at high 
rotational speeds; hence, a turbine rematch might be needed. Further reduction of 
the exhaust manifold volume from the optimum brings no beneficial effects as 
regards response. Figure 6.38 demonstrates these remarks for a moderately 
turbocharged diesel engine operating on a 10–85% load increase transient event. 
The smaller the exhaust manifold volume, the higher the achieved exhaust 
manifold and boost pressure facilitating lower fueling and smaller speed droop. 
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Figure 6.38. The effect of exhaust manifold volume on the engine transient response after a 
10–85% load change (four-stroke, six-cylinder, turbocharged and aftercooled diesel engine)   

Likewise, Figure 6.39 illustrates the impact of the exhaust manifold 
configuration for the same turbocharged engine operation. The cases examined are 
those of a single- and a twin-entry turbine; in the latter the exhaust manifold 
consists of two parts, the first connected to cylinders 1, 2 and 3 and the second 
connected to cylinders 4, 5 and 6 (ignition sequence of the six-cylinder engine 
under study is 1-5-3-6-2-4). As was anticipated, the twin-entry turbine case leads to 
faster boost pressure response due to the smaller volume of each one of the two 
‘exhaust manifolds’, which is therefore filled sooner with the exhaust gas and 
accelerates the turbine faster. Moreover, there is no pressure wave interference 
between the cylinders, whereas the lower speed droop leads to slightly smaller full 
pump rack positions and fuel–air ratios. 

Contrary to exhaust manifold volume, changes in inlet manifold volume do not 
result in significant engine response effects. Inlet manifold tuning, however, can 
under circumstances prove useful. Banisoleiman et al. [33] studied the transient 
improvement through inlet manifold tuning, using either ram pipe or Cser-
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Helmholtz resonators. Appropriate grouping of the inlet manifold pipes could have 
quite promising results, although the positive aspects can not apply to all engine 
operating conditions and transient schedules.   
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Figure 6.39. The effect of exhaust manifold configuration and turbine entries on the engine 
transient response after a step increase in engine load (four-stroke, six-cylinder, moderately 
turbocharged diesel engine)   

 

6.5.4 Hybrid-electric Engine and Vehicle Operation 

Global concern regarding decreasing oil supplies, environmental pollution and 
greenhouse gas effect has initiated the research/development of alternative vehicle 
powertrains. Such an alternative propulsion system is the hybrid-electric vehicle 
(HEV), which is widely considered as an interim stage in the path towards the zero 
emission vehicle (ZEV); the latter will be, most probably, in the form of fuel cell 
or purely battery propulsion. The conventional powertrains described in Section 
3.5 can be combined with electric motors/generators/inverters/batteries to become 
part of a hybrid powertrain. This combination offers the potential to decouple the 
energy conversion process from the duty cycle of the vehicle. Consequently, the 
(diesel) engine can run at optimum efficiency for a higher proportion of its 
operation and, also, to be subject to less external disturbance resulting in 
significant fuel consumption reductions of at least 15–20% compared with a 
conventional vehicle. Two major challenges have to be addressed, namely, vehicle 
cost, which is typically 40–50% higher than its conventional counterpart, and 
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system weight, integration and control. The various components in the powertrain 
must be carefully coordinated to maximize the benefits; advanced optimization is 
required both in system and control strategy design. The emergence of 42 V 
vehicle electrics makes the integration of electric motor/generators, turbochargers 
and engine ancillaries an intriguing proposition for future advanced powertrains 
[34–40].  
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Figure 6.40. Schematic arrangement of the various hybrid powertrain configurations 

 
Hybrid powertrains can be classified into three main types (see also Figure 

6.40): 

• series; 
• parallel; and  
• dual mode, which is actually a combination of series and parallel 

powertrain.  

In a series hybrid powertrain the sole prime-mover is an electric motor, which 
receives electric power either by a set of batteries or by an internal combustion 
engine powered generator. The engine is typically smaller in a series drivetrain 
because it only has to meet average driving power demands; since it is not coupled 
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directly to the transmission it runs at a specified speed/load operating envelope, 
where the efficiency is high, or it may be temporarily switched off. The battery 
pack is generally powerful in order to provide the remaining peak driving power 
needs, adding significantly to the weight and cost of the vehicle. 

In a parallel hybrid configuration, both the engine and the electric motor 
generate the power for propulsion being permanently and independently coupled to 
the transmission. Since, in this setup, the engine is connected directly to the 
wheels, it eliminates the inefficiency of converting mechanical power to electricity, 
a fact making this kind of hybrid efficient for highway driving.  

A series-parallel (dual mode) setup merges the advantages and complications 
of both parallel and series drivetrains. Here, the engine can both drive the wheels 
directly and be effectively disconnected from them so that only the electric motor 
powers the wheels. This system results in higher cost than a pure parallel hybrid 
because it needs a generator, a larger battery pack, and a more complex and 
sophisticated control system. However, the series-parallel drivetrain has the 
potential to perform better than either of the systems alone.  

In general, the advantages of hybridization are the consequence of 

• Smaller size (downsizing of) internal combustion engine (ICE); 
• ICE temporary switch-off; 
• ICE running at a specified speed/load operating envelope of relatively high 

efficiency; and 
• Regenerative braking. 

In series HEV configuration, the engine is practically ‘protected’ from transient 
operation, as it is not directly coupled to the wheels. Consequently, it need not 
follow the duty cycle of the vehicle; the control strategy being mainly determined 
based on the engine efficiency and exhaust emissions steady-state maps. From the 
diesel engine’s transient operation point of view, however, the most interesting 
configuration is the parallel hybrid, since in this set-up the diesel engine retains the 
prime mover role with the electric motor/battery packs assisting when needed. In 
Figure 6.41 the extension of the conventional powertrain system of Figure 3.30 is 
illustrated, configured now as a parallel HEV.  

The coupling at the (fixed ratio) gear engages or disengages the electric motor 
depending on the operation mode of the hybrid. Hence, the diesel engine and/or 
electric motor are linked to the propeller shaft that drives the differential and (two) 
driveshafts. The EM charges the battery pack when working as a generator (e.g., 
during regenerative braking, or when the batteries state of charge is low) and 
discharges the batteries while assisting the diesel engine in powering the vehicle 
(e.g., during acceleration) when working as a motor. Overall, there are five driving 
modes possible in such a configuration, namely: the zero emission vehicle mode 
(engine shut off, primarily employed during city driving), the engine mode (as in a 
conventional vehicle – mainly during highway driving), the engine and EM hybrid 
mode, the EM generating hybrid mode (engine providing both the propulsion 
power and the power for charging the batteries) and the regeneration mode 
(typically during braking).  

Figure 6.42 demonstrates two successful examples of hybrid-electric vehicles 
available in the Japanese and European markets. Four factors primarily influence 
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the performance of a hybrid powertrain, i.e., the scaling of the engine, the scaling 
of the electric motor, the number of battery packs, and the control strategy adopted 
in order to co-ordinate the various energy sources.  
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Figure 6.41. Schematic diagram of parallel HEV powertrain  

 
As expected, increasing the power output of the powertrain components or the 

number of batteries also increases the vehicle weight, a fact that influences fuel 
economy. In order to get the best performance of a hybrid vehicle, the various 
energy sources have to be optimized (applying fuzzy logic, neural network 
techniques, genetic algorithms, etc.) according to the vehicle’s primary usage. For 
example, to obtain best performance at continuous start-stop driving situations, an 
almost 50–50 split of power between diesel engine and electric motor is required; 
for highway driving this ratio would shift towards the engine, a situation termed 
‘mild’ hybrid configuration (i.e., hybridization ratio, defined as the ratio of electric 
power to total power, being lower than 30%). Particularly for parallel HEVs, a 
popular power distribution algorithm aims to keep diesel engine fuel consumption 
minimal by running the engine away from low-efficiency operating points, a 
methodology known as load leveling; however, a successful control strategy 
should always take into account the batteries’ state of charge.  
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Figure 6.42. Upper: Parallel hybrid-electric powertrain installed on an Isuzu Elf truck: 
clockwise from top; transmission system, permanent magnet synchronous EM-generator 
rated at 25.5 kW at 1100 rpm, 5.5 Ah lithium-ion battery, inverter (courtesy of Isuzu Motors 
Ltd). Lower: Peugeot 307 ‘Hybride HDi’ hybrid-electric passenger car powertrain: 1: diesel 
engine, 2: DPF, 3: Start and stop system, 4: EM (16 kW), 5: Automated manual 
transmission, 6: Inverter, 7: 12 V battery, 8: Control unit, 9: High-voltage cables, 10: 288 V 
NiMH battery (courtesy of PSA Peugeot Citroën) 

An alternative, simpler, (mild) hybrid powertrain makes use of an integrated 
starter-generator system (ISG, Figure 6.43), which combines the automotive starter 
and alternator into a single machine, possibly operating on 42 V. An ISG can be 
mounted on the engine flywheel or between the engine and transmission  or even 
externally to the engine and connected to the crankshaft via a drive-belt. Its 
primary aim is reduction of fuel consumption and exhaust emissions by turning off 
the vehicle engine at rest using a start-stop function and starting it again when the 
accelerator pedal is pressed (particularly useful for urban vehicular use); 
regenerative braking is usually facilitated too. From the transient operation point of 
view the advantage of such systems is assist of the crankshaft acceleration by 
supplying additional torque from the alternator, typically for a few seconds. The 
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starter is typically a low speed, high current DC machine, while the alternator can 
be a variable speed, three-phase AC machine. System auxiliaries are, usually, an 
AC/DC converter to rectify the generator output voltage, a DC/DC converter to 
supply the vehicle's electrical power system and a comprehensive control system. 
In the most usual configuration, since the ISG is mounted on the engine flywheel, 
its speed is determined by the engine speed via a constant ratio; consequently, the 
additional power available from the ISG can be regulated by adjusting its torque. 
The latter can be positive or negative depending on the specific operating mode. In 
the motor mode, the ISG contributes power to the driveline by drawing electrical 
energy from the battery. In the generator mode, it absorbs power from the driveline 
and charges the battery. 

 

 
Figure 6.43. Integrated starter-generator system (source: Mercedes-Benz) 

One of the main advantages of HEV over conventional vehicle, apart from 
exhaust emissions and fuel consumption reduction, is that it offers scope for 
improving the engine transient response. Unlike all the previously discussed 
methods, however, where the improvement was located in the turbocharger 
operation, assisting faster boost pressure and air-supply build-up and restricting the 
fuel limiting action, HEV operation increases the crankshaft torque, through the 
electric motor contribution, whereas the turbocharger response and flow 
characteristics are not directly affected. Consequently, a HEV or an ISG 
configuration is not expected to increase part load air-supply as was the case with 
VGT or combined supercharging arrangements.  

A typical comparison between conventional and parallel hybrid vehicle speed 
profiles, for 0–60 mph acceleration, is illustrated in Figure 6.44. The data concerns 
a 7,258 kg, 4×2 hybrid truck. This figure demonstrates in an explicit way the 
advantages of an HEV from the transient operation point of view. The hybrid 
achieved the desired speed of 60 mph slightly earlier than the conventional truck, 
primarily due to better performance immediately after launch. Recall that the 
torque production of a turbocharged engine is fuel limited, particularly, at low 
engine speeds; this results in significantly poorer acceleration. Unlike turbocharged 
diesel engines, electric motors can produce a significant amount of torque 
irrespective of engine speed (provided, of course, that the batteries are sufficiently 
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charged). Thus, the HEV benefited from the electric motor’s immediate torque 
contribution and successfully compensated for the slower response of the diesel 
engine due to turbocharger lag. A significant decrease in fuel consumption was 
also reported. 
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Figure 6.44. Speed profile comparison between conventional and hybrid truck during         
0–60 mph acceleration (V-6, 5.5 L displacement volume, turbocharged diesel engine, rated 
at 157 PS at 2400 rpm, coupled to a 49 kW electric motor compared with a V-8, 7.3 L, 
turbocharged diesel engine rated at 210 PS at 2400 rpm – simulation results reprinted with 
permission from SAE Paper No. 2001-01-1334 [37], © 2001 SAE International) 
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Figure 6.45. Comparison between conventional and parallel HEV acceleration in first gear 
(turbocharged diesel engine with 10.3 kW electric motor – simulation results reprinted with 
permission from SAE Paper No. 2000-01-0519 [40], © 2000 SAE International) 
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Similar results were obtained by Kolmanovsky and Stefanopoulou [40].            
A comparison between conventional and hybrid vehicle taken from their study is 
reproduced in Figure 6.45. Initially, the engine is running at neutral idle conditions 
(800 rpm) and an acceleration at first gear is requested up to 40 km/h. The 
optimization procedure for the EM assist was based on minimization of 
acceleration time to a specified final velocity, for a fixed gear ratio. Again, the 
contribution of the EM during the first, critical, seconds of the transient event 
compensated for the turbocharged diesel engine’s slow response and resulted in 
faster acceleration of the engine, turbocharger (not shown in Figure 6.45), and of 
the whole vehicle. At about t = 1.5 s, the EM assist was no longer needed, since the 
vehicle had successfully coped with the speed demand; consequently, the EM was 
gradually shut down and the vehicle kept running in conventional form. Fuel 
consumption during the acceleration event was found to be lower than with the 
conventional powertrain.  

Obviously, the above-mentioned advantages of parallel HEV operation can be 
expanded in the case of performance during a Transient Cycle. Figure 6.46 
illustrates the corresponding HEV speed profile during the US Federal Urban 
Driving Cycle (also known as FTP-72 – see also Section A.3.2.1) [37]. The vehicle 
launches from stop using only the electric motor to avoid inefficient engine 
operation under low power demands. However, the diesel engine is ‘turned on’ 
very quickly, since the power demand requires the output from both the engine and 
the electric motor. From 450 to 477 s, the power required to cruise at the speed of 
35 mph is less than the ‘engine on’ power level, hence the engine is disengaged 
and the electric motor supplies all the torque required at the wheels (ZEV 
operation). When the truck decelerates, the regenerative braking is employed; 
hence, the motor operates as a generator to recover the energy that would otherwise 
be dissipated in brakes (477 to 490 s, and 530 to 537 s interval). It should be noted 
that when the battery state of charge (SOC) hits the lower bound (55%), at 523 s 
into the schedule (upper sub-diagram of Figure 6.46), the engine is immediately 
turned on to power the truck, as well as to recharge the battery. Hence, the electric 
motor is switched to the generator mode and its torque becomes negative as it 
charges the batteries.  

Two control algorithms were investigated; the first, termed rule based 
algorithm, applies a simple analysis of component efficiency maps and the second 
is a dynamic programming based algorithm, which aims at minimizing fuel 
consumption rate by exploring the efficiency of the whole HEV powertrain and not 
just of the diesel engine. A more advanced version of the latter control strategy 
would have included exhaust emissions minimization too. A significant reduction 
in fuel consumption compared with the conventional truck during the Transient 
Cycle was observed, ranging from 22% for the rule based algorithm up to 33% for 
the dynamic programming one. For the former, the improvement originated, 
mainly, from regenerative braking, while for the latter, a better co-ordination of 
engine–transmission–electric motor-battery setup was the key for even higher fuel 
economy. Similar gains in fuel consumption have been reported for spark ignition 
engined hybrid-electric vehicles, highlighting the promising aspects of 
hybridization in the daily vehicle operation. 
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Figure 6.46. Engine and HEV parameters response during (part of) the US Federal Urban 
Driving Cycle (V-6, 7.3 L displacement volume, turbocharged diesel engine, rated at 157 PS 
at 2400 rpm, coupled to a 49 kW electric motor – simulation results reprinted with 
permission from SAE Paper No. 2001-01-1334 [37], © 2001 SAE International) 

 
Further results, this time for a severe load acceptance case are illustrated in    

Figure 6.47 for an engine equipped with an integrated starter-generator system. 
Whereas the baseline engine could not accept the new load leading to stall, 
successful transient performance was achieved when applying an integrated starter-
generator mounted on the engine flywheel (the ISG consumed up to 2.2 Ah at      
42 V for a 30 s acceleration). By so doing, engine crankshaft response was 
improved for a few seconds, without affecting turbocharger dynamics. 
Consequently, boost pressure and turbocharger acceleration (not shown) were only 
marginally influenced. Even better response was achieved by a combination of the 
ISG and an electric motor-generator mounted on the turbocharger shaft. The latter 
was characterized by 0.57 Nm maximum torque at 20,000 rpm and 2.87×10–5 kgm2 
inertia assisting turbocharger acceleration, hence boost pressure and air-supply 
build-up and limiting fuel restriction during the first critical seconds of the 
transient load acceptance. 
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Figure 6.47. Effect of electrical assistance on engine transient response after 0–97 kW load 
increase (six-cylinder, turbocharged and aftercooled diesel engine, rated at 162 kW at    
2400 rpm – simulation results reprinted from Katrašnik et al. [18], copyright (2005), with 
permission from Elsevier) 

 
Comparing the integrated starter-generator with the electrically assisted 

turbocharging (Figure 6.30), it was argued that the ISG was a more successful 
electrical solution in case of a large load change, facilitating smaller speed droops, 
whereas it did not outperform the electrically assisted turbocharging in terms of 
electric energy consumption. For vehicular applications, however, the electrically 
assisted turbocharging configuration was considered superior to the integrated 
starter-generator, since the typical operational times of electric assisting systems 
last for more than a few seconds thus offering a better ratio of engine dynamics 
improvement to electric energy consumption; the higher the rating of the engine, 
the greater the benefit of the electrically assisted turbocharging compared with ISG 
[41]. 

Finally, Table 6.1 summarizes the main methods for improving transient 
response discussed in the previous sections providing a brief note on the main area 
of improvement achieved, the degree of improvement in terms of driveability, as 
well as the major system disadvantages. 
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Table 6.1. Classification of various methods for improving turbocharged diesel engine 
transient response with emphasis on the basic area of engine or turbocharger improvement, 
degree of driveability enhancement and system disadvantages  

 Method Improvement 

Degree of 
improvement 

with successful 
control  

Major 
drawbacks 

1 Compressor/inlet manifold 
air-injection Air-supply increase Considerable 

Space, cost, 
system 

modifications 
2 Manifolds’ tuning Flow optimization Small - 

3 Low-heat rejection cylinder Decrease of heat 
transfer delays Small NOx emissions 

4 Late injection timing Higher turbine back-
pressure Moderate Higher bsfc 

5 Early exhaust valve opening Higher turbine back-
pressure Moderate Higher bsfc 

6 Hyperbar Higher turbine back-
pressure Moderate Cost, higher bsfc, 

complexity 

7 Hybrid-electric powertrain Engine torque increase Moderate-
considerable 

Control, space, 
cost, weight 

8 Integrated starter-generator Engine torque increase Moderate Control, cost, 
weight,efficiency 

9 Exhaust manifold insulation Decrease of heat 
transfer delay 

Insignificant-
Small - 

10 Manifolds’ volume (pulse 
vs. constant pressure) 

Minimization of flow 
inertia Considerable Smaller t/c 

efficiency 

11 
Exhaust manifold 

configuration (multiple 
turbine entries) 

Reduction of flow 
inertia Moderate Smaller t/c 

efficiency  

12 Lighter turbocharger  
(same frame) 

Smaller t/c moment of 
inertia Considerable - 

13 Smaller turbocharger frame Smaller t/c moment of 
inertia Considerable Over-

boosting/speeding  

14 Combined supercharging 
Better low-end t/c 

characteristics, smaller 
t/c inertia 

Considerable Cost, space 

15 Variable geometry turbine 
Better low-end t/c 

characteristics, faster 
air-supply build-up 

Considerable Control system, 
matching, bsfc 

16 Two-stage turbocharging 
Better low-end t/c 

characteristics, smaller 
moment of inertia 

Moderate-
significant 

Control system, 
space, cost 

17 Sequential turbocharging 
Wider flow range, 
smaller moment of 

inertia 

Moderate-
significant 

Control system, 
matching, space, 

cost, surge 

18 Electrically assisted 
turbocharging Faster t/c acceleration Considerable Control system, 

cost 

19 Turbine air-injection Faster t/c acceleration Moderate 
Space, cost, 

system 
modifications 

20 Pelton-wheel Faster t/c acceleration Moderate 
Cost, space, 

system 
modifications 

21 Turbocharger friction Lower turbocharger 
losses Insignificant - 
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7 

Special Cases of Transient Operation 

7.1 Cold Starting 

7.1.1 Introduction 

Unlike spark ignition engines, where combustion is initiated by the spark and is 
aided by the high gasoline volatility, in diesel engines, the auto-ignition process 
may prove unreliable during cold starting. One of the most influential engine 
parameters in this case is the compression ratio; actually, it is usually the starting 
requirements that determine the lower limit of compression ratio in diesel engines. 
On the other hand, the increasing degree of turbocharging in recent years has led to 
a gradual decrease of compression ratio in order to avoid excessive mechanical 
stress of the cylinder components (see also Table 2.1), thus putting the cold start 
behavior of the engine under test.  

When studying vehicle motors starting, apart from the engine characteristics, 
the transient event is influenced by the starter motor or starter system behavior.   
Figure 7.1 shows typical response of a single-cylinder, naturally aspirated diesel 
engine during starting by an electric starter. During the first four cycles, the engine 
accelerates rapidly with the assistance of the electric starter. Afterwards, up to 
cycle No. 18, engine speed continues to increase without the need for external 
assistance, until the point where stabilization to the idling speed is achieved. An 
increased amount of hydrocarbons and CO is expected during the cold start phase, 
particularly if misfiring occurs, which is likely the colder the ambient conditions. 
Misfiring is the most critical problem encountered during cold starting, which 
diversifies completely the response pattern from load acceptance or acceleration 
transients, ultimately leading to combustion instability or even complete failure. 
Under misfiring conditions, which are influenced by a variety of factors, 
combustion cannot supply enough power to drive the engine and overcome the 
increased friction losses; the latter emanate from the high lubricant viscosity at the 
low temperature. The intriguing fact is that, unlike acceleration or load acceptance, 
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during cold starting, naturally aspirated engines suffer equally to their turbo-
charged counterparts. 
 

0 1 2 3 4 5 6 7 8 9 10 11 12 13 14 15 16 17 18 19 20 21 22 23
Engine Cycle

0

400

800

1200

En
gi

ne
 S

pe
ed

 (r
pm

)

 
Figure 7.1. Engine speed development during starting (four-stroke, single-cylinder, 
naturally aspirated diesel engine) 

Diesel engines driving emergency electrical generators experience the most 
challenging starting event. Here, as soon as the engine is started and assumes its 
nominal rotational speed, (severe) load acceptance takes place. Such a complex 
transient event is illustrated in Figure 7.2 for a turbocharged, industrial diesel 
engine.  

Figure 7.2. Starting of a diesel engine driving an emergency generator with a subsequent 
50% load acceptance (experimental data reprinted with permission from Schulmeister [1]) 

The procedure is as follows 

• the operator gives the order for engine start-up (point 1); 
• the governor moves the fuel pump rack towards increased fueling (2); 
• the engine speed begins to rise (3); 
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• the nominal engine speed of 1500 rpm is achieved and the governor returns 
to the no-load position (4); 

• the new load is imposed and, consequently, the governor moves again the 
fuel pump rack towards increased fueling. The demand power exceeds its 
available counterpart at this point; as a result, engine speed falls (5); 

• the available power exceeds demand power; the surplus torque leads to an 
increase of engine speed (6); 

• torque deficit owing to the abrupt increase in demand power leads again to 
engine speed fall (7); 

• torque surplus leads to reduction of fueling and increase of engine speed 
(8); and 

• demand power stabilizes at the requested value, and the engine speed is 
regulated at its nominal value (9). 

Although the imposed load was only 50% of the maximum, this was enough to 
cause, on the one hand, considerable deviations of the engine speed around its 
nominal value and, on the other hand, a relatively long recovery period [1]. 

7.1.2 Combustion Instability 

Combustion development during diesel engine cold starting constitutes a very 
challenging operating condition, mainly in terms of successful process completion. 
There are three particular aspects that influence strongly (turbocharged or naturally 
aspirated) diesel engine cold starting performance, namely 

• low coolant temperature, hence cylinder wall temperature that increases 
heat transfer rate to the cylinder walls (Equation 2.3) and prolongs ignition 
delay; 

• low oil temperature, which increases significantly the lubricant’s viscosity, 
hence frictional losses (analyzed in more detail in Section 7.1.3); and 

• low engine rotational speed that allows more time for the above mentioned 
losses to develop. 

As an opening statement, due to the low wall temperature during cold starting, 
the air-charge in the cylinder may not reach temperatures capable of vaporizing the 
injected fuel. Consequently, formation of a combustible air–fuel mixture may be 
prohibited, ultimately leading to complete combustion failure, but more likely to 
combustion instability with the engine compression ratio and starting aid playing a 
primary role. A key parameter is also the low injection pressure encountered at the 
low cranking speed that leads to poor spray penetration, atomization and fuel 
evaporation. 

During the compression stroke and after fuel injection, heat is transferred from 
the air-charge to the liquid fuel spray, supplying its sensible heat and latent heat of 
evaporation. This process causes a drop in the local air temperature further 
enhanced by heat losses to the cold cylinder walls and by the blow-by losses. The 
resulting mixture of air and fuel vapor undergoes then pre-ignition chemical 
reactions. If these processes occur during the compression stroke when heat is 
added to the system, their rate is favored. On the other hand, if some of these 
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processes occur during expansion, where energy is taken away from the mixture, 
then their rate decreases. In fact, Meyer and DeCarolis [2] argued that the criterion 
for ignition to occur in a diesel engine is that compression temperature and 
pressure should be high enough to reduce ignition delay to the time available 
between injection and some point prior to TDC. Even if (part of) the mixture is 
finally vaporized, the auto-ignition process is still subject to failure as will be 
discussed in the next paragraph. In any case, during cold starting, ignition delay is 
prolonged, leading to harder premixed combustion phase and higher combustion 
noise. One case in point: the increased ignition delay duration in ms does not 
necessarily correspond to longer ignition delay in degrees crank angle (compared 
with normal operation), owing to the very low rotational speeds encountered 
during cold starting. Hence, it has been argued that it may be advantageous to 
retard (single-stage) fuel injection during starting compared with warmed-up 
operation, in order to promote mixture preparation in a more favorable air 
environment. 

Together with the physical preparation mechanism, the chemical auto-ignition 
process develops; auto-ignition in a diesel engine develops in two stages; first, 
slow reactions occur that form intermediate radical compounds, such as peroxides 
and aldehydes, and second, once a critical concentration of the intermediate 
compounds has been reached, very fast chain reactions occur leading to the 
formation of auto-ignition nuclei. If the critical concentration is not reached, or, as 
it is most usually the case during cold starting, since the reactions are decelerated 
owing to the low charge temperature, auto-ignition, hence combustion may fail. 
Combustion failure can be caused by the inability of the auto-ignition sources to 
burn the surrounding mixture, by the dilution of the charge with the residuals from 
the previous firing cycle, or if combustion is unable to supply enough power to 
drive the engine and overcome the increased frictional losses. The important 
finding from the analysis of cold starting pressure diagrams is that combustion 
failure is intermittent, with the specific in-cylinder conditions during one cycle 
affecting (positively or negatively) the next one, and leading to a series of firing 
and misfiring cycles as illustrated in Figure 7.3.  
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Figure 7.3. Typical diesel engine cold starting combustion instability 
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This behavior is actually the result of an imbalance between engine dynamics 
and combustion kinetics. Namely, the high rate of acceleration after a firing cycle 
reduces the time available for the physical and chemical processes to be completed 
prior to TDC. Likewise, after a misfiring cycle, engine rotational speed decreases 
allowing more time for pre-ignition chemical reactions around TDC, thus favoring 
ignition in the next cycles. At the same time, the gradual increase in cylinder wall 
and lubricant temperature decrease the amount of heat and frictional losses. 
Moreover, any unburned fuel quantity deposited in the cylinder after a misfiring 
cycle increases both the fuel–air ratio and the compression ratio of the succeeding 
cycle and promotes cold flame reactions that may favor successful firing in the 
next cycle. In support of the last argument, analysis of the relevant cylinder 
pressure diagrams as the ones depicted in Figure 7.3 has revealed that during the 
cold starting firing cycles, ignition delay was actually shorter, combustion 
proceeded more rapidly and peak cylinder pressures were higher than ‘normal’ 
combustion under fully warmed-up conditions [3–9].  

Particularly for turbocharged diesel engines, turbocharger lag effects worsen 
the above-mentioned combustion instability situation; during cold starting, the 
engine speed is much lower than the required governing speed, hence the fuel 
pump rack is in the maximum fueling position (see also Figure 3.14). Since there is 
a lack of sufficient air-flow due to the low engine and turbocharger rotational 
speeds, locally high fuel–air ratios are experienced (possibly aggravated by EGR 
effects), leading to flame quenching and deterioration of combustion. 

Further to the previous arguments, Figure 7.4 is provided that shows the rate of 
heat release (RoHR) in cycle 23 (upper sub-diagram), where combustion was 
successful, and cycle 24 (lower sub-diagram), where combustion failed, for a 
naturally aspirated DI diesel engine’s cold starting event [6]. The rate of heat 
release is given in terms of the equivalent mass of fuel burned in mg per degree 
crank angle.  

In firing cycle 23, injection started at 345°CA; at 352°CA, the sum of the 
energy production rates from combustion and the compression work was equal to 
the sum of the rates of all other losses. After 352°CA, the rate of energy released 
by combustion exceeded that of the other losses. At 373°CA, the pressure rise due 
to combustion was detected. During cycle No. 24 (lower sub-diagram of        
Figure 7.4), fuel injection started again at 345°CA (point (a)); point (b) shows the 
point where the rate of energy released by premixed combustion was equal to the 
rate of losses. The period between the start of fuel injection and point (b) was 
referred to as IDh. After point (b), the energy produced from the premixed 
combustion started to exceed the other losses. After point (c), however, the 
combustion process failed to produce energy in excess of the energy consumed. 
During the latter phase, wall impingement phenomena were characterized by low 
impact velocities, whereas the bouncing of the still liquid drops worsened the 
process of air–fuel mixture formation. While ignition took place in cycle 24, the 
expansion work and the other associated losses (heat transfer to the cylinder wall, 
friction, blow-by) practically froze the reactions and combustion failed.  

Figure 7.5 expands on the previous results by illustrating the ignition delay 
period IDh for cycles 13–35 of the same cold starting event. The cycles with 
successful combustion are designated with the letter F (firing). It is observed that 
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the ignition delay IDh for the misfiring cycles was always shorter than for the firing 
ones. This indicates that longer IDh ignition delay is actually the result of more fuel 
evaporation and prolonged mixing.  
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Figure 7.4. Rate of heat release (RoHR) for cycles 23 and 24 of a cold starting event (four-
stroke, single-cylinder, naturally aspirated, DI diesel engine – experimental results reprinted 
with permission from SAE Paper No. 920005 [6], © 1992 SAE International) 
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Figure 7.5. Ignition delay IDh (defined in Figure 7.4) for cycles No. 20–30 of a cold starting 
event; ‘F’ denotes firing cycle (four-stroke, single-cylinder, naturally aspirated, DI diesel 
engine – experimental results adapted from Henein et al. [6]) 

 
Summarizing the previous discussion, Figure 7.6 illustrates the primary 

mechanisms that are responsible for combustion failure during cold starting of a 
diesel engine. 
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Figure 7.6. Combustion failure mechanisms during diesel engine cold starting 

  
As was documented in the previous paragraphs, diesel engine cold starting 

behavior is characterized by a high degree of cycle-to cycle variation in terms of 
cylinder pressure (as was depicted in Figure 7.3) and crankshaft angular velocity; 
Henein et al. [6] argued that this variation is not erratic, but rather follows a 
defined mode. A summarization of the influencing parameters follows. 

1. Ambient temperature: the lower the ambient temperature the lower the 
cylinder wall and oil temperatures, retarding the physical and chemical 
preparation mechanisms of the air–fuel mixture, prolonging ignition delay, 
increasing combustion noise and frictional losses, and favoring cycle-to-
cycle variation. Typical results are demonstrated in Figure 7.7 for a 
naturally aspirated diesel engine in terms of torque percentage (with 
respect to fully warmed-up conditions) for acceleration right after cold 
starting. At –20°C, the torque ratio reached only 53% after 5 s and 68% 
after 30 s. Even when the temperature increased to 0°C, torque ratio was 
not more than 71% after 5 s acceleration. 

2. Fuel properties: higher cetane numbers (Figure 7.7), are slightly favored, 
as well as higher fuel volatility, both affecting optimum injection timing. 
Increase in fuel cetane number (for example using a fuel improver) results 
in a slight decrease of the minimum starting ambient temperature of the 
order of a few degrees Celsius. 

3. Compression ratio: it determines the charge-air pressure and temperature at 
the point of fuel injection, affecting strongly the ignition delay duration. 
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Reduction in the minimum starting temperature can be achieved for 
engines with increased compression ratios. 
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Figure 7.7. Effect of ambient air temperature and fuel cetane number (CN) on engine 
cold starting (four-stroke, four-cylinder, swirl chamber, water-cooled, naturally 
aspirated diesel engine – experimental results reprinted with permission from SAE Paper 
No. 850113 [4], © 1985 SAE International) 

 
4. Blow-by losses: they affect the amount of trapped air. Owing to the low 

lubricant temperatures during cold starting, expansion and contraction of 
different engine components take place, thus the clearance between piston 
rings/liner and cylinder are increased favoring blow-by losses. 

5. Cranking speed: the lower the cranking speed the more the available time 
for heat and blow-by losses, hence at extremely low engine speeds the 
compression temperature is lower than that at higher speeds prolonging 
ignition delay. Experiments have shown that a minimum cranking speed 
exists, below which starting is unviable. The above remarks confirm the 
importance of maintaining high cranking speed under cold starting 
conditions (even though this results in shorter time available for pre-
ignition reactions around TDC) as an effective means of achieving 
relatively high compression pressure and temperature. As is the case with 
compression ratio, reduction in the minimum starting temperature can be 
achieved for engines with increased cranking period (most probably 
requiring a higher capacity battery). In contrast, whenever conditions of 
starting are favorable, increase in the cranking speed does not have much 
effect. 

6. Fuel injection profile: cold starting has been found to improve when 
retarded injection is applied. This is attributed to better spray development, 
since early fuel injection in an unfavorable air environment promotes wall 
impingement. However, different theories have been also reported, where 
actually an advance in injection timing was found preferable, as it allowed 
the long ignition delay period to complete before TDC. Pre-injection may 
prove beneficial as regards prevention of misfiring and lowering of the 
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respective white smoke emissions, with the exact timing and quantity of 
pre-injected fuel being a matter of optimization procedure. The latter 
behavior is documented in Figure 7.8 for a heavy-duty, turbocharged diesel 
engine; application of a pilot-main injection strategy resulted in a 
significant decrease of ignition delay that ultimately led to a 68% 
improvement in cold starting duration (from 25 s to 8 s at –15°C), while at 
the same time reducing considerably white smoke emissions and 
combustion noise. 
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Figure 7.8. Effect of injection strategy on cold startability (six-cylinder, heavy-duty, DI 
diesel engine – experimental results reprinted with permission from SAE Paper          
No. 940586 [9], © 1994 SAE International) 

 
7. Residual gas: exhaust gases recirculating from one cycle to the next affect 

the composition and temperature during the next compression stroke. 
8. Fuel accumulation in the cylinder: any fuel remaining from the previous 

cycle affects the fuel–air ratio and raises the compression ratio of the 
following cycles, causing cold flame reactions that may facilitate ignition 
in the next cycle. This amount of remaining fuel may reach up to 30–40% 
of the injected fuel quantity. 

9. Combustion chamber design: shape of piston bowl, swirl, squish, fuel 
injector location, dead volume, DI or IDI type. In general, the longer the 
distance between fuel injector and cylinder wall, the better the possibility 
of the fuel to evaporate before the spray impinges on the wall. Experiments 
with different combustion chamber geometries led to the conclusion that it 
is desirable if non-uniform mixing with a wide range of air–fuel ratios can 
be achieved, whereas combustion chambers that promote swirl (as for 
example prechamber IDI engines) and squish do not favor startability.  

10. Starting-aid devices: glow plugs, coolant heaters, as well as cranking motor 
characteristics, such as cranking duration and motor torque. Of primary 
importance is the cycle where the starter is disengaged, as this point is 
likely to produce deceleration in the next cycles. 
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7.1.3 Dynamics and Friction Development 

For the special case of automotive engines starting, Equation 3.19 that described 
the crankshaft torque balance becomes 

start e fr L tot
d( )+τ ( ) τ ( ) τ ( ) G
dt
ω

τ ϕ ϕ − ϕ − ϕ =
 (7.1) 

where, for an automotive electrical starter, the respective motor torque is given by 
the following equation, as is illustrated in Figure 7.9 
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Figure 7.9. Typical starter motor torque vs. speed curve 

 
Owing to the significant influence of oil temperature on friction torque, it is 

generally expected that friction terms during cold starting will be more pronounced 
(actually they have been estimated at four- or even five-fold their fully warmed-up 
counterparts [10]) and, thus, of particular scientific importance.  

During warmed-up conditions a logarithmic relationship between oil kinematic 
viscosity and temperature exists as described by the following Vogel equation (Coil, 
Θ1 and Θ2 are constants depending on oil type, and Θoil is the mean, over an engine 
cycle, oil temperature in °C): 

1

oil 2

Θ
Θ Θ

oil oilµ C e
⎛ ⎞
⎜ ⎟⎜ ⎟+⎝ ⎠= ⋅  (7.3) 

During the first seconds after cold starting, however, the above equation is not 
valid, resulting in much higher oil viscosities and frictional losses. At low 
temperatures and low motoring speeds, piston rings assembly and the connecting 
rod big end bearing contribute most to the total friction. The crankshaft assembly 
(main bearings, thrust bearings, and oil seals) is generally the second largest 
contributor. Both the piston rings assembly and the crankshaft assembly exhibit 
similar friction characteristics to those of the complete engine, with an initial 
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transient period during which friction levels fall eventually onto the logarithmic 
variation with bulk oil viscosity expressed by Equation 7.3. During the early 
seconds of engine operation, frictional dissipation at the rubbing surfaces raises the 
temperature of the oil films and the adjacent parts of the engine structure. The 
increase in film temperature lowers oil viscosity, therefore reduces friction at the 
hydrodynamically lubricated surfaces. Hence, friction behavior and changes in 
local thermal conditions are strongly coupled. In addition, the high oil shear rates 
can give rise to a temporary shear viscosity loss, although the effect of shear rate is 
less significant than the film temperature. Shayler et al. [11] carried out motoring 
tests on an unloaded crankshaft, in order to examine friction levels and the 
influence of local thermal conditions in and around the main bearings at cranking 
speed range and from initial ambient temperatures down to –20°C. They concluded 
that bearing friction force during this period was proportional to N0 6µ0 8/c, with µ 
the dynamic viscosity, N the relative bearing surface speed and c the bearing 
clearance. Changes in viscosity produced by changes in film temperature were the 
most significant influence on bearing friction during cold running at a constant 
speed. 
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Figure 7.10. Cycle-averaged instantaneous friction torque and piston rings assembly (PRA) 
friction force during cold starting, with electric starter disengaged after cycle No. 9 (single-
cylinder, naturally aspirated, diesel engine – experimental results adapted from Marek and 
Henein [12]) 

Marek and Henein [12] measured instantaneous friction torque (IFT) and piston 
rings assembly (PRA) friction force during cranking and starting of a single-
cylinder, naturally aspirated, air-cooled diesel engine. For the friction torque 
measurement, the method of Equation 3.27 was applied, whereas for the piston 
rings assembly friction, the axial force acting on the connecting rod was measured 
by means of a resistance type strain-gauge. The main results from their analysis are 
reproduced in Figure 7.10. In general, both IFT and PRA friction force were 
reduced as the starting process progressed, with the highest values occurring at the 
first cycle. Drop in oil velocity caused by warming-up, development of oil film 
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between the different sliding surfaces and drop in the elasto-hydrodynamic friction 
forces, particularly in the valve train, were identified as the main reasons for this 
reduction. A small increase observed between cycles 3 and 7 was attributed to the 
increase in combustion pressure and angular velocity. Friction during the inlet 
stroke was higher than during exhaust; as expected, the highest values were noticed 
during expansion. 

7.1.4 Exhaust Emissions 

Exhaust gases during cold starting have recently gained increased attention owing 
to their significant contribution to total emissions from diesel-engined vehicles (see 
for example, the New European Driving Cycle, Section A.2.2.1 or the US FTP-75, 
Section A3.2.1, where the emissions are sampled with the engine cold started). 
Cold starting exhausts are strongly influenced by the low cylinder wall and coolant 
temperatures that prolong ignition delay and lead to incomplete combustion aided, 
in the case of turbocharged engines, by the high fuel–air equivalence ratios 
following turbocharger lag; they consist of several types of gaseous or particulate 
components with different chemical compounds and optical properties, namely, 

• black particles that are, mainly, agglomerated carbon crystals; 
• white smoke particles defined as minute condensed particles of unburned 

fuel (hydrocarbons) and water vapors; 
• fuel in vapor form; 
• carbon monoxide; and 
• sulfurous and other organic compounds. 

During turbocharged diesel engine cold starting, engine speed is much lower than 
the required governing speed; hence, the fuel pump rack is in the maximum fueling 
position (in modern engines, the fuel rack position is temperature sensitive, 
adjusting fuel starting quantity according to ambient conditions) and the fuel–air 
ratio high owing to the mismatch between fueling and air-supply. As it is 
demonstrated in Figure 7.11, this behavior results in overshoot of smoke emissions 
(this is not the case when naturally aspirated engines are involved); for the same 
reason, unburned HC emissions (a constituent of white smoke) are expected to 
peak as well, way above their steady-state values. As soon as combustion becomes 
stable and the engine speed reaches or exceeds the governing self-sustained speed, 
the rack moves towards the direction of reduced fueling, with a subsequent 
decrease of soot emissions; the latter are strongly influenced by the coolant 
temperature. The lower the ambient/coolant temperature, the higher the heat loss to 
the cylinder walls resulting in lower charge temperature, longer ignition delay and 
more prolonged period of increased smoke emissions until the engine is warmed-
up (10°C coolant temperature case in Figure 7.11).  

Adjustment of the maximum fueling position can prove beneficial for the 
above-mentioned emissions control; for example, maximum HC emissions during 
cold starting of a light-duty turbocharged diesel engine were reduced by 50% by 
cutting off 20% of the maximum fueling [13]; however, the engine startability may 
be adversely affected. Another influential engine parameter on cold start emissions 
is injection timing. The later the timing, the more white smoke emitted owing to 
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misfiring. It has been argued [14] that opacity during cold start, particularly during 
the initial phase, could be further reduced by advancing the exhaust valve closing 
timing. The latter results in higher residual gas fractions, shorter ignition delay and 
increased combustion stability facilitating lower smoke emissions, however at the 
expense of higher NOx emissions. Another option is oxygen enriched intake air-
supply [15]. 
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Figure 7.11. Smoke opacity and unburned HC emissions during engine cold starting for two 
different coolant temperatures (four-stroke, six-cylinder, 8.2 L displacement volume, 
turbocharged and aftercooled, DI diesel engine – experimental results adapted from 
Arcoumanis and Yao [13]) 

In general, every measure that can help avoid misfire, as for example more 
volatile fuels with higher cetane number or pre-injection or starting aid, is also 
likely to produce lower amounts of soot (turbocharged engines) and white smoke 
emissions.  

Interestingly, another parameter that was documented in Section 5.6 to improve 
(transient) soot, namely biodiesel, exhibits an adverse behavior during cold 
starting; this is attributed to the higher initial boiling point of biodiesel with respect 
to conventional diesel fuel, which leads to more difficult fuel evaporation at low 
ambient temperatures, and the higher viscosity of biodiesel, which reduces the rate 
of spray atomization. Both phenomena, which are enhanced with very high 
biodiesel blends, lead to worse fuel–air mixing and, thus, more intense soot 
formation at low temperatures; the latter increase was measured up to 80% for an 
automotive, HSDI diesel engine, when comparing neat biodiesel blend with neat 
diesel operation. Later in the warm-up phase, when the engine assumes its normal 
operating temperature, the advantages of biodiesel combustion prevail, and soot 
emissions decrease compared with neat diesel fuel [16].  

The predominant misfiring phenomena at low ambient temperatures have been 
also found to increase the total number of emitted particles, as is demonstrated in 
Figure 7.12, as well as the particles active surface area. In the same figure, particle 
number emissions from typical, port-injected SI engine (PISI) equipped with three-
way catalyst are also provided for comparison purposes. Particularly for the DPF 
equipped diesel engine, the few minutes after cold start are responsible for more 
than 70% of the total amount of emitted particles (similar trend is valid for the SI 
engine), a contribution which decreases the higher the ambient temperature. The 
latter behavior may be partly due to the fact that, as past research has indicated, 
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during cold starting, nucleation mode particles are favored, which may escape DPF 
treatment. Total particle number for the DPF engine was measured lower by a 
factor of 100,000 compared with the untreated diesel engine (right-hand sub-
diagram of Figure 7.12) and lower up to a factor of 100 by mass [17]. Similar 
results were reached for three small automotive diesel-engined vehicles equipped 
with oxidation catalysts during the US FTP-75 Transient Cycle ; the amount of HC 
and CO produced in the cold start phase was twice that emitted during the similar 
hot phase of the Cycle [18]. 
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Figure 7.12. Particle number emissions during the French IUFC15 Transient Cycle 
(duration 2835 s, length 15 km, maximum speed approx. 44 km/h) including cold starting, 
measured with a CPC (four-stroke, four-cylinder, high-speed, diesel engines with or without 
DPF, running on 18 ppm sulfur diesel fuel and SAE 15W-40 oil – experimental data 
reprinted from Mathis et al. [17], copyright (2005), with permission from Elsevier)  

During diesel engine cold starting, a significant overshoot in CO emissions is 
noticed too; typical results are reproduced in Figure 7.13. In fact, CO emissions for 
the HSDI engine of Figure 7.13 exceeded the 1,000 ppm threshold for almost         
2 minutes after cold starting, before decreasing significantly as the warm-up period 
developed. At the same time, peak cold start CO was almost six-fold its hot start 
counterpart; again, the critical parameter is the coolant temperature, as it is 
observed when comparing cold to hot start emissions.  
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Figure 7.13. CO emissions during cold and warm starting and idle run (four-stroke, four-
cylinder, high-speed, turbocharged diesel engine of 2 L displacement volume – experimental 
data reprinted with permission from SAE Paper No. 2001-01-1260 [19], © 2001 SAE 
International) 
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The main mechanism behind the cold start CO emissions development is 
incomplete combustion due to turbocharger lag during the early cycles as well as 
misfiring owing to the low ambient/coolant temperatures. Later in the warm-up 
phase as well as during hot starting, the higher wall temperatures promote smaller 
ignition delay periods and more complete combustion, hence CO emissions 
decrease considerably; at the same time, NOx emissions, which are always of much 
lesser importance owing to the relatively low gas temperatures involved, are 
expected to gradually increase. 

Gullett et al. [20] reached some very interesting findings concerning non-
regulated exhaust emissions during starting, illustrated in Figure 7.14. After cold 
starting, an initial sharp emission peak for benzene and other BTEX (benzene, 
toluene, ethylbenzene, o-,m-,p-xylenes) compounds, as well as for all gas-phase 
PAHs and methyl-substituted PAHs was noticed. The cold start benzene peak 
intensity (≈15 ppm), which represents the maximum benzene concentration 
measured, was found to be about 100 times higher than the final steady-state 
emission levels (≈150 ppb, 1 min average) recorded after 5 minutes of a medium 
duty engine run time. Similarly, the cold start naphthalene concentration          
(≈1.5 ppm) was 14 times higher than its final steady-state value (≈110 ppb, 1 min 
average).  

 
 

Figure 7.14. Naphthalene and benzene emissions after diesel engine cold starting (four-
stroke, six-cylinder, water-cooled, medium duty, turbocharged diesel engine – experimental 
results reprinted from Gullett et al. [20], Copyright (2006), with permission from Elsevier) 

Naphthalene concentration behavior is consistent with the presence of unburned 
fuel during the initial fuel-rich combustion. The time duration from the peak 
concentration to the steady-state concentration varied from seconds to several 
minutes; it was argued that this was a function of the specific compound and 
perhaps, partly, an artifact of the transfer time to the detector. Specifically for 
pollutants whose concentration is mainly dependent on formation reactions inside 
the cylinder, transient concentration discrepancies lasted only a few seconds. This 
was the case with benzene, whereas naphthalene took several minutes to stabilize 
at the final steady-state value. The transient benzene emissions after cold starting 
were about 20 times those during the period of steady-state operation, meaning that 
about 3.5 minutes of steady-state benzene emissions were equivalent to those 
emitted during the few seconds of cold starting. For naphthalene, a longer transient 
period after cold starting of about 6 min resulted in a four-fold increase over the 
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same period steady-state emissions. Similar transient concentration phenomena 
were observed for hot starting events; however, peak concentrations were lower, 
while the duration up to final steady-state concentrations were generally shorter 
compared with the respective cold starting transients. 

7.2 Compressor Surge 

7.2.1 Surge Fundamentals 

Successful matching between engine and turbocharger is of paramount importance 
for optimum steady-state and transient performance of a turbocharged diesel 
engine. Propulsion applications, particularly those encountering high rotational 
speeds and wide flow range such as automotive engines, require that the whole 
compressor operating range is exploited. As a result, under steady-state conditions, 
the maximum engine torque operating line on the compressor map is often located 
close to the compressor surge line. Although this surge margin is usually adequate 
under steady-state conditions, during dynamic engine operation there are certain 
cases where the turbocharger compressor may be driven beyond its stable 
operation leading to compressor surge [21–24], as a result of  

• abrupt and fluctuating load changes in the vicinity of full-load conditions; 
• turbocharger wear, e.g., in the nozzle ring or turbine blades; 
• turbocharger clogging, e.g., in the intake filter/silencer, nozzle ring, turbine 

blades or scavenge air cooler; 
• operation at high altitude; 
• wear of fuel injection valves; 
• switch from 1 to 2 or from 2 to 3 turbochargers in sequential turbocharging 

configurations (Section 6.4.6); and 
• emergency shut-down. 

During surge, the compressor operating point is characterized by high pressure 
and low air-mass flow-rate values. Moreover, the compressor flow exhibits large 
amplitude oscillations, resulting in severe fluctuation of the pressure downstream 
of the compressor, which can adversely affect the turbocharger and piping due to 
the vibrations generated. The almost instantaneous and reversing changes of the 
compressor torque introduce severe torsional loading to the turbocharger shaft.  

Some of the above arguments are documented in Figure 7.15 that illustrates 
instantaneous compressor flow coefficient, tip Mach number and isentropic head 
coefficient for a deep surge cycle in a radial impeller-vaneless diffuser free-spool 
system that resembles a centrifugal turbocharger compressor. Surge was initiated 
in this case by a reduction in the area of a throttle valve located downstream of the 
compressor. A large plenum exists between compressor outlet and throttle valve, as 
is the case with inlet manifold in internal combustion engines. Three different time 
(frequency) scales can be identified in Figure 7.15; a Helmholz oscillation of 
approximately 7 Hz, a longer one (roughly 0.65 s) associated with the plenum 
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blow-down and recovery (deep surge), and a still longer time scale associated with 
the rotor speed fluctuations. Four regimes exist in this surge cycle. The first is a 
quiescent period, with the tip Mach number increasing and the flow coefficient 
decreasing; during this period the compressor is moving to the left of its unstalled 
characteristics. In the second phase, fluctuations grow as the compressor operates 
in mild surge. In the third phase, the mass flow reverses and the plenum pressure 
decreases during blowdown. A high flow-rate is thus registered during the back-
flow phase. In the fourth phase the blow-down finishes and the flow recovers 
rapidly to the forward direction and then gradually decreases to the flow-rate 
corresponding to the quiescent flow [25]. 
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Figure 7.15. Various compressor parameters response during deep surge in a radial 
impeller-vaneless diffuser free-spool system (experimental results reprinted from            
Fink et al. [25], with permission from the American Society of Mechanical Engineers) 

7.2.2 Compressor Surge during Diesel Engine Transient Operation 

A typical, extreme engine operating case, which caused compressor surging is 
illustrated in Figure 7.16. In order to explain in more detail what is happening 
during the surge cycles, Figure 7.17 is also provided showing the oscillating loop 
of the compressor operating point.  

Initially, the engine was running at 1200 rpm – near full-load conditions. Then, 
the load was rapidly reduced to 9%. Following the initial load decrease, the engine 
speed increased owing to the surplus of crankshaft angular momentum. Thus, the 
engine air-flow increased too, as this is mainly determined by engine speed (for 
four-stroke engines), and the compressor operating point moved towards the choke 
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region (from ‘Start’ to point A in Figure 7.17). Very soon the engine load increased 
sharply to 87%, causing now a rapid drop of the engine speed; this was sensed by 
the governor that responded with increased injected fuel quantity. However, the 
relative delay of the governor response and, mainly, the inertia of the turbocharger 
rotor resulted in a still decreasing engine speed, which at about 0.6 s was lower 
than 800 rpm. At this moment, the compressor operating point moved from point A 
to point B (Figure 7.17) and surge commenced, since the still low boost pressure 
could not match the decreased air-mass flow-rate moving the compressor operating 
point to the left of the surge line into the unstable region. From this point on, the 
oscillating surge loops were initiated, which were consecutively evolved along the 
route B-C-D-E-B leading also to flow reversals. Finally, after almost 0.3 s from 
surge initiation, while the governor still increased the injected fuel mass in order to 
meet the final demand speed of 1200 rpm at 87% of full-load, the engine torque, 
and thus speed and air-flow, increased, resulting in the compressor operating point 
moving back into the stable region (‘End’ in Figure 7.17).  
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Figure 7.16. Prediction of engine transient behavior after a 96%–9%–87% load change 
schedule with turbocharger compressor experiencing surge (four-stroke, six-cylinder, 
turbocharged and aftercooled marine diesel engine) [24] 
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Analyzing more deeply the surge cycle, one can divide it into four different 
parts: E-B, B-C, C-D and D-E in Figure 7.17. Parts E-B (inlet manifold pressure 
build-up) and C-D (inlet manifold discharging) last longer than the other two parts, 
determining the filling and emptying time, respectively, of the inlet manifold and 
defining in this way the surge cycle period. During these two parts, the compressor 
air-flow changes gradually and the operating point moves in the stable region of 
the compressor map. The other two parts of the surge cycle, B-C and D-E, are 
much shorter; here, the air-supply changes very rapidly and the operating point 
moves mainly along unsteady flow regions of the compressor map. As shown in 
Figure 7.16, during compressor surging the torque absorbed by the compressor 
impeller varies considerably, mainly because of the air-flow reversals. In this way, 
severe torsional loadings were introduced to the turbocharger shaft. It is evident 
that such air-flow, inlet manifold pressure and turbocharger torque oscillations can 
harm both the engine and turbocharger operation if surging continuously occurs.  
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Figure 7.17. Predicted trajectory of compression system operating point on the compressor 
map during the surge conditions of Figure 7.16 

 
Another type of transient operation that may lead to compressor surge is 

emergency shut-down. Such a case is demonstrated in Figures 7.18 and 7.19; they 
refer to data available in [23] for a four-stroke, eight-cylinder, V60°, turbocharged, 
marine diesel engine with constant pressure turbocharging, having 34.5 L 
displacement volume and 15.2 bar maximum bmep. For the particular engine, the 
emergency shut-down valve is located between the compressor outlet and the 
engine air-cooler, and it closes instantaneously in any case an emergency alarm is 
activated. Thus, the air-supply to the engine cylinders is immediately cut-off and 
the engine shuts down due to the lack of air to maintain combustion in the 
cylinders.  
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Initially, the engine was operating at 1500 rpm and 100% load. The emergency 
shut-down procedure was initiated at t = 0.9 s (point ‘Start’ in Figure 7.18 upper 
sub-diagram). At this point, the emergency shut-down valve started closing and it 
fully closed at 1 s. During the closing of the emergency shut-down valve the 
pressure after the compressor (Figure 7.19) was gradually increased, from 2.85 bar 
at 0.94 s to almost 3 bar at about 0.98 s. Therefore, the compressor operating point 
was driven into the unstable region, and the compressor flow-rate became almost 
instantly negative at about 0.98 s. However, the surge cycle was not completely 
followed since, after the negative to positive flow reversal, the shut-down valve 
had been fully closed, so the compressor flow became almost zero. 

Figure 7.18. Predicted results for engine transient operation during emergency shut-down 
(four-stroke, eight-cylinder, V60°, turbocharged, marine diesel engine with constant 
pressure turbocharging – simulation results reprinted from Theotokatos and Kyrtatos [23], 
with permission from the American Society of Mechanical Engineers) 

 
Owing to flow reversal, the pressure downstream the compressor was reduced 

to 2.3 bar at 1 s, whereas turbocharger speed increased from 55,000 rpm at 0.98 s 
to 57,600 rpm at about 1.1 s, because the compressor impeller absorbed torque was 
reduced due to the reduction of the compressor mass flow. It was only after 1.1 s 
that the turbocharger speed was reduced due to the reduction of the exhaust gas 
energy, which resulted in the reduction of the turbine torque. After the closing of 
the shut-down valve, and due to the turbocharger still rotating, the pressure 
downstream of the compressor followed the changes of the turbocharger shaft 
speed. The closing of the emergency shut-down valve resulted in lack of 
combustion air; the relative air–fuel ratio dropped below 0.6, which is the limit for 
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combustion. Thus, the engine torque was reduced to almost zero within 0.2 s and, 
since the load torque was constant, the engine rapidly decelerated to stall. 
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Figure 7.19. Predicted turbocharger parameters response for engine transient operation 
during the emergency shut-down of Figure 7.18 (simulation results reprinted from 
Theotokatos and Kyrtatos [23], with permission from the American Society of Mechanical 
Engineers) 

 
As with almost all aspects of transient operation, compressor surge is governed 

by a variety of engine and turbocharger parameters; a few remarks are provided 
below. 

• For the engine to avoid operation with compressor surge, everything that 
can limit speed drop is helpful, i.e., high engine moment of inertia (this has 
a negative impact on fast speed response as was shown in Chapter 6), or 
low turbocharger moment of inertia, or long load change schedule 
(duration). The influence of the turbocharger mass moment of inertia on the 
compressor surge is illustrated in Figure 7.20 (left) for the same engine of 
Figure 7.16. For a clear representation three cases are examined, viz. 50%, 
75% and 200% of the nominal value of the turbocharger inertia. Clearly, 
the smaller the turbocharger inertia, the greater the possibility for the 
compressor to avoid surge. On the contrary, as turbocharger inertia 
increases, its transient response becomes slower. Because of this lag, 
engine speed drops further, and so does the compressor air-mass flow-rate. 
Only when the inertia reduces to 50% of its nominal value, does the 
turbocharger of the present engine set-up manage to respond quickly 
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enough, thus avoiding surge initiation for the particular load change 
schedule. 

• Inlet manifold volume does not influence the amplitude of the compressor 
mass flow and pressure oscillations; however, it defines the frequency of 
the surge cycles. An increase in the inlet manifold volume results in 
reduction of the surge loops frequency. 
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Figure 7.20. Effect of turbocharger mass moment of inertia GTC (left) and speed 
governor ‘c1’-constant (defined in Equation 9.107b) (right) on compressor surge 
(simulated results for a four-stroke, six cylinder, turbocharged and aftercooled marine 
diesel engine, operating on severe load changes commencing from conditions close to 
the surge line) 

• The compressor duct length has been shown to have no traceable effects 
either on the amplitude of the oscillations or the surge cycle period, 
particularly so for changes within reasonable limits. 
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• The impact of the governor P-constant ‘c1’ on the compressor behavior 
during surge is demonstrated in Figure 7.20 (right). This constant is also 
known as ‘the governor gain’, and appears in the numerator of the second 
term on the right-hand side of Equation 9.107b; it describes how quickly 
the governor responds to the changes in engine rotational speed. The 
difference in the surge pattern, generated by the governor gain variation, is 
depicted for three values, i.e., 88.5%, 125% and 175% of the nominal one. 
It is obvious that an increase in the governor gain leads to surge 
elimination, owing to the smaller engine speed droop. On the other hand, 
as its value decreases, surge intensity is amplified, rendering the system 
more unstable. In particular, reduction of the governor gain at half its 
nominal value results in almost double surge duration. Besides, excessive 
decrease in the governor gain value results in unacceptable oscillating 
engine response, together with a prolonged recovery period. Values of 
coefficient c1 higher than 150% of the nominal one keep the compressor 
operating point away from the surge area, for the particular engine-load 
set-up. 

7.3 Low-heat Rejection Operation 

The importance of heat transfer to the combustion chamber walls of reciprocating 
engines has been recognized from the early stages of their development. In recent 
years, the interest in the heat transfer phenomena in internal combustion engines 
(both spark and compression ignition) has been greatly intensified because of their 
major importance, among other things, on the thermal loading at critical places in 
the combustion chamber components. Heat transfer in compression and spark 
ignition engines is extremely complex, since the relevant phenomena are of 
transient nature even under steady-state engine operation, three-dimensional, and 
subject to rapid variations in cylinder gas pressures and temperatures during an 
engine cycle.  

Moreover, during the last decades, there has been an increasing interest in the 
low-heat rejection (LHR, or sometimes loosely termed ‘adiabatic’) diesel engine. 
The objective of a low-heat rejection cylinder is to minimize heat loss to the walls, 
ultimately eliminating the need for a cooling system. This is achieved through the 
increased level of (wall) temperatures resulting from insulation of the cylinder 
walls, piston crown, cylinder head, or valves. By so doing, a reduction can be 
established in ignition delay and thus combustion noise, and also in hydrocarbon 
and particulate matter emissions. At the same time, an increase in exhaust gas 
energy is noticed; the latter can be recovered using some kind of bottoming device, 
e.g., Rankine cycle or a turbo-compound configuration. A major issue here is the 
decrease in the volumetric efficiency, which affects adversely the power output, 
and the increase in NOx emissions. Worsening of combustion as well as of the 
lubricating oil properties have also been reported because of the increased levels of 
insulation [26–31].  
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7.3.1 Load or Speed Increase Transients 

The effects of low-heat rejection operation on the engine transient response will be 
discussed through the following representative case study, which concerns a four-
stroke, six-cylinder, turbocharged and aftercooled diesel engine operating on load 
acceptance transients [32]. The baseline, non-insulated, case configuration is that 
corresponding to the engine in hand, possessing a cast iron wall thickness of        
10 mm (conductivity 54 W/(m K), thermal difussivity 14×10–6 m2/s). Three, quite 
different insulation schemes are examined, namely 

1. 4.0 mm thick silicon nitride SN (conductivity 10 W/(m K), thermal 
diffusivity 2.80×10–6 m2/s) slice sandwiched on the gas side of a 6 mm 
thickness cast iron wall; 

2. 1.0 mm thick partially stabilized (PSZ) plasma spray coating (conductivity 
1.0 W/(m K), thermal diffusivity 0.90×10–6 m2/s) applied on the gas side of 
a 9 mm thickness cast iron wall; and  

3. 1.5 mm thick partially stabilized plasma spray coating applied on the gas 
side of a 8.5 mm thickness cast iron wall. 

A case with aluminum wall of 10 mm thickness (conductivity 180 W/(m K), 
thermal diffusivity 78×10–6 m2/s) will be also included in the analysis for 
comparison purposes.  

In Figure 7.21 the response of six important engine values is illustrated, i.e., 
engine speed, fuel pump rack position, NOx emissions, boost pressure, 
turbocharger speed and volumetric efficiency. Clearly, the engine speed as well as 
the other variables of the engine and turbocharger are only slightly affected by the 
level of temperatures inside the cylinder, with the highly insulated cases leading to 
slightly smaller speed droops. Similar speed response improvements were reached 
by Watson [33] and Schorn et al. [34] for acceleration transients (see also      
Figure 7.24 later in this section).  

As was discussed in Section 2.1, the most notable feature of turbocharged 
diesel engine transient operation is the turbocharger lag. Turbocharger lag is 
caused by the lack of mechanical connection between turbocharger compressor and 
engine crankshaft. Consequently, the power delivered to the turbine must first 
accelerate the turbocharger shaft in order for the compressor to be able to produce 
the increased boost pressure. Other important delays concern the use of fuel 
limiters, heat losses to the cylinder and exhaust manifold walls, and the 
acceleration of the rotating masses. Therefore, a higher wall temperature is 
generally expected to improve turbocharger lag and thus speed response, as the 
effect of one of the above-mentioned ‘decelerators’, namely heat loss to the walls 
(owing to the increased fueling after the new loading has been applied) decreases 
considerably. Similar effects have been reported for the case where the exhaust 
manifold wall is insulated.  

As a result, higher turbocharger speeds are noticed at the end of the transient 
event, although the overall improvement in turbocharger lag is, in general, not so 
pronounced, particularly so for the engine–load configuration of Figure 7.21, 
which is further characterized by tight governing, moderate turbocharging and high 
total mass moment of inertia that slows down the whole transient response. Things 
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are quite different, however, as regards NOx emissions development, as these 
depend strongly on gas temperatures; hence, they increase accordingly for the 
highly insulated engine configurations. 

Closer examination of the curves in Figure 7.21 reveals that, apart from NOx 
emissions, the volumetric efficiency (based on atmospheric conditions) exhibits a 
different profile; namely, a clearly decreasing trend is observed with higher degree 
of insulation schemes. The increased level of cylinder wall temperatures during the 
induction process transfers heat to the incoming charge, thus reducing its density 
and, hence, volumetric efficiency throughout the transient event. This behavior 
goes along with the findings reached for steady-state operation. 
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Figure 7.21. Response of various LHR engine parameters to a 10–75% increase in load 
(four-stroke, six-cylinder, moderately turbocharged and aftercooled diesel engine – unless 
otherwise noted, the cylinder wall is cast iron) [32] 

 
Figure 7.22 extends the results of Figure 7.21 by showing the response of the 

transient indicated specific fuel consumption (isfc) of the engine, highlighting the 
benefit, gained from the insulation. The increased level of temperatures during 
each cycle has led to ‘fuller’ pressures diagrams due to increased expansion work 
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and slightly reduced pumping losses, thus the efficiency has increased up to 3.65% 
for the 1.5 mm PSZ case at the 20th cycle of the transient event. It is obvious that 
the engine handles now the transient test in a slightly more efficient manner. 
However, the increase in isfc is much smaller than would be expected judging from 
the corresponding increase in gas temperatures (Figure 7.23) (cf. the second-law 
analysis in Section 8.5). Various theories have been reported on the subject, with 
the most profound being perhaps the one proposed by Alkidas [29]. He argued that 
an increased level of insulation leads to some kind of ‘deterioration’ of the 
combustion process, by shifting a larger part of fuel burning into the diffusion 
phase, i.e., later in the cycle. Schwartz et al. [35] extending the results of Alkidas, 
concluded that an improved time phasing of premixed and diffusion burning must 
be accomplished if a desirable heat release is to be derived in a LHR engine, as the 
heat release pattern exhibits a great sensitivity to even small changes. 
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Figure 7.22. Response of engine isfc and bmep to the 10–75% increase in load of Figure 
7.21 

 
As the right-hand side sub-diagram of Figure 7.22 demonstrates, the response 

of the bmep is also affected by the degree of insulation, with the highly insulated 
cases exhibiting higher values, particularly so for those cycles where fueling is 
maximized. This happens because of the combined effect of improved isfc, 
decrease in the volumetric efficiency and, mainly, change in the amount of injected 
fuel due to the transient operation of the fuel pump. 

In Figures 7.21 and 7.22 the difference observed between aluminum and cast 
iron non-insulated walls is modest, suggesting the small effect of the cylinder wall 
material on the cycle transient response (although the respective profiles of the 
wall temperatures and heat flux to the cylinder walls in Figure 7.23 are slightly 
differentiated). The same negligible difference is observed if similarly insulated 
cases are examined (e.g., cast iron or aluminum walls both coated with 1.0 mm 
PSZ). Clearly, it is the insulator’s, and not the wall’s, thermal properties that are 
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primarily responsible for the decrease in the total thermal conductivity of the 
insulated cylinder wall.  

 
 

0 10 20 30 40 50 60
Engine Cycle

400

500

600

700

M
ea

n 
G

as
-s

id
e 

W
al

l T
em

pe
ra

tu
re

 (K
)

No insulation
4.0 mm SN
1.0 mm PSZ
1.5 mm PSZ
No insulation, aluminium wall

0 10 20 30 40 50 60
Engine Cycle

1200

1600

2000

2400

2800

H
ea

t F
lu

x 
(k

W
/m

2 )

Initial Speed 1180 rpm
Initial Load 10% - Final Load 75%

 
Figure 7.23. Response of mean gas-side wall temperatures and respective heat flux for the 
load increase of Figure 7.21 

 
In general, similar trends hold for acceleration transients. Figure 7.24 illustrates 

the relatively modest (although not negligible) improvement obtained through 
insulation with Al2TiO5 of the exhaust manifold walls, on the full-load (high gear) 
acceleration of a turbocharged, passenger vehicle engine commencing from 2000 
rpm. 
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Figure 7.24. Influence of insulated exhaust manifold walls on the turbocharger acceleration 
of a four-cylinder engine on a 1500 kg passenger vehicle (initial conditions: engine speed 
2000 rpm, vehicle speed 37.8 km/h, fuel pump rack position at full-load, without gear shift 
change – simulation results adapted from Schorn et al. [34])  
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Overall, it can be concluded that 

• an increased degree of insulation during a transient load or speed increase 
results in increased temperatures and heat transfer coefficients; 

• the main engine and turbocharger properties are moderately affected; 
• speed response and recovery period are slightly improved owing to the 

reduced amount of heat lost to the cylinder walls during the period of 
increased fueling. The specific engine characteristics, e.g., governor curves 
or engine moment of inertia play an important role on the exact degree of 
improvement; for example, the tighter the engine governing or the higher 
the moment of inertia, the lower the established gain from insulation. 
Moreover, the gains from insulation compared with uninsulated transient 
operation are expected to fade away the higher the engine speeds, owing to 
the smaller time available for heat transfer; 

• the transient response of the engine parameters exhibits a behavior that 
goes along with the respective steady-state performance. Namely, the 
higher temperature levels observed throughout the cycle result in decreased 
volumetric efficiency, increased NOx emissions and slightly improved 
indicated efficiency; and 

• no significant distinction is noticed between cast iron and aluminum walls 
as regards engine transient response. 

 

Further aspects of LHR operation on transient diesel engine response will be 
discussed in Section 8.5, in terms of second-law balance of the engine processes. 

 

7.3.2 Short Term Temperature Oscillations 

An important aspect of engine heat transfer is the (transient) temperature and heat 
flux variations in the combustion chamber walls. Even under steady-state 
conditions, these produce considerable temperature gradients inside the cylinder 
wall components. During a load or speed increase transient event yet greater heat 
flux rates towards the cylinder walls are noticed, as was depicted in Figure 7.23; as 
a result, a thermal transient propagates through the walls into the components of 
the engine, known as thermal shock. The latter is characterized by sharp 
temperature gradients that may result in high local stress and even material fatigue. 
The temperature variations in the combustion chamber walls can be divided into 
two main categories: 

• the long term response variations, resulting from the large time scale (of 
the order of seconds), non-periodic variations of engine speed and/or load; 
and  

• the short term response variations, which are the result of the fluctuations 
of gas pressure and temperature during an engine cycle, having a time 
period of the order of ms.  

Unlike their long term counterparts, the short term temperature variations develop 
fully during each engine cycle. This was the result of the work by Assanis and 
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Heywood [36], who studied the development of the short term response 
temperature variations in engine cylinder walls that were partially insulated with 
plasma spray zirconia (PSZ); they highlighted the increased magnitude (of the 
order of more than 100 K) of the developed temperature oscillations during a 
steady-state engine cycle. Wong et al. [37] investigated the interdependence 
between engine efficiency and temperature swings amplitude, whereas Rakopoulos 
et al. [38, 39] expanded the analysis by including the effect of silicon nitride 
insulation and provided comparative results for the various insulation schemes 
applied. Particularly so during transient operation, these temperature oscillations 
can assume even greater values, since fueling hence gas temperatures increase 
significantly within a few cycles after a load or speed increase. 

The heat transfer rate from the gas to the walls can be assumed to be a 
harmonic function of time with a period of one engine cycle. As a result, periodic 
temperature waves propagate into the wall structure, which nonetheless die out 
already at a small distance (of very few mm) from the wall inside surface, beyond 
which the temperature distribution is at steady-state.  

In order to calculate the heat transfer rate through a certain location of the 
combustion chamber wall during a complete engine cycle, the unsteady heat 
conduction equation must be solved with the appropriate boundary conditions as 
illustrated in Figure 7.25.  
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Figure 7.25. Engine cylinder - coolant heat transfer flow, including definition of tempe-
rature swing amplitude 
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Total temperature, i.e., steady-state Tw  plus time-periodic Tp at any point x 
within the wall and at any time t, should satisfy the unsteady one-dimensional heat 
conduction equation 

2

2
T Tα
t x

∂ ∂
=

∂ ∂
 (7.4) 

where α is the wall (material) thermal diffusivity. The solution of this equation is 
accomplished by decomposing the problem into its steady-state and time-periodic 
components. 

7.3.2.1 Steady-state Heat Conduction Problem 
 
Applying the boundary conditions to all wall sides (gas-side, coolant side and end 
of insulation side) of a four-stroke diesel engine, the following equation is obtained 
for the general case where also a layer of insulation is present with reference to 
Figure 7.25 (this is an expansion of the analysis presented in Section 2.3.1): 

4
ins wL

w,g w,m w,m w,c c w,c c
ins w0

k kd Q1 d = A (T T ) = A (T T ) = A h (T T )
4 d S S

π

ϕ − − −
π ϕ∫  (7.5) 

where dQL/dφ is the heat flux to the cylinder walls (analyzed in Section 9.3.2.2), 
Sins the thickness of the insulation layer with kins its thermal conductivity, Sw the 
cylinder wall thickness with kw its thermal conductivity, and hc the heat transfer 
coefficient from the external wall side (respective temperature w,cT ) to the coolant; 
the overbar denotes mean temperatures over an engine cycle. Equations 7.5 are 
solved for the three unknown variables, i.e., the wall temperatures ,T ,w g ,Tw m and 

,T ,w c which change from cycle to cycle during the transient event but can be 
considered to remain constant throughout each cycle, hence the ‘steady-state’ 
definition. 

 

7.3.2.2 Time-periodic Heat Conduction Problem 
 

The time-periodic part Tp(x,t), at any point x within the wall and at any time t, will 
satisfy the unsteady one-dimensional heat conduction equation within a parallel 
slab having a thermal diffusivity α: 

2
p p

2

T T
= α

t x
∂ ∂

∂ ∂
 (7.6) 

This continuous partial differential equation can be solved analytically using 
Fourier analysis techniques, even though during transients Tp(x,t) is not a periodic 
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function. Equation 7.6 is subjected to the boundary condition of the inside wall 
surface, at x=0, to be exposed to the gas temperature that varies periodically in 
time, 

p
ins g p pg

x=0

T
k = h (T T )

x
∂

− −
∂

 (7.7) 

with the respective mean heat transfer coefficient from gas to cylinder wall given 
by 

4

g g
0

1h h d
4

π

= ϕ
π ∫  (7.8)   

The time-periodic part of gas temperature Tpg(t) can be expressed as a Fourier 
series, in the following form: 

pg n n
o on=1

2 n 2 nT (t) = A cos t + B sin t
τ τ

∞ ⎡ ⎤⎛ ⎞ ⎛ ⎞π π
⎢ ⎥⎜ ⎟ ⎜ ⎟
⎢ ⎥⎝ ⎠ ⎝ ⎠⎣ ⎦

∑  (7.9) 

where τo is the time period of the temperature oscillation, which for a four-stroke 
engine corresponds to a frequency that is half the engine speed. For the wall 
temperature we get 

( )n
pw n n n n2

n 1 on n

exp x 2 nT C cos t x
τ1 2 2

∞

=

⎡ ⎤−ξ ⎛ ⎞π
= − ξ − θ − δ⎢ ⎥⎜ ⎟

⎢ ⎥+ ζ + ζ ⎝ ⎠⎣ ⎦
∑  (7.10) 

where the following quantities are valid for Equations 7.9 and 7.10 ( ins wk k≡  for 
the non-insulated wall case): 
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Term ( ) ( )n n n oC cos ξ x C cos πn ατ x⎡ ⎤= ⎣ ⎦  from Equation 7.10 represents a cosine 

wave of amplitude Cn and wavelength xo, calculated from the condition 

( )o oπn ατ x 2π=  and n=1, i.e., 

o ox 2 πατ=  (7.12) 

Figure 7.26 illustrates the short term temperature oscillations during the same     
10–75% load increase transient event of Figure 7.21, showing the response of the 
amplitude of the swing (defined in Figure 7.25). Whereas in the base, non-
insulated, case the amplitude of the oscillation is about 2–3 K, values of up to 64 K 
at cycle 23 are experienced for the 10–95% load change when the engine is coated 
with 1.0 mm PSZ. Even higher amplitude is expected for higher load changes or 
thicker insulation. From Figure 7.26 it is also concluded that there is no practical 
difference between cast iron and aluminum wall. What should be mentioned here is 
the high rate of change of the swing amplitude between cycles 5 and 25, where the 
main portion of the increase in fueling takes place. This rate is of the order of 4 K 
per cycle for the 10–95% load change or 2 K per cycle for the 10–75% one, and is 
responsible for the increased thermal loading that is experienced by the engine 
structure during the transient event. 
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Figure 7.26. Response of the temperature swing amplitude to an increase in load (unless 
otherwise noted, the cylinder wall is cast iron and the load change 10–75%) 

 
Figure 7.27 provides in more detail the cylinder inside wall temperature 

oscillation swings against crank angle, for an intermediate cycle of the transient 
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event. A first observation is that the shape of all these curves is similar, a fact that 
is explained as follows. During the intake stroke, the wall surface is cooled down 
due to heat transfer from the higher temperature wall to the cooler incoming air. 
The wall temperature rises during the last stages of the compression stroke, 
because of heat transfer to the wall from the then higher temperature compressed 
air. During the middle and last stages of the expansion stroke, the wall temperature 
decreases because of the decreasing gas temperatures. These wall temperature 
oscillations have been found to increase with fueling. They also increase with the 
increasing degree of insulation, however at a decreasing rate.  
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Figure 7.27. Cylinder wall inside temperature oscillation swings against crank angle, during 
an intermediate cycle of a transient load increase of 10–75% 

 
From Equation 7.10 one can see that the wall temperature swing is proportional 

to the in-cylinder gas temperature levels (An, Bn) and a decreasing function of the 
parameter 2 2 2

insζ k /αh∝ (note that a constant engine speed is assumed, i.e., 
constant N=1/τo, during each transient cycle). However, the variation of heat 
transfer coefficient with the degree of insulation is very mild, so that effectively 

2 2
insζ k /α.∝  Parameter 2

insk /α  for cast iron, silicon nitride and plasma spray 
zirconia, assumes the following values, respectively: 2.1×108, 0.36×108 and 
0.11×108 (in SI units). Thus, 2ζ is a decreasing function of the degree of insulation. 
The strong increase of the wall temperature swing with the degree of insulation can 
then be explained by both the higher gas temperatures (cf. Figure 7.23) and the 
lower values of 2ζ . Nonetheless, this increase with the degree of insulation is 
forwarded at a decreasing rate. This is explained by the fact that, at high degrees of 
insulation (e.g., for the zirconia cases), the value of 2ζ  becomes very small with 
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respect to 1. Then, the influence on the wall temperature swing value derives 
effectively only from the relatively milder increase of the gas temperature swing 
with the degree of insulation.  

Figure 7.28 expands on the temperature swing development, depicting the 
response of the crank angle where the maximum value is observed as well as the 
depth where the swing dies out. As the transient event develops, the governor 
responds to the initial speed drop by increasing fueling considerably in order for 
the engine to cope with the higher loading. This leads to higher values of flame 
temperatures and an increased duration of combustion, which gradually shifts the 
crank angle at which the maximum swing is observed later in the expansion stroke. 
Notice that the respective crank angle at the point of maximum heat transfer 
coefficient is around ‘hot’ TDC, whereas the crank angle where the maximum 
cylinder temperature occurs is 40°CA after TDC. The type of insulation is of much 
lesser importance here, as all the graphs exhibit the same profile. Similarly, the 
increased fueling and gas temperatures lead to greater penetration depth of the 
observed temperature swings. Consistent with the results reached for steady-state 
engine operation, the heavy insulated cases exhibit a smaller depth of penetration; 
the latter, combined with the fact that the higher insulated cases lead also to greater 
temperature amplitudes, is responsible for the much sharper temperature gradients, 
hence thermal shock experienced by the combustion chamber walls.   
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Figure 7.28. Response of crank angle at the point of maximum temperature swing and depth 
where swing dies out after a ramp increase in load, for various insulation schemes 

 
The latter arguments are illustrated in more detail in Figure 7.29, which shows 

the variation of wall temperature swings with depth x (inside the wall) extending 
over a wavelength xo, at various crank angles (instants of time) extending over the 
current engine cycle period τo (corresponding to 720°CA), at cycle No. 15 of the 
same 10–75% transient event. Similar type profiles develop during all cycles of the 
transient event. The strong damping of the wall temperature swings with depth x is 
apparent. Effectively, the wall swings disappear at a depth of the order of 0.7–3 
mm depending on the degree of insulation. It can clearly be seen that when 
increasing the degree of insulation the amplitude of the wall temperature swings 
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increase highly, while at the same time the corresponding depths inside which they 
disappear decrease. As a result thermal shock increases too. 
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Figure 7.29. Variation of wall temperature swings with depth x (inside the wall) extending 
over a wavelength, at various crank angles, for the various insulation schemes during an 
intermediate cycle (No. 15) of a 10–75% load increase transient event [40] 

 
From Equation 7.9 one can see that the wall temperature swing is proportional 

to a decreasing function of parameter 2 2ζ 1/ h∝  (for a specific speed, i.e., constant 
N ∝ 1/τo, and for the same wall material, i.e., constant kins and α). From the same 
equation it can also be deducted that the wall temperature swing phase shifting is 
an increasing function of parameter ζ. The strong increase of the wall temperature 
swing with fueling, as the transient event develops, can then be explained by both 
the higher gas temperatures and gas heat transfer coefficients, i.e., lower ζ. The 
decrease of depth inside which these oscillations disappear, when increasing the 
degree of insulation, is explained by noting from Equation 7.12 that the related 
wavelength 1/ 2

ox α∝  increases with ‘α’ decreasing in value with the degree of 
insulation. The combination of large temperature gradients with short penetration 
lengths, as for example in the zirconia insulation cases, results in high thermal 
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gradients, thus leading to high cyclic thermal loading. Therefore, the material 
concerned should possess high fatigue durability and thermal shock resistance as 
well as adequate temperature strength. 
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8 

Second-law Analysis 

8.1 Introduction 

In view of the decreasing energy sources, optimization of thermal processes has 
initiated vigorous research worldwide. In order to analyze engine performance       
– that is evaluate the inefficiencies associated with the engine sub-systems – 
second-law analysis can be a useful alternative to first law, being able to shed more 
light and provide better insight into the engine processes. For second-law analysis, 
the key concept is ‘availability’ (or exergy)1; availability is a special case of the 
more fundamental concept, available energy, introduced by Gibbs [1]. The 
availability content of a process represents its potential to do useful work being, 
thus, a quantitative measure of the quality or usefulness of this process. Unlike 
energy, availability can be destroyed, which is the result of such phenomena as 
combustion, friction, mixing or throttling. Details about the relevant relationships 
can be found in [2–6]. 

The destruction of availability – usually termed irreversibility – is the source 
for the defective exploitation of fuel into useful mechanical work in a compression 
(or spark) ignition engine. The reduction of irreversibilities can lead to better 
engine performance through more efficient exploitation of fuel. To reduce the 
irreversibilities, we need first to quantify them. That is, the availability destructions 
through second-law analysis should be evaluated. 

Objectives of second law application to internal combustion engines are 

• to weigh the various processes and devices, calculating the ability of each 
one of these to produce work; 

• to identify those processes in which destruction or loss of availability 
occurs, to detect the sources for these destructions, and quantify the losses 
and destructions; 

                                                 
1 The term availability is preferred in the US; exergy, on the other hand, is more popular in Europe. 
Both terms will be used interchangeably in this chapter. 
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• to analyze the effect of various design and thermodynamic parameters on 
the exergy destruction and losses; 

• to propose measures and techniques for the minimization of destruction 
and losses in order to increase overall efficiency; 

• to propose methods for exploitation of losses – most notably exhaust gas to 
ambient and heat transfer to cylinder walls – now lost or ignored; and 

• to define efficiencies so that different applications can be studied and 
compared, and possible improvements can be measured and quantified. 

8.2 Basic Concepts of Availability 

8.2.1 Availability of a System 

Availability of a system in a given state is defined as the maximum useful work 
that can be produced through interaction of the system with its surroundings, as it 
reaches thermal, mechanical and chemical equilibrium. Usually, the terms 
associated with thermo-mechanical and chemical equilibration are calculated 
separately, as will be described later in the chapter. 

For a closed system experiencing heat and work interactions with the environ-
ment, thermo-mechanical availability is given by 

tm
o o o o oA (E U ) p (V V ) T (S S )= − + − − −   (8.1a) 

where E=Ekin+Epot+U, with Ekin the kinetic and Epot the potential energy and po and 
To are the fixed pressure and temperature of the environment; Uo, Vo and So are the 
internal energy, volume and entropy of the contents were they brought to po and To.  

Availability is an extensive property with a value greater than or equal to zero. 
It is obvious that availability is a property the value of which depends not only on 
the state of the system, but also on the ambient properties. There is no availability 
in a system when thermal, mechanical and chemical equilibrium exists with the 
environment. Thermal equilibrium is achieved when the temperature of the system 
is equal to the temperature of the surrounding environment. In the same way, 
mechanical equilibrium is achieved when there is no pressure difference between 
the working medium and the environment.   

Chemical equilibrium is established only when there are no components of the 
working medium, which could interact with those of the environment to produce 
work. In the case of engines, all the components of the working medium must be 
either oxidized (e.g., fuel, CO, H), or reduced (e.g., NO, OH) in a reversible way as 
the system reaches the dead state (see following section for the dead state 
definition). The only components of the system, which cannot react chemically 
with the environment and, therefore constitute the components of the mixture at the 
dead state are O2, N2, CO2 and H2O. In addition to the work that could be obtained 
by reversible reactions, some researchers propose a more general definition of 
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chemical availability, which would also take into account the capacity to produce 
work because of the difference between the partial pressures of the components 
(when in thermal and mechanical equilibrium with the environment) and the partial 
pressures of the same components in the environment. This work could be 
extracted by the use of semi-permeable membranes and efficient low input 
pressure, high-pressure ratio expansion devices (e.g., Van’t Hoff’s equilibrium 
box).  

Chemical availability terms are practically useless as regards internal 
combustion engine units owing to the inability of their recovery, at least for mobile 
applications [6–8].  

8.2.2 Dead State 

The choice of reference dead state is of paramount importance when dealing with 
availability calculations, since this will determine the equilibrium that will be 
established with the environment and, consequently, the calculated values of 
availability. This subject has been treated in detail in [3, 7–10].  

In general, a system is considered to be at the so-called ‘restricted’ dead state, 
when no work potential exists between the system and the environment due to 
temperature or pressure differences. This is the dead state reached when calculating 
the thermo-mechanical availability. Usually, the restricted dead state (for any given 
state) is defined for engine applications to have the same chemical composition as 
the given state, therefore no work potential exists due to compositional differences; 
this is most usually true when studying compression ignition engines operation, 
which involve combustion of lean mixtures. 

On the other hand, if chemical equilibrium with the environment is of concern, 
then we refer to the ‘true’ or ‘unrestricted’ dead state, where the chemical 
potentials of the system equal those of the environment. In such a case, the detailed 
composition of the environment is needed for the analysis. The (environmental) 
pressure and temperature conditions of the dead state are usually taken to be 
po=1.01325 bar and To=283.15 ÷ 298.15 K, and if chemical availability is of 
concern, then the molar composition of the environment is typically taken as: 
20.35% O2, 75.67% N2, 0.03% CO2, 3.03% H2O and 0.92% of various other 
substances. Changes in the dead state conditions reflect changes in the value of the 
system availability. 

In a closed system, the thermo-mechanical availability given by Equation 8.1a 
can be re-arranged as follows  

tm
o o o o o i io

i

A  = E + p V  T S  G E p V T S m− − = + − − µ∑  (8.1b) 

where Go is the working medium's Gibbs free enthalpy and µio is the respective 
chemical potential of species i, both calculated at the restricted dead state 
conditions, and mi is the mass of species i. At the restricted dead state the system is 
in thermal and mechanical equilibrium with the environment. However, no 
chemical equilibrium exists, which means that some work recovery is possible due 
to the difference between the composition of the system at the restricted dead state 
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and that of the environment. If the system at the restricted dead state is also 
permitted to pass into but not react chemically with the surrounding environment, 
then for perfect gas mixtures chemical exergy is defined as 

( )ch o i
i io i o si i o

i i i

x
A  = m T R m ln

x
⎛ ⎞

µ − µ = ⎜ ⎟
⎝ ⎠

∑ ∑  (8.1c) 

with o
iµ the chemical potential of species i at the true dead state, and xi, xi

o the 
mole fractions of species i in the mixture (restricted dead state) and the 
environment (true dead state), respectively. This chemical availability is a measure 
of the maximum work when the system comes to equilibrium with the 
environmental composition. 

Total, i.e., thermo-mechanical plus chemical exergy is then given by 

tm ch o
o o i i

i

A A A  E p V T S m= + = + − − µ∑
 (8.1d) 

8.2.3 General Availability Balance Equation 

For an open system experiencing mass exchange with the surrounding 
environment, the following equation, with reference to Figure 8.1, holds for the 
total availability on a time rate basis [2–6]: 

cv o cv
j cv o in in out out

in outjj

dA T dV
1 dQ W p m ψ m ψ I

dt T dt
⎛ ⎞ ⎛ ⎞= − − − + − −⎜ ⎟ ⎜ ⎟⎜ ⎟ ⎝ ⎠⎝ ⎠

∑ ∑∫  (8.2) 

where: 

1. dAcv/dt is the time rate of change of the control volume exergy (i.e., engine 
cylinder, exhaust manifold etc.). 

2. o
j

jj

T
1 dQ

T
⎛ ⎞

−⎜ ⎟⎜ ⎟
⎝ ⎠

∫  is the availability term for heat transfer, with Tj the 

temperature at the boundary of the system, which, in general, is different 
from the temperature level of a process, and jdQ  represents the differential 
time rate of heat transfer at the boundary of the control volume. This 
relation shows that increasing the temperature of an energy stream also 
increases its ability to produce work. This statement is very useful when 
studying internal combustion engines, since here an increase in the fuel–air 
equivalence ratio Φ results in an increase in exhaust gas temperatures due 
to the lean mixtures involved, and thus their potential for work production. 
Moreover, the above relation denotes that there is actually a limitation 
imposed by the second law of thermodynamics as regards operation and 
efficiency of thermal engines.  
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3. cv
cv o

dV
W p

dt
⎛ ⎞−⎜ ⎟
⎝ ⎠

 is the availability term associated with (mechanical) 

work transfer. 

4. in inm ψ and out outm ψ  are the availability terms associated with inflow and 
outflow of masses, respectively. For a diesel engine, the terms ψin and ψout 
in Equation 8.2 refer to the flow or stream availability (or exergy) of the 
incoming and the outgoing cylinder mass flow-rates, respectively, given by 
(neglecting kinetic and potential energy contribution)  

 tm ch o
o i i

i

ψ = ψ +ψ = h T s x µ− − ∑         (8.3) 

with so the entropy of the flow-rate were it brought to po and To. Flow
 availability is defined as the maximum work that can be obtained as the 
 fluid passes reversibly from the given state to the dead state, while 
 exchanging heat solely with the environment. This property can actually 
 take negative values in case the partial pressure is lower than that of the 
 environment.  
5. I  is the rate of irreversibility production inside the control volume as will 

be analyzed in more detail later in the chapter.  
 

 
Figure 8.1. Availability balance in an open system 

8.2.4 Fuel Availability 

The chemical exergy of a substance not present in the environment (e.g., fuel, 
sulfur, combustion products such as NO or OH etc.) can be evaluated by 
considering an idealized reaction of the substance with other substances for which 
the chemical exergies are known. This chemical exergy of the fuel can be 
expressed as follows on a molar basis, in case the fuel exists alone at the restricted 
dead state [2–6]: 

o o
fch o o f o o p p r r

p r

a (T ,p ) = g (T ,p ) x x
⎛ ⎞

− µ − µ⎜ ⎟⎜ ⎟
⎝ ⎠
∑ ∑  (8.4a) 
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where index p denotes products (CO2, H2O, CO, etc.) and index r the reactants 
(fuel and O2) of the (stoichiometric) combustion process, while the overbar denotes 
properties on a per mole basis. Hydrocarbon fuels CzHy, which are of special 
interest to internal combustion engines applications, react with oxygen to produce 
carbon dioxide and water vapor according to the following chemical reaction: 

z y 2 2 2 (v)
y yC H z O zCO H O
4 2

⎛ ⎞+ + → +⎜ ⎟
⎝ ⎠

 (8.4 b1) 

 
Equation 8.4a then becomes [3] 

2

o oo o

2 2

o z y / 4
O

fch (T ,p ) mol o o z o y / 2T ,p
CO H O

(x )
a = ∆G R T ln

(x ) (x )

+⎡ ⎤
− + ⎢ ⎥

⎢ ⎥⎣ ⎦
 (8.4 b2) 

 
where 

o o 2 2 z y 2

o o

(T ,p ) CO H O,(v) C H O
(T ,p )

y y∆G zg ( )g g (z )g
2 4

⎡ ⎤= + − − +⎢ ⎥⎣ ⎦
 (8.4 b3) 

 
For practical calculations, the above relation is approximated as regards liquid 
hydrocarbons (on a kg basis) by 

fch
y 0.042a  = LHV 1.04224  0.011925
z z

⎛ ⎞+ −⎜ ⎟
⎝ ⎠

 (8.4c) 

with LHV the fuel’s lower heating value. For example, for n-dodecane, which 
closely resembles automotive diesel fuel, Equation 8.4c yields afch=1.0645 LHV. 

Various approximations for the chemical exergy of fossil, liquid and gaseous 
fuels were reached by Szargut and Styrylska [11], and summarized by Rodriguez 
[12]. One such approximation for liquid fuels of the general type CzHyOpSq, 
applicable in compression ignition engines, is 

fch
y p q ya  = LHV 1.0374  0.0159 0.0567 0.5985 1 0.1737
z z z z

⎡ ⎤⎛ ⎞+ + + −⎢ ⎥⎜ ⎟
⎝ ⎠⎣ ⎦

 (8.4d) 

8.3 Application of Exergy Balance to the Diesel Engine 

8.3.1 Engine Cylinder Exergy Balance  

For the engine cylinder, the availability balance equation on a °CA basis is 
formulated as follows with reference also to Figure 8.2: 
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Control Volume Heat Loss IrreversibilitiesOutflow WorkInflow Fuel

cyl cyl5 5 w4 4 L fdA dIm dAm dA dA
 = 

d 6N 6N d d d d
ψψ

− − − + −
ϕ ϕ ϕ ϕ ϕ

 (8.5)  

In the above equation, 4m  is the incoming flow-rate from the inlet manifold, 
which consists of air or air plus exhaust gas (in the case of operation with exhaust 
gas recirculation), whereas 5m  is the outgoing flow-rate to the exhaust manifold.  

w
g o

dA dV = (p p ) 
d d

−
ϕ ϕ

 (8.6) 

is the (indicated) work transfer, where dV/dϕ is the rate of change of cylinder 
volume with crank angle described in Equation 9.31 and pg the instantaneous 
cylinder pressure. 

 

 
Figure 8.2. Schematic arrangement of diesel engine showing strategic points locations for 
exergy balance calculations (0,1: atmosphere-compressor inlet, 2: compressor outlet-
aftercooler inlet 3: aftercooler outlet-intake manifold inlet, 4: cylinder inlet, 5: cylinder 
exhaust, 6: exhaust manifold - turbine inlet, 7: turbine outlet) 

L oL

g

dQ TdA
 =  1

d d T
⎛ ⎞

−⎜ ⎟⎜ ⎟ϕ ϕ ⎝ ⎠
    (8.7) 

is the heat transfer to the cylinder walls availability, with dQL/dϕ the respective 
heat flux (Section 9.3.2.2), and Tg the instantaneous cylinder gas temperature. This 
equation shows that increasing the temperature of the exhaust gas increases its 
availability too, or the ability of the gas to produce work. This availability loss is 



284 Diesel Engine Transient Operation 
 
usually considered as external to the cylinder control volume, but there are some 
researchers (for example, Alkidas [13]) who treat the heat losses as another source 
of irreversibility by defining an individual open thermodynamic system for the 
water-cooling circuit. By so doing, they usually sum up the combustion 
irreversibilities and the exergy term for heat transfer (Equation 8.7), and also 
calculate the availability increase in both the water and oil coolant circuits. In fact, 
heat loss from gas to the cylinder walls contains a significant amount of 
availability, which is almost completely destroyed only after this is transferred to 
the cooling medium.2 

fbf
fch

dmdA
= a

d dϕ ϕ
 (8.8) 

is the burned fuel availability, with afch being the fuel (chemical) availability and 
dmfb/dφ the fuel burning rate (Section 9.3.2.3).  

Finally, the term on the left-hand side of Equation 8.5 can be expressed 
alternatively applying Equation 8.1d, as follows 

cyl oi
o o i

i

dA dmdU dV dS = + p T
d d d d d

− − µ
ϕ ϕ ϕ ϕ ϕ∑  (8.9) 

representing the rate of change in the total availability of the cylinder contents. 
Equation 8.5 can then be solved for the term of irreversibility production dIcyl/dφ. 

8.3.2 In-cylinder Irreversibilities 

Hydrocarbon combustion increases entropy; therefore it produces irreversibilities 
by converting molecules of complicated structure to a mixture of relatively light 
gaseous fragments. Irreversibility production within the cylinder is due to 
combustion, mixing of gases at different temperatures, viscous dissipation, 
turbulence, fluid flow losses, inlet-valve throttling and mixing of the incoming air 
with the cylinder residuals. An alternative approach entails application of an 
entropy balance in order to calculate irreversibilities. By so doing, the rate of 
irreversibility production in the cylinder is linked to the respective entropy 
generation irrS∆ , i.e., o irrI T S= ⋅ ∆ . 

Typical values for in-cylinder irreversibilities are of the order of 20–25% for 
full-load, turbocharged, diesel engine operation. Greater values are expected for 
compression ignition engine operating at low loads. For example, for lower than 

                                                 
2 According to Equation 8.7 (assuming a mean gas temperature of 800 K and an atmospheric 
temperature of 20 C) the work potential of the heat transfer stream from the exhaust gas to the cylinder 
walls equals 63% of the respective energy term QL. This work potential decreases to 35% after it has 
been transferred to the cylinder walls (Twall=180 C) and to 17% of the respective heat flux when it is 
subsequently transferred to the low temperature cooling medium (Tcoolant=80 C). 
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20% engine loads, in-cylinder irreversibilities waste 40% or even more of the fuel 
chemical exergy. This is mainly due to the lower gas temperatures involved. 

The contribution of combustion to the total in-cylinder irreversibilities in a 
diesel engine is dominant. Actually, it has been computed being more than 90%. 
Primus and Flynn [14] calculated in-cylinder, non-combustion irreversibilities at 
4.96% of the total, for a six-cylinder, turbocharged and aftercooled, diesel engine 
operating at 2100 rpm and producing 224 kW. These included thermal mixing of 
the incoming air with the cylinder residuals and intake valve throttling. Alkidas 
[13] working on a single-cylinder, naturally aspirated, DI diesel engine of 2.0 L 
displacement volume, and using a simplified mixing model, estimated air–fuel 
mixing irreversibilities to be 3% of the total. Rakopoulos and Giakoumis [15] 
calculated non-combustion, in-cylinder irreversibilities during transient conditions 
at 5% (maximum) of the total for a six-cylinder, turbocharged and aftercooled 
diesel engine (decreasing magnitude with increasing load – see also Figure 8.7 
later in the chapter). Some fundamental aspects of the mechanism of availability 
destruction due to combustion in an internal combustion engine are summarized 
below. 

• About 80% of the combustion irreversibilities occur during the heat 
transfer process between the reacting gas and the yet unburned mixture. 
The product constituent mixing process assumes most of the remaining 
percentage. Although Dunbar and Lior [16] reached the above conclusion 
studying constant volume combustion, their results can be projected for 
reciprocating engines too, indicating the main mechanism of availability 
destruction during combustion. 

• An increasing combustion temperature (as, for example, is the case with 
increasing fuel–air equivalence ratio Φ, in compression ignition engine lean 
operation) decreases the percentage combustion irreversibilities. This 
conclusion is interrelated to the previous point, since an increasing cylinder 
charge gas temperature decreases the relative amount of heat transfer from 
the reacting gas to the yet unburned mixture. Varying the equivalence ratio 
at which combustion takes place has also a significant effect on the 
distribution of (thermo-mechanical and chemical) availabilities inside the 
cylinder.  

• The effect of combustion duration and heat release shape is modest on the 
total amount of (combustion) irreversibilities. On the other hand, their 
influence on the rate of irreversibility production during an engine cycle is 
significant. 

• The effect of pressure changes on the irreversibilities during the 
combustion process (other parameters being the same) is modest. 

• The amount of combustion irreversibilities can be correlated to the 
differential change in mixture composition, and notably nothing else. This 
was the result from the work conducted by Rakopoulos and Andritsakis 
[17] on a turbocharged diesel engine; they calculated the combustion 
irreversibility production rate as a function of fuel reaction rate only, and 
reached the following very interesting equation 
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 o
j j

j

T
dI dm

T
= − µ∑  (8.10) 

where index j includes all reactants and products. For perfect gases µj=gj, 
and for the fuel µf=afch. The above equation reveals that, after all, both heat 
transfer and work production inside the cylinder only indirectly influence 
the irreversibilities accumulation.  

• Research in the field of alternative fuels has indicated some very 
interesting results. For example, a decrease in combustion irreversibility 
can be realized when using lighter than dodecane (e.g., methane) or 
oxygenated (e.g., methanol) fuels. This is due to the combustion 
characteristics of these fuels, which involve lower entropy of mixing in the 
combustion products than the larger n-dodecane molecules [18]. From the 
second-law analysis point of view, hydrogen combustion was found 
qualitatively different than the combustion of hydrocarbon fuels since 
hydrogen oxidation is the combination of two simple diatomic molecules, 
which yields a triatomic one with significantly more structure than any of 
the reactants. For this reason, a monotonic decrease in combustion 
irreversibilities with increasing hydrogen component was calculated for the 
combustion of CH4-H2 mixtures burning in an engine cylinder; this 
decrease in combustion irreversibilities translates also into an increase in 
second-law efficiency [19].  

8.3.3 Exergy Balance of the Engine Sub-systems 

8.3.3.1 Turbocharger 
For the compressor, quasi-state conditions are assumed so that there is no 
accumulation term. Then, the availability balance equation with reference to Figure 
8.2 reads 

C C1 1 2 2
W dIm m

 +
6N 6N d

ψ − ψ
=

ϕ
  (8.11) 

with 1 2m m=  the charge air-flow-rate. For the turbine, accordingly 

6 6 7 7 T Tm m W dI
6N 6N d

ψ − ψ
− =

ϕ
  (8.12) 

Both processes are usually assumed adiabatic. In these equations, the terms CW  

and TW  are the power terms for compressor and turbine, respectively. 



 Second-law Analysis 287 

Irreversibilities in the turbocharger are mainly fluid flow losses due to fluid shear 
and throttling accounting for around 10% of the total engine irreversibilities 

8.3.3.2 Aftercooler or Intercooler 
Similarly for the aftercooler, the availability balance equation is given by 

2 2 3 3 AC
w

m m dI
A

6N d
ψ − ψ

− ∆ =
ϕ

        (8.13) 

where ψ2 is the flow availability at the compressor outlet −  aftercooler inlet, ψ3 the 
flow availability at the aftercooler outlet −  inlet manifold inlet, and  

w w
w w out in

1 = m ( )
6N

∆Α ψ − ψ  (8.14) 

where 

w w w out
out in pw w out w in o

w in

T
-  c T T T  ln

T
−

− −
−

⎡ ⎤⎛ ⎞
ψ ψ = − −⎢ ⎥⎜ ⎟

⎢ ⎥⎝ ⎠⎣ ⎦
 (8.15) 

is the increase in the availability of the cooling medium having mass flow-rate 
wm ,  specific (mass) heat cpw, initial temperature entering the aftercooler Tw-in and 

final temperature leaving the aftercooler Tw-out. Here, the irreversibilities account 
for loss of availability due to heat transfer to a cooler medium. The transfer of heat 
to a cooler medium is a procedure not desirable from the second law of 
thermodynamics point of view. The particular one is responsible for the loss of 
around 0.5–1% of the fuel’s chemical availability in compression ignition engine 
applications. 

8.3.3.3 Inlet Manifold 
For the inlet manifold, the availability balance equation is formulated as follows 

cyln

3 3 4 j 4
j 1im im

m m
dA dI

 = 
d 6N d

=

ψ − ψ

−
ϕ ϕ

∑
 (8.16) 

where ψ4 is the flow availability at the intake manifold and j=1–ncyl is the cylinder 
exchanging mass with the inlet manifold. No heat losses are taken into account in 
most of the cases. The term for irreversibilities dIim/dφ accounts mainly for mixing 
of incoming air with the intake manifold contents, and is, usually, less than 1% of 
the fuel’s chemical availability owing to the low pressures and temperatures 
involved. 
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8.3.3.4 Exhaust Manifold 
For the exhaust manifold, the availability balance equation is given by 

cyln

5 j 5 j 6 6
j 1em em Lem

m m
dA dI dA

 = 
d 6N d d

=

ψ − ψ

− +
ϕ ϕ ϕ

∑
 (8.17) 

where index 6 identifies the exhaust manifold state.  
The term  

LemLem o

6

dQdA T
 = 1

d d T
⎛ ⎞

−⎜ ⎟ϕ ϕ ⎝ ⎠
 (8.18) 

accounts for the heat loss in the exhaust manifold (considered as external to the 
manifold control volume, thus not included in the respective irreversibilities), with 
T6 the instantaneous temperature of the manifold contents.  

The term dIem/dϕ is the irreversibility rate in the exhaust manifold, which arises 
from throttling across the exhaust valve, mixing of cylinder exhaust gas with 
manifold contents and gas friction along the manifold length. It assumes values of 
around 1.5–3% of the fuel’s chemical availability (greater values correspond to 
turbocharged engines). Primus and Flynn [14] identified the individual losses in the 
exhaust manifold of a six-cylinder, turbocharged and aftercooled, diesel engine as 
follows: exhaust throttling losses accounted for 1.66% of the fuel’s chemical 
availability, exhaust manifold heat loss 0.25%, fluid flow losses 0.57%, and turbine 
irreversibilities were of the order of 1.69% of the fuel availability.  

8.3.4 Second law or Exergy or Exergetic Efficiency 

Efficiency is generally used to describe the degree to which the ideal is approached 
by a specific process or task. An efficiency is defined in order to be able to 
compare different engine size applications or evaluate various improvement 
effects, either from the first- or the second-law perspective. The second-law (or 
exergy or availability) efficiency, also found in the literature as effectiveness or 
exergetic efficiency, measures how effectively the input (fuel) is converted into 
product; it is usually of the following form: 

Availability out in product loss destruction1
Availability in Input

+
ε = = −

 (8.19) 

Unlike first-law efficiencies, their second-law counterparts weigh the various 
energy terms according to their capability for work production. Second-law 
efficiency includes, in addition to exergy losses (e.g., in exhaust gas), the exergy 
destructions (irreversibilities) too. On the other hand, since energy is conserved, 
first-law efficiency reflects only energy losses. Further, energy losses are not 
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representative of (and typically overestimate) the usefulness of loss; first-law 
efficiencies do not explicitly penalize the system for internal irreversibilities being, 
thus, misleading since they do not actually measure the approach to ideal. 

For the cylinder alone, the following second-law efficiency is often applied 

ind br
1 1

fi fch fi fch

W W
= or = 

M a M a
ε ε

 (8.20) 

with Wind the indicated and Wbr the brake work production and Mfi the total mass 
of fuel entering the cylinder per cycle. The left-hand side expression of      
Equation 8.20 is generally preferred, with a subsequent calculation of friction, 
since the right-hand side expression penalizes the cylinder for the friction 
irreversibilities.  

One could also take into account the difference between outgoing, from the 
cylinder, Aout and incoming, to the cylinder, Ain thermo-mechanical availability 
flows (J/cycle) for their ability to produce extra work, and define the following 
second-law efficiency: 

ind out in
2

fi fch

W A A
 = 

M a
+ −

ε  (8.21) 

where (for four-stroke engine operation) 

( )
720

out in 5 5 4 4
0

dA A  = m m
6N

ϕ
− ψ − ψ∫  (8.22) 

For the compressor and turbine, respectively, the exergy efficiency or 
effectiveness can be defined as 

C 2 1 T
C T

T 6 7C

m ( ) W
m ( )W

ψ − ψ
ε = ε =

ψ − ψ
 (8.23) 

The turbine exergy efficiency is a measure of how well the exhaust gas exergy 
is converted into shaft work. It differs from the isentropic efficiency in as much as 
the latter compares the actual work developed with the work that would be 
developed in an isentropic expansion. In any case, both can be classified as second-
law efficiencies. The same holds true for the compressor. 

For the whole diesel engine plant, we can define 

ind
tot1

fi fch

W
 = 

M a
ε   or     

tot
ind out

tot2
fi fch

W A
 = 

M a
+

ε  (8.24) 

where the exhaust gas to ambient flow availability is ( )
720

tot
out 7 7

0

A dm / d d= ϕ ψ ϕ∫ . 
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8.4 Exergy Balance Application to Steady-state Operation 

Application of Equations 8.5–8.9 on a diesel engine cylinder is depicted in Figures 
8.3 and 8.4, showing the development of both rate and cumulative in-cylinder 
availability terms (for one cylinder) during an engine cycle. The cumulative terms 
are defined after integration of the respective rate terms over the engine cycle. 
Particularly so for steady-state operation, the cumulative value for the cylinder 
contents availability sums up to zero at the end of the cycle, i.e.,  

( )cyldA d d 0.∫ ϕ ϕ =  Chemical availability is usually neglected in such case 
studies.3 
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Figure 8.3. Development of rate and cumulative in-cylinder availability terms during an 
engine cycle (six-cylinder, turbocharged and aftercooled diesel engine, operating at        
1500 rpm and medium-high load – nomenclature with reference to Section 8.3) 

 
Until the start of combustion, the availability of the cylinder contents (i.e., 

control volume availability) increases due to work offered by the piston during the 
compression process. As the working medium is trapped at a temperature lower 

                                                 
3 The same holds true for the dissociation of the combustion products, as the findings presented concern 
simulation results derived from a single-zone thermodynamic model. Since the combustion process in a 
diesel engine does not develop in a uniform way, as the single-zone modeling suggests, it is understood 
that an error due to underestimation of the local fuel-rich zones’ temperatures exists that affects the 
irreversibility rate production due to heat transfer between the zones. On the other hand, dissociation of 
the combustion products in the fuel-rich zones results in an amount of chemical availability, which, as 
has been argued by Shapiro and van Gerpen [20], although unattainable, it should be taken into account 
in order to obtain an accurate exergy balance from Equation 8.5. 
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than that of the cylinder walls, availability is transferred through heat to the 
working medium for the early part of the cycle. Then, the heat transfer direction is 
reversed as the working medium temperature rises (see Figure 8.4 for a more clear 
representation of the in-cylinder exergy rate terms during the closed part of the 
cycle). 

As the availability transfer is low during compression, it is obvious that the 
change of the working medium availability is almost equal to the work transfer, the 
irreversibility rate being essentially zero. At the point fuel injection commences, a 
reduction is observed in the control volume availability pattern. This is due to the 
ignition delay period and the simultaneous loss of heat for evaporation of the 
injected fuel. After the start of combustion, things change drastically. The burning 
of fuel causes a considerable increase in pressure and temperature and, 
consequently, in-cylinder availability and heat loss. As a result, the irreversibility 
rate increases remarkably too.  
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Figure 8.4. Development of rate of in-cylinder availability terms during the closed part of 
the cycle (six-cylinder, turbocharged and aftercooled diesel engine, operating at 1500 rpm 
and medium-high load) 

 
The rate of availability becomes negative near 220°CA. Clearly, the available 

energy accumulated in the cylinder contents during compression and mainly during 
combustion is being returned in the form of (indicated) work production, which 
causes the decrease in the availability of the working medium. After the opening of 
the exhaust valve, the control volume availability rate reaches a second minimum, 
due to the exhaust gas leaving the cylinder during the blow-down period. At this 
point (see also Figure 8.6 later in the chapter), a second (much smaller) peak in the 
cycle irreversibility rate is also observed owing to the pressure and temperature 
difference between cylinder contents and exhaust manifold. The cumulative 
availability term continues to decrease so that, at the end of the cycle (720°CA), its 
value is zero again, as the working medium has returned to its initial state. The 
main conclusions are, in general, applicable for spark ignition engine operation too.  
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For the present engine operating point of Figure 8.3, 40.31% (efficiency ε1) of 
the fuel’s availability is converted into (indicated) work (compared with 42.89% of 
the fuel’s lower heating value); this amount increases to 58.38% (efficiency ε2) if 
the difference between outgoing and incoming flows is considered for their ability 
to produce work. The compressor and turbine efficiencies are 76.38 and 87.42%, 
respectively. The higher isentropic efficiency of the turbine compared with the 
compressor, leads to a better exergy efficiency too (Equations 8.23). For the whole 
diesel engine plant εtot1 = 40.31%, which increases to εtot2 = 53.76% if we also take 
into account the potential for useful work production of the exhaust gas.  

Table 8.1 expands on the previous remarks by tabulating typical first- and 
second-law balances over an engine cycle for a similar engine configuration [14]. 
Since second-law analysis assigns different magnitude to each energy streams’ 
ability to produce work, the results presented in Table 8.1 include destructions and 
losses not to be found in the first-law balance. Perhaps, the most obvious 
difference lies in the quantification of the exhaust gas to ambient term. Second law 
shows that this is ‘only’ 13% of the incoming fuel availability in contrast to the 
31% magnitude assigned by the first law, a fact that has to be taken into account if 
one is considering the addition of a bottoming cycle (see also Section 8.5). The 
quantification of all losses is also presented (numbers in parentheses reduce the 
irreversibilities to the total), highlighting the dominance of combustion 
irreversibilities (21.20% of the fuel’s availability, or 75% of the total 
irreversibilities). Fuel availability was estimated at 1.0338 times the LHV, 
consequently brake and mechanical efficiency were slightly different when 
comparing the results from the two laws.  

Table 8.1. Comparison of results between first- and second-law balance, and quantification 
of irreversibilities (six-cylinder, turbocharged and aftercooled, DI diesel engine – reprinted 
from Primus and Flynn [14], with permission from the American Society of Mechanical 
Engineers) (numbers in parentheses denote % of total irreversibilities) 

 
First law 

(% of fuel energy) 
Second law 

(% of fuel exergy) 
Work 40.54 39.21 

Friction 4.67 4.52 
Heat transfer to the walls 17.23 13.98 
Aftercooler heat transfer 5.86 1.16 

Exh. manifold heat transfer .39 .25 
Exhaust gas to ambient 31.31 12.73 

Irreversibilities  28.15 
Combustion - 21.20 (75.3) 

Thermal mixing - 0.81 (2.9) 
Intake throttling - 0.58 (2.1) 

Exhaust throttling - 1.66 (5.9) 
Fluid flow - 0.57 (2.0) 

Compressor - 1.64 (5.8) 
Turbine - 1.69 (6.0) 
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8.5 Exergy Balance Application to Transient Operation 

For unsteady operations, the dA/dφ terms given in Section 8.3, for the cylinder and 
the manifolds, do not sum up to zero (as they actually do for steady-state 
operation) at the end of a full cycle of the working medium. Their respective 

cumulative values  ( )4

cyl0
dA / d d  

π
ϕ ϕ∫  (four-stroke operation) are, however, very 

small compared with the other availability terms, especially for naturally aspirated 
engines or slow response turbocharged engine transients. 

For the turbocharger during transient operation, the following availability 
balance equation is now valid 

kin,TCT 6 7 C 2 1 CΤ dEm (ψ ψ ) m (ψ ψ ) dIdI
=  +  +  

6N 6N dφ dφ dφ
⎛ ⎞− −

− ⎜ ⎟
⎝ ⎠

 (8.25) 

where 

kin,TC 2T C
TC TC

dE dW dW 1 d = G (ω )
d d 2 d

−
=

ϕ ϕ ϕ
 (8.26) 

is the increase in the turbocharger shaft kinetic energy. 
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Figure 8.5. Response of total in-cylinder availability terms of a four stroke, turbocharged 
and aftercooled diesel engine to an increase in load 

In Figure 8.5 the response of the in-cylinder availability terms, i.e., work, heat 
loss to the walls, exhaust gas and irreversibilities is demonstrated as a function of 
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the engine cycles for a 10–75% load increase transient. All of these terms are 
cumulative values (in ‘Joules’) over each cycle (for all six cylinders of the engine). 
The availability term for work and heat loss to the walls increase with fueling, as a 
function of the engine cycles, because of increases in the charge temperature 
resulting from increases of the injected fuel quantity and accompanying fuel–air 
equivalence ratios Φ, following the governor response to the initial speed drop 
after the load increase. Similar results hold for the exhaust gas from the cylinder 
term and for the irreversibilities term. All availability values are characterized by a 
time delay relative to the engine speed, while the in-cylinder irreversibilities follow 
closely the profile of the injected fuel availability.  

For a diesel engine, i.e., lean operation, an increase in equivalence ratio Φ 
raises the temperatures inside the cylinder, therefore reducing the degradation of 
the fuel chemical exergy, as this is now transferred to ‘hotter’ exhaust gases (recall 
that the greatest part of combustion irreversibilities occurs during the heat transfer 
process between the reacting gas and the yet unburned mixture). The lower amount 
of combustion irreversibilities is mainly reflected into increased amount of heat 
loss or exhaust gas availability; the exploitation of the latter being a key aspect of 
second-law application to internal combustion engines. Varying the equivalence 
ratio at which combustion occurs, has also a significant effect on the distribution of 
thermo-mechanical and chemical availabilities inside the cylinder. It has been 
shown that the percentage of chemical to total availability increases significantly 
with relatively rich mixtures pinpointing its significance, mainly, for spark ignition 
engines operation [8]. 

An important fact here is that the transient irreversibilities develop in a 
different way from their ‘steady-state’ counterparts (i.e., irreversibilities at steady-
state operation for the rotational speed and fuel pump rack position of the 
respective transient cycles); this is highlighted in Figure 8.6. As was analyzed in 
the previous chapters, during transients, various off-design phenomena occur 
mainly during the early cycles where the turbocharger lag is prominent. 
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Figure 8.6. Comparison between total in-cylinder irreversibilities of a turbocharged diesel 
engine during a load increase, with some intermediate ‘quasi-state’ irreversibilities [21] 

In Figure 8.6, a difference up to 11% at the 20th cycle (this is indeed an ‘early’ 
cycle of the transient event, as the particular engine–load configuration has a very 
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large value of mass moment of inertia) is observed when comparing the transient 
with the respective ‘steady-state’ irreversibilities. The difference is attributed to:  

• the differentiated (higher than steady-state conditions, but never greater 
than stoichiometric for the present engine transient event) fuel–air 
equivalence ratios, hence lower combustion irreversibilities, experienced 
during (load increase) transients owing to the turbocharger lag, which 
significantly affects the air-mass flow-rate; 

• the transient operation of the fuel pump that differentiates from the steady-
state fuel pump curves; and 

• the fact that, during transients, integration of the left-hand side of   
Equation 8.9 over an engine cycle does not sum up to zero, as the initial 
conditions of the new cycle differ from the ones of the previous cycle. 

In Section 8.3.2, it was mentioned that the contribution of combustion 
irreversibilities is dominant for in-cylinder processes. Figure 8.7 highlights the 
contribution of each process involved, i.e., inlet, combustion and exhaust, 
expanding on the irreversibilities terms (J) inside the cylinder. Combustion 
irreversibilities assume at least 95% of the total in-cylinder and show increasing 
importance as the load increase transient event develops. Their greatest part is 
produced at the early stages of combustion, where the gas temperature is still low. 
Inlet irreversibilities are overall small due to the relatively low pressure and 
temperature of the inlet gas (irreversibilities due to throttling across the exhaust 
valve are not shown here, as they are accounted for in the exhaust manifold 
irreversibilities). 

Figure 8.7. Response of various in-cylinder irreversibilities to an increase in load 

Flynn et al. [7] argued that only that part of the combustion irreversibilities, 
which is associated with the heat release placement and shape, can be affected by 
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engine development and thus can be improved (highlighting the ‘inevitable’ of the 
combustion irreversibility). A key remark here is that increasing the level of 
combustion temperatures, as for example when increasing the compression ratio or 
insulating the cylinder walls, results in a relative decrease in the combustion 
irreversibilities, as the fuel chemical availability is transferred to ‘hotter’ exhaust 
gases. This fact denotes that such a process is, in principle, a favorable one from 
the second-law perspective, highlighting a part of the path that has to be followed 
for improving engine performance. 

The first and the last cycle of a transient event are, actually, steady-state cycles 
and their development as regards the rate of the various irreversibilities (J/°CA), 
i.e., in-cylinder (combustion, inlet and exhaust), compressor, turbine, inlet 
manifold and exhaust manifold as well as injected fuel exergy is quite revealing in 
terms of engine operation; they are illustrated in Figure 8.8. Both the fuel and the 
combustion irreversibility profiles develop in a similar way, with the combustion 
irreversibility term reaching a maximum during the early stage of the (still 
premixed) combustion phase.  
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Figure 8.8. Development in the rate (J/°CA) of fuel exergy and irreversibility terms for all 
diesel engine sub-systems, at the initial and final steady-state conditions of a transient event  
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On the other hand, the manifolds’ and turbocharger’s irreversibilities (as well 
as their other second-law values) incorporate the oscillatory nature of the six-
cylinder operation. This is more pronounced for the exhaust manifold and the 
turbine operation, owing to the pulse turbocharging scheme involved. For the 
turbine and for the final cycle of the transient event, the ratio of the maximum to 
minimum irreversibility rate is almost 20 for the particular engine setup. 

What is more revealing in terms of second-law analysis is usually the relative 
importance of the various terms, since greater differences in the magnitude are 
observed when comparing the contribution of each term on the same basis, i.e., 
fuel exergy or total irreversibilities. This is attempted in Figure 8.9, which shows 
how cylinder as well as inlet manifold, exhaust manifold, compressor, turbine, and 
aftercooler percentage irreversibilities develop during the transient event. The main 
finding is that the relative importance of the in-cylinder irreversibilities decreases 
as the load increase transient event develops, owing to the increase in loading and 
thus fueling (cf. Figure 8.5). Inlet manifold irreversibilities constitute only a small 
percentage of the total (not greater than 3% and with decreasing importance during 
the transient event), whereas those of the exhaust manifold increase substantially 
from cycle 10 where the main increase in the injected fuel quantity (and thus gas 
pressures and temperatures) occurs; they reach as much as 15% of the total 
irreversibilities at cycle 31.  

Figure 8.9. Response of various diesel engine and its sub-systems percentage irreversibility 
terms, after an increase in load 

Turbocharger irreversibilities increase during the transient event due to the 
increase in both compressor and turbine pressures and temperatures, accounting for 
4.7% of the total irreversibilities at cycle 28. The compressor irreversibilities 
outweigh the turbine ones, except for the first cycles where the turbine isentropic 
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efficiency is low. Aftercooler irreversibilities never exceed 0.47% of the total 
(cycle 30), revealing the low importance of this process as well as the very low 
potential for work recovery. It is also interesting to note, that the cycle where the 
maximum (or minimum) percentage occurs differs for each sub-system. This is 
attributed to the different ‘inertia’ of each sub-system, which affects its transient 
response. 

The recovery period and the general profile of the various second-law values 
transient response for a turbocharged diesel engine depend on their respective first-
law counterparts, since second-law terms are evaluated using first-law data. It has 
been shown [6, 22] that 

• All the parameters that lead to slow engine speed recovery, such as large 
exhaust manifold volume or high turbocharger or engine mass moment of 
inertia, result in similarly slow turbocharger recovery, higher quantities of 
injected fuel and equivalence ratios Φ and, thus, decreased in-cylinder 
irreversibilities and increased exhaust gas from cylinder or to ambient 
availability (when reduced to the fuel exergy). Consequently, an increase in 
the potential for work recovery during the transient event is established, for 
example if a bottoming cycle is applied. 

• The effect of the aftercooler effectiveness in the engine first-law transient 
response is minimal, whereas the exergy terms are significantly affected. 
Cooling the charge air increases the combustion irreversibilities (due to the 
decrease in the level of cylinder gas temperatures), a fact that is largely 
counter-balanced by the profits obtained from reduced NOx emissions. 

• In an IDI engine fitted with a prechamber, the main chamber contributes 
mostly to the total combustion irreversibilities, ranging from 
approximately 60–70% at low loads to almost 90–95% at full-load 
conditions, aided by the higher level of pressures and temperatures in the 
prechamber; the latter’s very small volume permits only a small fraction of 
the fuel to be burned. Lower contribution of the main chamber is 
experienced in swirl chamber IDI engines. 

• In principle, turbocharging has been acknowledged as a very successful 
way to improve engine efficiency and, mainly, output, as (part of) the 
available work in the exhaust gas is exploited, although a slight increase in 
the manifolds and turbocharger irreversibilities is noticed. Turbo-
compounding was found to increase the level of pressures, therefore the 
associated irreversibilities in the exhaust manifold increase too relative to 
their inlet manifold counterparts; however, a reduction of the cylinders’ 
brake work is experienced when increasing the turbine power output owing 
to the elevated pumping work [23]. 

In the previous figures load acceptance transient events were studied from the 
second-law perspective. In general, similar results apply to acceleration cases; the 
latter can be considered a much easier operation as regards engine response, since 
the fuel pump rack moves quickly to the desired final state. Typical results are 
illustrated in Figure 8.10, showing the response of various exergy terms during a 
2500–4500 rpm speed increase transient of a passenger vehicle turbocharged diesel 
engine. 



 Second-law Analysis 299 

 
 

0 10 20 30 40 50 60
Engine Cycle

0

500

1000

1500

2000

A
va

ila
bi

lit
y 

Va
lu

es
 (J

)
Irreversibilities
Work
Heat loss to cylinder walls
Fuel
Exhaust gas to ambient

2800

3000

3200

3400

3600

Initial Speed 2500 rpm
Final Speed 4500 rpm

 
Figure 8.10. Response of various availability terms during 2500–4500 rpm acceleration 
(four-stroke, four-cylinder, IDI, turbocharged diesel engine of 1.366 L displacement 
volume; adapted from Bozza et al. [24]) 

Low-heat Rejection Operation 

Perhaps the most prosperous field for application of second-law balance to 
compression ignitions engines is the low-heat rejection (LHR) operation, owing to 
its considerably differentiated results compared with the first-law analysis (cf. 
Section 7.3).  

Background on Steady-state, LHR, Second-law Operation 
The analysis of Alkidas [13, 25] for steady-state engine operation showed that the 
higher insulation of the cylinder walls raises the flame and gas temperature and 
decreases the percentage combustion irreversibilities. At the same time, the amount 
of the availability term of the exhaust gas leaving the cylinder is increased. Higher 
insulation significantly limits the availability destruction associated with heat 
transfer from the gas to the cylinder walls. This availability potential could then be 
extracted with the use of a heat transfer device. It is imperative that the engine 
cooling fluid should not be used for such device, since its low temperature level 
would make a very poor work recovery, i.e., with the heat transfer from the 
cylinder walls to the cooling water the majority of the work potential is destroyed. 
The second-law efficiency ε2 (Equation 8.21) is also expected to increase with 
insulation. This is primarily attributed to the increased percentage exhaust gas 
exergy resulting from the previously mentioned increase in flame temperature. 

Transient, LHR, Second-law Engine Operation 
Figure 8.11 investigates various insulation schemes focusing on the second-law 
balance during a load increase transient event, and illustrates the evolution of four 
basic engine availability values i.e., piston work, heat loss to the cylinder walls, 
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exhaust gas to ambient, and combustion irreversibilities; they are all reduced to the 
injected fuel chemical exergy. The important finding here is that an increasing 
degree of insulation proves favorable from the second-law perspective, since the 
corresponding combustion irreversibilities decrease as a percentage or even as 
absolute values. This happens due to the fact that an increasing (due to insulation) 
wall temperature raises the charge temperatures and, consequently, as the ideal 
Carnot cycle suggests, lowers the degradation of the fuel availability since the 
fuel’s chemical exergy is transferred to ‘hotter’ gases. For example, for the 1.5 mm 
PSZ case, the combustion irreversibilities decrease by up to 23.5% compared with 
the non-insulated configuration, which is indeed a considerable gain; this finding 
confirms the steady-state results of previous research.  

Ideally, 23.5% reduction in combustion irreversibilities would form a sound 
basis for a remarkable increase in engine efficiency. Unfortunately, although 
combustion proceeded in a more efficient way, this was not transformed 
accordingly into increased piston work (Figure 8.11, lower left sub-diagram). 
Hence, the work term is only marginally improved (+2.3% at cycle No. 25 of the 
1.5 mm PSZ case). This finding goes along with the (first-law) isfc results, 
discussed in Chapter 7.3, and with the conclusions reached for steady-state 
operation. The reduction of combustion irreversibilities was rather reflected into an 
increase in the exhaust gas to ambient exergy. Both the absolute (in ‘Joules’) and 
percentage values of this term increased with higher degree of insulation owing to 
the higher temperature of the working medium. This availability amount could be 
afterwards recovered only if a bottoming cycle is applied, e.g., Rankine cycle or 
turbo-compound device. 
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Figure 8.11. Response of various percentage second-law values to an increase in load 
(unless otherwise noted, the cylinder wall is cast iron) [26] 

On the other hand, a higher degree of insulation slightly decreases the exergy of 
heat loss to the cylinder walls when reduced to the fuel chemical availability. 
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Equation 8.7 shows that an increasing gas temperature Tg increases the ‘quality’ 
(second term in the right-hand side of Equation 8.7) of the respective exergy term. 
This is contradicted by the fact that a higher insulation scheme reduces the heat 
flux dQL/dφ to the cylinder walls (see also Figure 7.23). The synergistic effect of 
the above factors determines the trend for the percentage exergy term of heat loss 
depicted in Figure 8.11. However, it should be highlighted that this exergy term of 
heat loss to the walls possesses now a higher work potential as the wall 
temperature has increased with insulation. A heat recovery device is needed in 
order for this availability to be exploited. At the moment, the subsequent heat 
transfer to the cooling medium practically forces its elimination.  

Figure 8.12 illustrates the response of the percentage combustion 
irreversibilities i.e., combustion irreversibilities reduced to the total engine and 
sub-systems irreversibilities, during the same transient event. Again, the higher the 
degree of insulation the lower the percentage combustion irreversibilities, with this 
trend enhanced the higher the loading. It is interesting to note that even the 
absolute values (in ‘Joules’) of the combustion irreversibilities decrease with 
higher insulations. At the same time, other irreversibility terms such as exhaust 
manifold (depicted only for the 1.0 mm PSZ coating case in Figure 8.12) or turbine 
were found to increase. This, rather conflicting, behavior can be explained if we 
look deeper into the respective irreversibility production mechanisms. For the 
combustion term, the main mechanism comprises of heat transfer from the burning 
of fuel to the gas. Consequently, the higher the temperature of the receiving gas (as 
is the case with increasing insulation) the lower the degradation of the fuel’s 
chemical exergy, hence combustion irreversibilities. On the other hand, 
turbocharger, aftercooler and manifolds irreversibilities are attributed to throttling, 
mixing and friction. These processes depend mainly on the level of pressures and 
temperatures of the working medium; thus, they increase with higher insulations.  
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Figure 8.12. Response of percentage irreversibilities to an increase in load (unless otherwise 
noted, the cylinder wall is cast iron and the load increase is 10–75%) 
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At the beginning of this chapter it was mentioned that one of the main 
objectives of second-law application to internal combustion engines is the ability to 
identify and weigh those processes in which destruction or loss of availability 
occurs. Heat transfer to the cylinder walls and exhaust gas to ambient have been 
identified as the two most important ones for diesel engine operation, apart from 
the predominant combustion irreversibilities. It is useful to quantify the possible 
gains were those losses exploited in some kind of recovery device, so as to 
highlight the practical aspect of second-law analysis. This is attempted in Figures 
8.13 and 8.14 for the low-heat rejection cases described previously. Only the 
exhaust gas to ambient stream is considered, however, since this can indeed be 
exploited by practical means, unlike the heat transfer loss to the walls, which 
requires a rather unviable heat recovery device for its exploitation. The gain in the 
work potential of the exhaust gas to ambient (Figure 8.13) reaches 8 kJ or 2 kW 
during the 4 s of the transient event, for the 1.5 mm PSZ coating compared with the 
non-insulated operation. This would correspond to a 2.4% increase in the engine 
brake power. This is the maximum extra power that can be obtained during the 
specific transient event from the increased insulation, if a bottoming cycle is 
applied to the particular engine configuration. Of course, larger gains are expected 
when higher load changes or thicker insulations are applied. 
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Figure 8.13. Gain from insulation compared with the non-insulated operation during a     
10–75% load increase transient event 

The respective engine efficiency εtot2 from Equation 8.24 (taking into account 
both indicated work and exhaust gas to ambient exergy) is plotted in Figure 8.14. 
Here, it is made obvious that, in work’s terms, the gain from the insulation 
increases the engine efficiency by almost 6.5% (1.5 mm PSZ coating compared 
with the non-insulated operation). Any thoughts to further exploit this extra amount 
of work potential must be realized by taking into account the respective steady-
state gains (that, hopefully, go along with the transient results) and the financial 
burden induced from the more complicated engine configuration. 

Summarizing, the findings from application of second-law balance to LHR 
engine operation are the following: 

• The second-law balance results are much more coherent than their first-law 
counterparts, with the second-law values depending strongly on the applied 
insulation scheme. 
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• The dominant combustion irreversibilities decrease considerably with 
higher degrees of insulation both in ‘Joules’ and as a percentage of either 
fuel availability or total irreversibilities. 

• Unfortunately, this decrease in exergy destruction cannot be recovered as 
an increase in piston work. It is primarily transformed into an increase in 
the availability content of the exhaust gas to ambient; the latter can 
contribute a few percentage points to the total engine plant efficiency if a 
bottoming cycle is applied.  

• The insight gained from such studies, as regards first- vs. second-law 
balance results, is believed to provide a sound basis for an alternative view 
of internal combustion engine thermodynamic processes possibly to be 
applied in future works.  
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9 

Modeling 

9.1 Introduction 

Starting from the late 1960s, computer simulation has contributed enormously 
towards new evaluation and development of internal combustion engines [see for 
example, 1–6]. Mathematical tools have become very popular in recent years 
owing to the continuously increasing improvement in computational power. In 
order to construct a simulation model, careful observation of the problem and its 
side effects is initially required (Figure 9.1).  
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Figure 9.1. Block diagram of modeling process 
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As regards transient diesel engine operation, it was, mainly, the observation of 
engine manufacturers in the 1960s that when highly-rated, medium-speed diesel 
engines are employed in sudden, 0–100% step load changes, severe difficulties are 
encountered even leading to engine stall, that has initiated research on the subject. 
The thermodynamic cycle simulations developed over the years have given access 
to data that otherwise could only be measured with complicated and costly 
techniques. Moreover, they provided the opportunity to investigate different design 
solutions early in the development process, optimize key parameters of the system, 
and perform sensitivity analyses that proved valuable to the engine designer and 
manufacturer. 

In general, a simulation model for (transient) diesel engine operation should 

1. be composed of high fidelity sub-models covering the operation of all 
engine subsystems; 

2. give adequate insight into the various engine processes, identifying the 
effect of key operating parameters; 

3. be flexible and with the minimum need for empirical data; 
4. have limited requirements in execution time; 
5. be modular in order to be able to adopt new subroutines; and 
6. be easily adaptable to different engines/operating conditions. 

The studies concerning transient diesel engine simulations are based on a 
preceding mathematical-thermodynamic modeling of the steady-state processes 
inside the cylinder and its sub-systems. Such models use a combination of 
analytical and empirical methods to represent the engine components, and they can 
be classified according to their degree of complication. Analytically based models 
tend to focus on a oCA variation of engine variables in considerable detail. On the 
other hand, empirically based models tend to take a wider view, predicting the 
mean values or trends of the major engine variables with a subsequent loss of 
resolution and much shorter run times.  

The models used for transient simulations are (see also Table 9.1) 

• linear or sampled data models applying transfer functions;1 
• quasi-linear. Mean value models are practically quasi-linear but with the 

main difference that they are usually built on physically based sub-models 
of the engine processes rather than empirical correlations; 

• filling and emptying models of the zero-dimensional type. These are also 
termed phenomenological since they incorporate scientific principles for 
the simulation of the various processes. 

Ideally, a complete diesel engine transient simulation code should include true 
‘transient’ sub-models for  

1. in-cylinder processes including heat transfer, spray penetration 
combustion, mass exchange with the manifolds, valve opening schedule, 
blow-by losses; 

2. friction; 
                                                 
1 Such models do not include in-cylinder thermodynamic calculations. 
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3. inlet and exhaust manifold operation including heat transfer effects; 
4. exhaust gas recirculation; 
5. engine dynamics in the form of the crankshaft torque balance; 
6. turbocharger operation, including compressor and turbine operation, and 

turbocharger dynamics; 
7. waste-gate and/or VGT operation; 
8. aftercooler; 
9. fuel pump operation and fuel injection; 
10. governor or ECU operation with fuel limiting function; and 
11. load performance. 

Table 9.1. Comparison of specifications and requirements of the various modeling 
approaches 

Filling & 
Emptying Wave-action Multi-

dimensional
Mathematical 

complexity Very low Low High High Extremely 
high

Insight into the 
relevant 

phenomena
Very low Low Adequate Adequate High

Program 
execution time Negligible Negligible Limited Increased Very large

Adaptability Medium Low Medium Medium-low Medium

Non-linear
Linear Quasi-

linear

 
Incorporating detailed sub-models for all the above-mentioned processes, 

however, would increase considerably the computational time, cost and effort to 
simulate transient operation. It is not surprising then that most of the modeling 
techniques developed over the years rely heavily on experimental data or they are 
actually based on empirical or semi-empirical formulae; this holds particularly true 
for the ‘delicate’ processes of combustion and heat transfer but also for the 
turbocharger simulation.  

The various computer models developed over the years have paved the way for 
an in-depth study of transient operation. However, the excursion to off-design and 
off-steady-state conditions experienced during transients cannot be dealt with using 
conventional modeling techniques based on steady-state philosophy. This holds 
true especially for combustion and friction, but also for the operation of various 
engine sub-systems such as the turbocharger. Exhaust emissions predictions, 
although a prosperous field of research during steady-state operation, are extremely 
limited when transient conditions are involved. This is mainly due to the conflict 
between detailed in-cylinder thermodynamic codes and the necessity to run a large 
number of engine cycles.  

Figure 9.2 illustrates a simplified simulation flow-chart for transient diesel 
engine operation studies for a turbocharged and aftercooled diesel engine 
incorporating exhaust gas recirculation, variable geometry turbocharger/waste-gate 
valve, and common rail injection; this will be used as the general engine layout for 
the analysis that follows. 
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9.2 Quasi-linear or Mean Value Approach 

The basic advantage of quasi-linear modeling lies in its simplicity combined with 
limited computational requirements. In this approach, the elements of the system, 
i.e., engine cylinder, manifolds etc., are modeled in terms of steady-state or mean 
value characteristics using empirical correction coefficients, and neglecting the 
intermittent and non-linear nature of the engine operating cycle. Simplifications 
usually adopted are as below. 

1. The working medium is assumed either pure air or combustion products, 
both treated as perfect gases with constant specific heat capacities. Since 
gas velocities are relatively low, dynamic pressures and temperatures are 
considered equal to the corresponding static ones. 

2. Accumulation volumes in the system have negligible effect. 
3. Mean values are used for engine and manifolds pressures and 

temperatures. 
4. The engine output is related to fuel input via empirical equations or 

tabulated steady-state data. 
5. An empirical relation is applied for estimating the exhaust gas temperature, 

at turbine inlet. This is defined from the inlet manifold temperature, by 
adding a temperature rise factor to it, to account for combustion effects. 

6. A pulse factor is used for correction of the turbine expansion ratio in order 
to account for pulse turbocharging. 

9.2.1 Engine Output 

One of the most common approaches regarding engine output prediction was 
proposed by Ledger and Walmsley [7]; they applied a linear relation for the 
calculation of indicated mean effective pressure (imep) based on total injected fuel 
quantity Mfi, provided that the air-supply was sufficient for satisfactory 
combustion: 

1 fiimep a M=  (9.1) 

This approach is based on the thermodynamic analysis of the dual combustion 
cycle. For air–fuel ratios lower than a critical value, a correction coefficient 
(termed relative thermal efficiency ηR) is introduced to account for non-linearity 
between imep and injected fuel quantity [8]. Relative thermal efficiency is defined 
as the ratio of the actual thermal efficiency ηth of the dual combustion cycle 
(depending on the actual trapped air–fuel ratio) to that at the 30:1 trapped air–fuel 
ratio limit, i.e., 

( )
tr

th
R

th AFR 30

η
η

η
=

=  (9.2)  
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The 30:1 trapped air–fuel ratio limit was selected to be the value above which 
combustion is supposed to be complete (there is no unburned fuel at the end of 
combustion); Benson et al. [9] preferred a 20:1 air–fuel ratio limit.  

Consequently, for the indicated mean effective pressure, the following relation 
can be applied based on Equation 9.1: 

1 fi R 2imep a M a= η +  (9.3) 

with 2a a constant used for engine speed compensation. Brake mean effective 
pressure bmep can then be calculated by subtracting fmep (Equation 9.95) from 
imep. 

Jensen et al. [10] studying a small turbocharged diesel engine, followed an 
alternative procedure; they developed an expression for the indicated efficiency 
based on engine speed and fuel–air ratio, namely 

7a2
i 3 4 5 6(a a N a N )(1 a )η = + + − Φ  (9.4a) 

Indicated work can then be calculated as the product of total injected fuel mass, 
fuel lower heating value and indicated efficiency 

i i fiW M LHV= η  (9.4b) 

A completely different approach was followed by Berglund [11], who used 
steady-state engine maps. He measured brake torque vs. speed and fueling at 
various steady-state conditions and tabulated the obtained values in the form of a 
look-up table. Other parameters can be mapped with this technique too, e.g., 
exhaust emissions, fuel consumption or EGR rate. In a more advanced approach, 
multi-dimensional engine maps can be formed taking into account the effect of 
other influential engine parameters, e.g., air–fuel ratio or injection timing, or their 
derivatives on the interesting property. The tabulated engine variables can then be 
interpolated using the instantaneous speed, fueling, AFR etc., during the load or 
speed change to estimate their transient values. The major assumption here is that 
quasi-steady behavior is supposed during transients, which is way beyond reality; 
to account for the latter non-linearity, some researchers applied correction 
coefficients to the steady-state maps, as will be discussed later in the section. 

9.2.2 Exhaust Gas Temperature 

For the estimation of the exhaust gas temperature during steady-state operation, a 
mean gas temperature rise is firstly applied that represents the average value during 
steady-state conditions. This is derived from the energy conservation equation 
applied to a control volume containing the engine block [1]: 

st

g

8R
e 5 4 st 9

p

aη LHVc∆T (T T ) a
1 AFR c N

= − = ⋅ − +
+

 (9.5a) 
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The last two terms on the right-hand side of Equation 9.5a are used for engine 
speed compensation, with constants a8 and a9 evaluated after experimental steady-
state matching. Term c represents the fraction of the fuel energy contained in the 
exhaust gases, and it varies with the air–fuel ratio as shown in Figure 9.3.  

Use of the above (steady-state) expression during transients involving sudden 
load increases gives unrealistically high exhaust temperatures; for transient 
operation, the following relation is applied for the temperature rise [1, 9] 

trans ste e M em∆T ∆T ∆T exp( t τ )= − −  (9.5b) 

Terms M∆T  and emτ  (exhaust manifold time constant representing a warming up 
delay period) are, mainly, functions of the exhaust gas energy and exhaust 
manifold size and configuration.  
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Figure 9.3. Variation of parameter c of Equation 9.5a (in K) with air–fuel ratio 

9.2.3 Engine Air-flow 

The engine air-flow consists of two parts; the trapped air-flow, which is used for 
charging of cylinders, and the scavenge air-flow, which consists of air-flowing 
through the engine during the valve overlap period (four-stroke engine) [9]: 

in sc trm m m= +  (9.6a) 

It is assumed that the scavenge mass flow-rate (depending on valve overlap, engine 
speed and pressure differential across the inlet and exhaust valves) is a fixed 
percentage of the trapped mass flow-rate, i.e.,  

sc 10 trm a m=  (9.6b) 

It was found that coefficient a10 ranged between 5 and 10% for engines operating at 
high speed and having small valve overlap period.  
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The trapped air-mass flow-rate can be calculated assuming that the trapped 
volume equals the cylinder volume at inlet valve closure (IVC), using the 
following equation 

IVC
in 10 tr cyl

s IVC

p Nm (1 a ) V n
R T 120

= +  (9.7a) 

It is often assumed that the trapped pressure at IVC is 5–10% (=a11) higher than the 
inlet manifold pressure (due to compression effects caused by the upward 
movement of the piston) and the trapped temperature is 50–70°C (=∆Ttr) higher 
than the inlet manifold temperature (due to heat transfer effects from the warm 
engine parts to the cooler inducted air). Consequently, Equation 9.7a is 
transformed into 

( )
11 im

in 10 tr cyl
s im tr

(1 a ) p Nm (1 a ) V n
R T ∆T 120

+
= +

+
 (9.7b) 

with pim, Tim the inlet manifold pressure and temperature.  
A different approach was followed by Younes et al. [12], who derived an 

empirical relation for the volumetric efficiency (based on atmospheric conditions): 

 2
vol 12 13 14η a a N a N= + +  (9.8) 

which can then be used for the calculation of the air-mass flow-rate into the engine 
cylinders applying the following equation, similar to 9.7b (Vh is the swept 
volume): 

IVC
in vol cyl h

s IVC

p Nm η n V
R T 120

=  (9.9) 

A more detailed approximation of ηvol incorporates the effect of inlet manifold 
pressure and temperature, and exhaust manifold pressure. 

9.2.4 Transient Discrepancies 

It order to improve the agreement between measured and predicted engine 
performance, it is admitted that the assumption of quasi-steady operation during 
transients is unrealistic. The following discrepancies during a step load increase 
have been identified: 

• extra heat loss to the ‘colder’ cylinder walls; 
• higher frictional losses, owing to the still low oil temperature and the increased 

gas pressures; 
• system thermal storage effects. 
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In order to account for the above non-linearities, Jennings et al. [13] and 
Rackmil et al. [14] applied a correction coefficient to their tabulated steady-state 
engine maps, and a time lag, of the order of 100°CA to account for system delays. 
Winterbone [1] estimated this delay at 120°CA.  

A different approach was followed by Benson et al. [9], who arbitrarily reduced 
both engine power and temperature rise by a further 5% in order to account for the 
above-mentioned discrepancies. 

It is made obvious that quasi-linear models are heavily dependent on empirical 
data in order to adjust Equations 9.1–9.9, or to formulate the steady-state engine 
maps. However, the non-linear nature of the engine characteristics makes linear 
interpolation of data unreliable, especially in regions outside of those where the 
experimental data is available. Moreover, such experimental data are unavailable 
for low loads/engine speeds, where the most demanding transient tests commence. 
Quasi-linear modeling plausibly fails to fulfill the second, third and sixth modeling 
specification mentioned in Section 9.1; unsurprisingly, its use has been limited to 
studies where the main concern is the speed of execution, e.g., control oriented 
transient models.  

 

9.3 Filling and Emptying Approach 

In filling and emptying models, the engine and its sub-systems are represented as a 
series of control volumes, linked by valves or orifices that interchange mass, heat 
and work. The perfect gas law and the principles of mass and energy conservation 
are applied to predict engine performance. Gas properties are computed using 
polynomial relations of temperature and pressure as will be discussed in       
Section 9.3.1.1. The computational step is quite small, of the order of 1°CA or 
even less, during which quasi-steady conditions are assumed for the thermo-
dynamic processes. The filling and emptying, zero-dimensional models that are 
used as a basis for the simulation of diesel engine transient performance are usually 
single-zone, i.e., treating the cylinder contents as a uniform mixture. Such models 
are termed ‘zero-dimensional’, in the sense that they do not involve any 
consideration of the flow field dimensions. Apart from the single-zone models, the 
urgent need to control pollutant emissions from internal combustion engines has 
led to the development of other more complicated models, such as two-zone and 
multi-zone models, which furnish increased accuracy and flexibility for such 
complex phenomena as the formation of nitric oxide and soot in engine cylinders.  

In a single-zone model, the working fluid in the engine is assumed to be a 
thermodynamic system that undergoes energy and mass exchange with the 
surroundings, where the energy released during the combustion process is obtained 
by applying the first law of thermodynamics to the system. Usual assumptions of 
single-zone modeling are 

• spatial homogeneity of pressure (for two- and multi-zone models too); 
• spatial homogeneity of temperature (for the whole cylinder or for each 

zone considered in two-zone or multi-zone models); 
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• working fluid considered as perfect gas; 
• gas properties (enthalpy, internal energy etc.) are modeled using 

polynomial relations with temperature (and pressure); 
• heat released from combustion is distributed evenly throughout the 

cylinder; 
• enthalpy associated with the injected fuel is usually not significant, hence 

ignored; 
• spatially averaged, instantaneous (time resolved) heat transfer rates are 

used, to estimate heat transfer to the cylinder walls (Section 9.3.2.2); and 
• dissociation is usually, but not always, neglected. 

In two-zone models, on the other hand, the working fluid is imagined to consist 
of two zones, a burned and an unburned zone. These zones are actually two distinct 
thermodynamic systems with energy and mass interactions between themselves 
and their common surroundings, the cylinder walls; further to the previous 
assumptions the following are also usually applied: 

• no heat transfer takes place between burned and unburned zones; and 
• the work required to transfer fluid from the unburned zone to the burned 

zone is negligible. 

 

9.3.1 Thermodynamics Fundamentals 

9.3.1.1 State Properties 
In computer simulations following the filling and emptying approach, use is made 
of polynomial relations for the thermodynamic data of each species in the mixture 
needed for the analysis of the engine processes. One such, widely adopted, 
approach is based on the JANAF Table thermodynamic data [3, 15, 16]. An 
alternative approach is provided by Benson and Whitehouse [4]; for the evaluation 
of absolute molar (index ‘m’) specific enthalpy of species i (O2, N2, CO2, H2O, N, 
NO, OH, H, O, etc.) it holds that 

5
j

mi mol ij moi
j 1

h (T) R a T h
=

= +∑  (9.10) 

where hmoi is the molar enthalpy at absolute zero. Values of constants aj for each 
species i are provided in Table 9.2. 

Assuming that the gases obey the perfect gas relation, the molar heat capacity 
under constant pressure cpmi of species i is then given by  

5
j 1mi

pmi mol i, j
j 1

dh
c (T) R ja T

dT
−

=

= = ∑  (9.11) 
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For the specific internal energy it holds accordingly that 

mi mi molu (T) = h (T) R T−  (9.12) 

hence, 

5
j

mi mol ij moi
j 1

u (T) R a T T h
=

⎛ ⎞
= − +⎜ ⎟⎜ ⎟

⎝ ⎠
∑  (9.13) 

and the respective molar heat capacity under constant volume cvmi is given by 

5
j 1

vmi mol i, j
j 1

c (T) R ja T 1−

=

⎛ ⎞
= −⎜ ⎟⎜ ⎟

⎝ ⎠
∑  (9.14) 

The molar entropy of each species, primarily needed for the second-law 
analysis of Chapter 8, can be computed from the following relation: 

o

T
i

mi moi pmi mol
oT

pdTs s c R ln
T p

⎛ ⎞
= + − ⎜ ⎟

⎝ ⎠
∫  (9.15) 

Table 9.2. Polynomial coefficients aj (corresponding temperature range 500–3000 K and 
reference pressure 1 atm) 

Gas j=1 j=2 j=3 j=4 j=5 j=6 hmo=umo 
CO2 3.10 2.73×10–3 –7.89×10–7 8.66×10–11 0 6.58 –3.94×108 
H2O 3.74 5.66×10–4 4.95×10–8 –1.82×10–11 0 0.96 –2.39×108 
N2 3.34 2.94×10–4 1.95×10–9 –6.57×10–12 0 3.76 0 
O2 3.25 6.52×10–4 –1.50×10–7 1.54×10–11 0 5.71 0 
CO 3.32 3.77×10–4 –3.22×10–8 –2.19×10–12 0 4.63 –1.14×108 
H2 3.43 –8.18×10–6 9.67×10–8 –1.44×10–11 0 –3.84 0 
OH 3.48 1.36×10–4 –4.55×10–9 2.93×10–12 0 2.13 3.87×107 
H 2.50 0.00 0.00 0.00 0 –0.46 2.16×108 
O 2.76 –2.51×10–4 1.00×10–7 –1.39×10–11 0 3.73 2.47×108 

NO 3.50 2.99×10–4 –9.59×10–9 –4.90×10–12 0 5.11 8.99×107 
N 2.50 2.87×10–6 –2.45×10–9 6.15×10–13 0 4.19 4.71×108 

CH4 1.94 4.96×10–3 –1.24×10–6 1.62×10–10 0 8.15 –6.69×107 
C3H8 1.14 1.46×10–2 –2.96×10–6 0.00 0 - –0.91×108 
C8H18 –0.72 4.64×10–2 –1.68×10–5 2.67×10–9 0 - –4.93×108 
C12H26 6.40 5.30×10–2 –1.27×10–5 1.06×10–9 0 - –2.90×108 
 
Assuming that the reference temperature is again 0 K (hence smoi = 0 according to 
the third law of thermodynamics), we get 
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T
i i

mi pmi mol mi o mol
o o0

x p x pdTs c R ln s (T,p ) R ln
T p p

⎛ ⎞ ⎛ ⎞
′= − = −⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎝ ⎠
∫  (9.16) 

with xi the molar fraction of species i in the mixture; the standard state entropy 
mi os (T, p )′ of species i at pressure of 1 atm, which is a function of temperature only, 

is then given by the following property relation: 

2 3 4

mi o mol i1 i2 i3 i4 i5 i6
T T Ts (T, p ) R a ln T 2a T 3a 4a 5a a
2 3 4

⎛ ⎞
′ = + + + + +⎜ ⎟

⎝ ⎠
 (9.17) 

Finally, the molar Gibbs free enthalpy is defined as 

mi mi mig h Ts= −  (9.18) 

The latter can be calculated by combining Equations 9.10 and 9.16. 
Further, it is widely accepted that for the range of pressures and temperatures 

experienced in internal combustion engine applications, the mixture can be 
assumed to obey the perfect gas relation, namely  

spV mR T=  (9.19) 

9.3.1.2 Hydrocarbon–Oxygen Reaction and Dissociation Effects 
Since combustion is the most delicate process occurring in an internal combustion 
engine, basic equations for its analysis are incorporated in every detailed computer 
simulation code. The overall reaction of one kmol of hydrocarbon fuel CnHm, 
assuming chemical equilibrium and neglecting dissociation, is described by the 
following expression for lean mixtures ( 1) :Φ ≤  

2 2Air: 79% N / 21%O v / v

n m 2 2

2 2 2 2

1 m 1 mC H n O 3.76 n N
4 4

m 1 m 1 mn CO H O 1 n O 3.76 n N
2 4 4

⎛ ⎞ ⎛ ⎞+ + + + →⎜ ⎟ ⎜ ⎟Φ Φ⎝ ⎠ ⎝ ⎠
⎛ ⎞⎛ ⎞ ⎛ ⎞+ + − + + +⎜ ⎟⎜ ⎟ ⎜ ⎟Φ Φ⎝ ⎠⎝ ⎠ ⎝ ⎠

 (9.20) 

The number of kmoles of the constituents (CO2, H2O, O2, N2 and CnHm, 
respectively, if no dissociation is taken into account), at any time t, can be 
calculated as a function of the number of kmoles of fuel burned up to that time and 
the equivalence ratio Φ. Therefore, the internal energy of the mixture is then 
computed from Equation 9.13 by knowing the instantaneous composition and the 
specific internal energies of its constituents. 

Knowledge of the exact gas composition inside the combustion chamber, at 
each instant of time, is critical for accurate calculation of thermodynamic cycle 
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models. For this purpose, dissociation occurring at high temperatures (typically 
above 1500 K) should also be taken into consideration, at least when two-zone 
analysis is involved. To this aim, a chemical equilibrium scheme can be employed 
considering a certain number of species present inside the combustion chamber. 
Such an equilibrium scheme can also form the baseline for predicting the exhaust 
nitric oxide (NO) and carbon monoxide (CO), which are produced in a kinetically 
controlled fashion (Section 9.11.2). 

A two-way reaction between four species A, B, C and D, is described by the 
following expression: 

a b c dy A y B y C y D+ +  (9.21) 

with yi, i=a,b,c,d the stoichiometric coefficients of the reaction.  
The respective equilibrium (or dissociation) constant Kp is given by 

c d

c d a b

a b

y y
y y y yc d

p y y
a b

(x ) (x )
K p

(x ) (x )
+ − −=  (9.22) 

with xi, i=a,b,c,d the molecular concentrations of species A, B, C and D, and p the 
combustion chamber (uniform) pressure. 

For the dissociation constant Kp, mainly a function of temperature, the 
following relation is also valid [4]: 

c d
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− − −⎨ ⎬ ⎜ ⎟
⎝ ⎠⎩ ⎭

∑ ∑ ∑ ∑
 (9.23) 

with ‘P’ denoting products and ‘R’ denoting reactants for reaction 9.21. The last 
term on the right-hand side of Equation 9.23 is the enthalpy of reaction at absolute 
zero. Term gmT/(RmolT) needed in Equation 9.23 can be computed based on the 
polynomial relations of the previous section, for each reactant ‘n’ and product ‘k’, 
i.e.,  

2 3 4
mT

1 2 3 4 5 6
mol

g T T Ta (1 ln T) a T a a a a
R T 2 3 4

⎛ ⎞
= − − + + + −⎜ ⎟

⎝ ⎠
 (9.24) 

A typical dissociation scheme applied in diesel engine computer simulations, 
assumes that the working medium is a mixture of 11 species (O2, N2, CO2, H2O, 
H2, OH, NO, CO, O, H, N) and fuel vapor; the following seven reactions among 
the above 11 species take place: 
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2 2 2 2

2 2 2

2 2 2

2 2

1 1H H H O H O
2 2
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1CO O CO
2

+

+

+

+

 (9.25) 

For each one of the above reactions, Equation 9.23 can be formulated. The 
remaining four equations that are needed in order to solve the dissociation scheme 
are provided by the mass balance between species C, H, O and N from 
hydrocarbon–oxygen reaction (Equation 9.20). The resulting scheme of                
11 algebraic equations can then be solved using typical numerical analysis 
techniques, to find the concentration of each species at each computational step in 
the computer simulation. 

9.3.2 In-cylinder Calculations 

9.3.2.1 First law of Thermodynamics Applied to the Engine Cylinder 

A.  Single-zone Modeling  
 
The basis for the thermodynamic analysis of engine processes is the first law of 
thermodynamics; its application to the engine cylinder reads (see also Figure 9.4) 

jL
g j

j

dmdQ dV dUp h
d d d d

− = −
ϕ ϕ ϕ ϕ∑  (9.26) 

where dQL/dφ is the rate of heat loss to the cylinder walls (liner, piston crown, 
cylinder head – analyzed in the next sub-section), pg is the uniform pressure of the 
cylinder contents, dmj is the mass exchanged (positive when entering) in the time 
step dφ, and hj is the specific enthalpy of it. Subscript j denotes fuel injection 
(index ‘fi’), exchange with the exhaust manifold (index ‘ex’), inlet manifold (‘in’) 
and crankcase blow-by losses (‘bl’). 

The second fundamental equation applied describes the mass conservation 

j inlet out
j inlet out

j

dm dm dmdm h h h
d d d d

= = −
ϕ ϕ ϕ ϕ∑ ∑ ∑  (9.27) 

By expressing the perfect gas relation (Equation 9.19) in differential form, we get 
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g g
g s s g

dp dTdV dmp V mR R T
d d d d

+ = +
ϕ ϕ ϕ ϕ

 (9.28) 

The application of the first law of thermodynamics to the engine cylinder (open 
cycle) can then be formulated as follows, using the previous equations: 

g s g jL i
i vi j i

i j i

dT mR T dmdQ dmdVm c h u
d d V d d d

= − + −
ϕ ϕ ϕ ϕ ϕ∑ ∑ ∑  (9.29) 

with i representing each species considered. 
With reference to Figure 9.4, the volume V of the engine cylinder, needed in 

the previous equations, is given by 

V = Vcl + π(D2/4) x + Vbowl (9.30) 

Figure 9.4. Schematic diagram of engine cylinder identifying main dimensions, gas 
properties, and mass and heat exchange 
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Differentiating Equation 9.30 with respect to crank angle φ, we get 

2

2 2

dV D cos = r sin 1
d 4 1 sin )

⎡ ⎤⎛ ⎞π λ ϕ⎢ ⎥⎜ ⎟ϕ +
⎜ ⎟ϕ ⎢ ⎥− λ ϕ⎝ ⎠⎣ ⎦

 (9.31) 

with Vbowl the volume of the piston bowl, Vcl=π(D2/4)xc the clearance volume and 
x the piston displacement measured from the TDC position, which is given by 

( ) ( )2 2
rodx = r 1 cosφ  + L  1 1 λ sin φ− − −  (9.32) 

where Lrod is the connecting rod length, r the crank radius, and λ=r/Lrod the ratio of 
crank radius to connecting rod length. Another useful relation is 

d 6 N dtϕ =  (9.33) 

with N the engine speed expressed in rpm; Equation 9.33 is employed for 
transforming the various terms from time to degree crank angle basis. Moreover, 
the mean piston velocity is given by 

pist
SNu
30

=  (9.34) 

B. Two-zone Modeling  
 

A typical, comprehensive two-zone model that can be used in transient simulation 
analyses has been proposed by Rakopoulos et al. [17]. Such models should take 
into account all the processes taking place in the cylinder, i.e., in-cylinder air-
motion, fuel spray development and mixing, spray impingement on the walls, 
turbulent heat transfer and combustion chemistry. Droplets evaporation and fuel 
ignition delay can be taken into account through the combustion sub-model 
(Section 9.3.2.3).  

During combustion and expansion, depending on the number of injector nozzle 
holes, an equal number of sprays constitute the entire burning section. In this case, 
apart from the perfect gas state equation, the first law of thermodynamics for an 
open system is applied for each zone. For the surrounding air-zone (index ‘a’), 
which only loses mass (air) to the burning zone, the first law of thermodynamics is 
written as 

L g a adQ dU p dV h dm= + +  (9.35) 
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while for the burning zone, which gains mass (air) from the air-zone and also an 
enthalpic flow from the fuel ready to be burned in the time step, the first law of 
thermodynamics is given by 

L g a a f fdQ dU p dV h dm h dm= + − −  (9.36) 

In the above equations, the internal energy U of the mixture is computed by 
knowing the instantaneous composition and the specific internal energies of the 
constituents as described in Section 9.3.1.1. 
 
Fuel Spray Penetration and Air Entrainment Rate 
The correlation of Arai et al. [18] can be used for the spray tip location as a 
function of time, based on relevant experimental data and turbulent gas jet theory 
(Figure 9.5). The fuel injected inside the combustion chamber breaks up into 
globules, forming a cone-shaped spray corresponding to each one of the ‘z’ nozzle 
holes. If the kmoles of air trapped in the cylinder (in one cycle) are 

tot tota a aN m / M= (with Ma the molecular weight of air), then the phenomenon will 
continue until each spray penetration reaches a value (D/2+πD/z), or until it 
entrains a maximum quantity of air equal to 

totaN / z.  

 

Figure 9.5. Spray formation before (left) and after (right) wall impingement for two-zone 
analysis 

First, the parameters related to the fuel jet break-up point should be calculated. The 
break-up time tbr is found by equating the two expressions of spray penetration 
correlation before and after tbr, corresponding to the break-up length x=xbr: 

inj f brx 0.39 2 ∆p /ρ t for 0 t t= ⋅ < ≤  (9.37a) 

0 25
inj a N brx 2.95 (∆p /ρ ) D t for t t= ≥  (9.37b) 
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inj
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28.61ρ D
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ρ ∆p
= =  (9.37c) 

where inj∆p  is the mean pressure drop across the injector nozzle, ρf the liquid fuel 
density, and ρa the density of air inside the cylinder; the mean spray velocity from 
each nozzle hole of diameter DN is given by  

fi

inj
inj 2

N
f

M 6 N
z ∆φ

u
πDρ

4

=
⎛ ⎞
⎜ ⎟
⎝ ⎠

 (9.38) 

In Equation 9.38, ∆φinj is the total duration of fuel injection in degrees CA and Mfi 
the total amount of injected fuel per cycle. Therefore, the mean pressure drop in the 
nozzle is given by 

2
inj

inj f
D

u1∆p ρ
2 c

⎛ ⎞
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⎝ ⎠
 (9.39) 

Accounting for air swirl, by introducing the air swirl ratio Rs=Ns/N with Ns the 
cylinder charge rotational speed, the above correlations are modified as follows: 

br brs brs

inj inj br

1
s

brs br brs br
π R N x x x

x x 1 ,      t t
30 u u x

−
⎛ ⎞ ⎛ ⎞

= + = =⎜ ⎟ ⎜ ⎟⎜ ⎟⋅ ⎝ ⎠⎝ ⎠
 (9.40) 

Afterwards we can proceed to the main calculations. At each crank angle step, 
the fuel injection rate and the cumulative fuel injected in each spray are, 
respectively, 

j jfi fi fi fim m / z and m m / z= =  (9.41) 

where index ‘j’ denotes each one of the z sprays.  
Similarly, the spray tip velocity and the pressure drop across the nozzle are, 

respectively, 

j

2
inj fi f N inj f inj D

1u m 6 N /(ρ A ) and ∆p ρ (u / c )
2

= =  (9.42) 

After the calculation of the fuel jet break-up point characteristics, the following 
cases are discriminated for the spray penetration x and the spray angle θ (for no 
swirl, or with swirl), according to the value of time t: 
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1

S
s sinj

inj

πR N x
x u t,     x x 1 ,      θ 0,     θ 0

30u

−
⎛ ⎞
⎜ ⎟= = + = =
⎜ ⎟
⎝ ⎠

 (9.43) 

For brst t>  
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 (9.44) 

where ( )N NA 3 0.28 L / D′ = + , with LN the nozzle hole length. In the above 
relations, the exponent of time β=0.50 if sx D / 2,≤  that is before wall 
impingement, while it is taken equal to 0.48 if sx D / 2,≥  that is after wall 
impingement for a single-cylinder, naturally aspirated engine. It is seen that the 
same correlations are opted to be used both before and after wall impingement, 
using different values for β. Thus, the complexities involved due to uncertainties in 
modeling the real physical mechanisms existing in the spray picture after wall 
impingement are avoided. 

The mass of entrained air in the spray (of conical shape) is 

ja

s

2
3

a br

2
3

a s brsjsa

θtan
2
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tan

2

πm ρ (x x )
3

πm ρ (x x )
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⎛ ⎞
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⎝ ⎠

= −

= −

 (9.45) 

where in the above relations it is considered that the volume taken by the fuel is 
negligible against that of the air, as well as the paraboloid part at the base of the 
cone against that of the pure cone. 

The above relations for the air-mass entrained into the fuel spray apply only in 
the case where brs inj brst t (∆φ / 6N) t .< ≤ + In the case where inj brst (∆φ / 6N) t ,> + a 
conical part at the tail (index t) of the spray has to be subtracted. Then, the above 
equations become 

j

22
3 3t

tbr bra a a
θπ θ πm ρ tan (x x ) ρ tan (x x )

3 2 3 2
⎛ ⎞⎛ ⎞
⎜ ⎟⎜ ⎟

⎝ ⎠ ⎝ ⎠
= − − −  (9.46a) 
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2 2
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= − − −  (9.46b) 

where 0 25 t
t inj a N inj br

βx 2.95 (∆p /ρ ) D [t (∆φ / 6N) t ]= − −  is the cone length to be 

subtracted in the case of no-swirl, and 1
ts t s injx x (1 πR N x / 30 u )−= +  is the 

corresponding cone length to be subtracted when swirl exists. 
Finally, the corresponding spray angles for the tail part of the cone to be 

subtracted are, respectively, 
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x
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x
⎛ ⎞

= = ⎜ ⎟
⎝ ⎠

 (9.47) 

For the fuel mass that is effectively inside the spray (the fuel starts to be 
considered inside the spray only after the break-up length), we have 

j jf fi brs injm m (t t ) / t for t ∆φ / 6N= − ≤  (9.48) 

j

j

fi
f brs inj inj brs

inj

m
m (t t ) for ∆φ / 6N t (∆φ / 6N) t

(∆φ / 6N)
= − < ≤ +  (9.49) 

j jf fi inj brsm m for t (∆φ / 6N) t= > +  (9.50) 

with j the spray number.  
Lastly, the air–fuel ratio (by mass) AFR is, respectively 

j s js jspr a fj spr a fAFR m / m and AFR m / m= =  (9.51) 

9.3.2.2 Heat Transfer 
Heat transfer between gas and cylinder walls is due to convection and radiation, 
with the latter primarily originating from hot soot particles. The intrinsic delicate 
task of modeling the heat transfer rate dQL/dt to the cylinder walls, needed in 
Equation 9.26, is usually accomplished via relations of the following type: 

L
g g w

dQ
A h (T T )

dt
= −  (9.52) 

where the corresponding surface area is given by 

( )2
pA 2 πD / 4 A= +   (9.52a) 
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with Ap=πDx (x defined in Figure 9.4 and Equation 9.32), and hg the instantaneous 
(convective) heat transfer coefficient. For the latter, global approximations are 
applied based on assumptions of overall, empirical, instantaneous spatially average 
heat transfer. Coefficient hg is, generally, assumed the same for all surfaces and all 
operating conditions in the engine cylinder since, in single-zone modeling, Tg 
stands for the bulk mean gas temperature. For the estimation of hg the following 
three models are usually applied; they all originate from dimensional analyses that 
correlate hg to gas thermal conductivity, density, specific heat capacity and a 
representative length. 

1. The Annand correlation [19] 

( ) ( ) ( )g b 4 4L
g w g w g g w

kdQ
A a Re T T c T T A h T T

dt D
⎡ ⎤

= − + − = −⎢ ⎥
⎣ ⎦

 (9.53) 

where a, b and c are constants evaluated after experimental matching at steady-
state conditions, kg is the gas thermal conductivity, and the Reynolds number  

g char char gRe ρ u L / µ  =  (9.54) 

is calculated with a characteristic length, usually, equal to the piston diameter D 
and a characteristic speed equal to the mean piston velocity (Equation 9.34), or 
derived from a k-ε turbulence sub-model.  

A significant advantage of the Annand correlation is that it includes a separate 
radiation term; however, the use of mean bulk gas temperature in single-zone 
modeling (instead of the actual non-homogeneous temperature distribution in the 
cylinder) limits the benefits from this advantage (notice that the radiation term in 
Equation 9.53 varies with the fourth power of temperature). Typical values for 
constants a, b and c, identified in Benson and Whitehouse [4] for a wide range of 
engines, are  

• 0.06 < a < 0.76  
• 0.54 < b < 0.90  
• c = 0.576σ 

with σ the Stefan–Boltzmann constant (5.67×10–8 W/m2K4); during compression 
and gas exchange c=0.  

One of the weak points of this model is the relatively broad range of constant 
‘a’, which rather suggests that important parameters may have been ignored in 
formulating Equation 9.53. 

Further, one can calculate the gas thermal conductivity 4 0 772
g gk =3.17 10 T−× , 

and dynamic viscosity 7 0 7
g gµ =3.3 10 T / (1+0.027Φ)−× [3]. 

2. The Woschni correlation [20] 
In this approach, the heat transfer coefficient hg needed in Equation 9.52 is 
approximated by  
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d 1 d d 0 75 1 62d
g g g gh c D p u T− −=   (9.55) 

with ug the local average gas velocity, considered proportional to the mean piston 
speed during intake, compression and exhaust; during combustion and expansion a 
rise due to combustion is added: 

h r
g 1 pist 2 g m

r r

V T
u c u c (p p )

p V
⎡ ⎤

= + −⎢ ⎥
⎣ ⎦

  (9.56) 

with pr, Tr, Vr, the pressure, temperature and volume at reference conditions (e.g., 
at inlet valve closure), pm the corresponding motored cylinder pressure assuming a 
polytropic process, i.e., ( )1 3

m r rp p V / V ,= and c, c1, c2 constants depending on the 
particular engine characteristics (e.g., swirl), and varying according to the 
particular process of the cycle. Typical values for the constants in Equations 9.55 
and 9.56 are  

• c = 129.8 
• d = 0.8 
• c1 = 6.18+0.417Rs (gas exchange) or c1 = 2.28+0.308Rs (closed part);        

Rs stands for the swirl ratio (0…3) 
• c2 = 0 (compression and gas exchange)  
• c2 = 3.24×10–3 for DI engines, or c2 = 6.22×10–3 for IDI engines (closed 

part of the cycle). 

3. The Hohenberg correlation [21], which is actually a simplification of the 
Woschni relation 

( ) ( )0 80 8 0 06 0 4
g h g pisth 129.8 p V T u 1.4− −= +   (9.57) 

For the latter equation, the corresponding piston surface area in Equation 9.52a is 
Apist=A(piston crown) + A0 3 (piston top land). 

During transients, the improved model of Annand [22] can prove quite useful, 
since it takes into account the variation of gas temperature. In this case, Equation 
9.53 is transformed into 

( ) ( )g gb 4 4L
g w g w

k dTdQ aA Re a T T c T T
dt D ω dt

⎧ ⎫⎡ ⎤′⎪ ⎪= − + + −⎨ ⎬⎢ ⎥
⎪ ⎪⎣ ⎦⎩ ⎭

 (9.58) 

Even for the simple case where a uniform wall temperature is assumed for all 
cylinder surfaces, the thermal inertia of the cylinder wall has to be taken into 
account during transient operation. This can be accomplished with the use of a heat 
transfer scheme, based on electrical circuit analogy that models the temperature 
distribution from the gas to the cylinder wall up to the coolant. By so doing the 
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cylinder wall thickness, thermal conductivity and thermal diffusivity are taken into 
account. For the heat transfer inside the cylinder wall, one-dimensional unsteady 
heat conduction equation reads 

2

w 2

T Tα
t x

∂ ∂
=

∂ ∂
 (9.59) 

with αw=kw/(ρwcw) the wall thermal diffusivity, ρw the wall density and cw its 
specific heat capacity. 

Applying the boundary conditions to all wall sides (gas side and coolant side) 
of a four-stroke diesel engine, the following equation is obtained with reference to 
Figure 9.6: 

( ) ( )
4π

wL
w w,c c w,c c

w0

kdQ1 dφ A T T A h T T
4π dφ L

= − = −∫  (9.60) 

where Lw is the cylinder wall thickness with kw its thermal conductivity and hc the 
heat transfer coefficient from the external wall side (respective temperature w,cT )  
to the coolant. Equations 9.60 are solved for the two unknown mean wall 
temperatures wT (needed in Equation 9.52) and w,cT , which change from cycle to 
cycle during the transient event but can be considered to remain constant 
throughout the cycle. 
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Figure 9.6. Schematic arrangement of cylinder heat transfer scheme 
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An alternative approach is to use a ‘hysteresis’ (time lag due to thermal inertia) 
expression in order to update the wall temperature at each consecutive cycle, which 
changes as a result of the increase in fueling and/or speed [23, 24]. This approach 
is based on the well known fact that the update of cylinder wall temperature is 
notably delayed compared with changes in fueling (cf. Figures 2.22 and 2.23), a 
fact that has actually led many researchers to assume constant wall temperature 
throughout the transient event (cf. the sensitivity analysis in Section 9.13) 

( )td t
w wo wT  = T + ∆T 1 e  −−  (9.61) 

In Equation 9.61, dt is a coefficient determining how ‘fast’ or how ‘slow’ the wall 
temperature responds to the changes in fueling; it depends on the wall construction 
(material) and insulation used. Further, woT is the initial (at the point the transient 
event commences) gas-side wall temperature and w wst wo∆T T T ,= −  with wstT the 
respective steady-state gas-side wall temperature according to the current fueling 
(primary dependence) and rotational speed. 

 

9.3.2.3 Combustion 
When it comes to combustion modeling, the traditional approach is application of a 
semi-empirical, physically based heat release rate law, the accuracy of which has 
been confirmed under steady-state conditions. This is validated by  

• matching simulated to measured pressure diagrams at steady-state 
conditions or  

• direct match between predicted heat release rates and elaborated ones from 
steady-state pressure diagrams.  

The combustion process in a compression ignition engine with single injection 
strategy is a premixed-diffusion one. Combustion models simulate the above 
procedure employing first an ignition delay approximation, and second a fuel 
burning law. 

For ignition delay calculations, use is typically made of the following 
Arrhenius type expression providing idτ  in ms: 

2c a
id 1 gm

mol gm

E
C p exp( )

R T
τ =  (9.62) 

where pgm and Tgm are the mean values of gas pressure and temperature in the 
cylinder during ignition delay, requiring an iterative computational procedure, Ea 
an apparent activation energy, and C1, c2 constants depending primarily on the fuel 
but also on injection and air-flow characteristics. Heywood [3] summarizes the 
empirical constants from Equation 9.62 from various researchers, and provides 
alternative ignition delay correlations. 
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The fuel burning rate procedure can be simulated using: 
 

1. Wiebe (Vibe) functions [25] 

( )d 1
fbm ( ) 1 exp c φ +⎡ ⎤ϕ = − −⎣ ⎦  (9.63a) 

with mfb the cumulative fuel burning mass, ( )s burnφ /∆= ϕ − ϕ ϕ the crank angle 
measured from ignition, non-dimensionalized by the total combustion duration  
∆φburn, φs the crank angle at the start of combustion, ‘c’ a combustion efficiency 
coefficient, and ‘d’ a parameter, which adjusts the shape of the curve. 
Differentiating with respect to non-dimensional angle φ,  we get the fuel mass 
burning rate  

d d 1
fbm ( ) c (d 1) (φ) exp c(φ) +⎡ ⎤ϕ = + −⎣ ⎦  (9.63b) 

2. Watson model [26] 
 

This is a two-part expression derived after extended calculation and curve-fitting of 
experimental fuel burning rate diagrams for swirl-type DI engines, very popular in 
transient simulation codes; it is described by the following relations: 

( )
( )

2
1

4

fb pre diff

b c
id

kk
pre

k
diff 3

m (t) f (t) (1 ) f (t)

1 a /

f (t) 1 1 t

f (t) 1 exp k t

= β + − β

β = − Φ τ

= − −

= − −

 (9.64) 

In Equations 9.64, t  is the time measured from ignition, non-dimensionalized by 
the total combustion time, β is the fraction of fuel burned in the premixed phase, 
fpre and fdiff are the premixed and diffusion burning functions (the latter is based on 
the Wiebe function Equation 9.63a), and ki i=1–4 are constants, specific for each 
engine and depending on factors having strong influence on combustion rate, i.e., 
ignition delay period τid, overall fuel–air equivalence ratio Φ and engine speed N.  

The best-fit values of these parameters for a range of DI diesel engines, based 
on nominal combustion duration of 125oCA, were found to be 

• k1 = 2.0+1.25×10–8(τidN)2 4 
• k2 = 5,000 
• k3 = 14.2/Φ0 644 
• k4 = 0.79k3

0 25 
• 0.8 < a < 0.95 
• 0.25 < b < 0.45   
• 0.25 < c < 0.50. 
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3.  Whitehouse–Way model [27] 
 

Again, this model concerns a two-part expression; for the preparation rate 
(kg/°CA) it holds that 

2

1 x x y
fi u OP K m m p−=  (9.65a) 

This relation was initially derived on the assumption that the rate of preparation is 
proportional to the surface area of all the droplets having uniform diameter, while 
proportionality with respect to the droplets diameter has also been proposed. A 
variable value of the exponent x makes allowance for this fact and the usually 
existing non-uniform droplets diameter distribution. The last term on the right-
hand side of Equation 9.65a allows for the effect of oxygen availability on mixing. 

For the reaction rate, an Arrhenius type equation is used incorporating also the 
ignition delay period 

a
2

' E
O oT

g

K p
R e (P R)d (kg / CA)

N T

−

= − ϕ∫  (9.65b) 

with 
2Op the partial pressure of oxygen in the mixture, N  the engine speed in rps, 

Ea the activation energy, fi fim (dm d )d= ϕ ϕ∫  the cumulative mass of injected fuel 

up to the crank angle φ considered, with injection rate fidm dϕ  discussed in 

Section 9.8, u fim m Pd= − ϕ∫  the mass of unprepared fuel, and K, 'K , x and y 

constants according to the engine under study. Typical values for the constants 
identified by Benson and Whitehouse [4] are 

• 0.01 < x < 1  
• y = 0.4 
• 0.008 < K < 0.020 bar–y  
• Ea = 15,000 K 
• 10 ' 101.2 10 K 65 10× < < ×  (K0 5/bar s).  

Finally, the fuel burning rate is given by the relations 

fbdm
R

d
=

ϕ
     if       R<P          and         fbdm

P
d

=
ϕ

     if       R>P (9.65c) 

The second of Equations 9.65c expresses the fact for diesel engine combustion that 
at the high temperatures corresponding to the main period of combustion, the time 
taken for burning of the prepared fuel is negligible compared with the preparation 
time. Then, preparation and combustion rates are effectively indistinguishable, so 
that the mechanism of diffusion combustion prevails. On the other hand, the first of 
Equations 9.65c expresses the fact that the chemical kinetics are important only at 
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the beginning of the burning period, corresponding to the ignition delay period. 
Then, the temperature is usually very low for rapid burning, so that the mechanism 
of premixed combustion prevails. As the temperature rises, the burning rate 
increases until it is controlled by the lack of the ‘reservoir’ of the prepared fuel, 
which is exhausted, so that then the above described diffusion (preparation) 
mechanism takes over. 

The three above-mentioned models are especially applicable for use in single- 
or two-zone simulations of the engine processes, where the combustion details are 
not of primary concern. 

 

4. In the form of Arrhenius equations in the very rare case of transient multi-zone 
models [28]; for the latter, detailed sub-models for spray penetration, droplet 
evaporation, air–fuel mixing etc. are required as discussed earlier: 

2

2 a b a
fb g fv o

mol g

E
m A x x exp( )

R T
−

= ρ  (9.66) 

with xfv the fuel vapor and 
2ox  the oxygen concentration, and ρg the gas density in 

the specific zone. 
Unfortunately, transient thermodynamic modeling is not always capable of 

capturing the significant deteriorations in combustion discussed in Section 2.3.2. 
One reason may be the possible inability of the empirical combustion models to 
predict engine performance at higher than unity fuel–air equivalence ratios. 
Another one is their inability to take into account phenomena of fuel accumulation 
that are usually experienced during the initial cycles of a turbocharged diesel 
engine transient cycle. For the latter quasi- or multi-dimensional modeling would 
be required, limited at the moment owing to the need to simulate a large number of 
engine cycles. One major inaccuracy lies in a usually adopted simplification, 
namely the assumption of constant combustion coefficients during transients.2 To 
overcome these burdens, many empirical approaches have been proposed. 

• Woschni and Anisits [29] proposed a correction of the parameter ‘d’ and burn 
duration burn∆ϕ with operating conditions for the Wiebe function 9.63  

o o

o

0 5 0 3
id IVCIVC o

o
id IVC IVC

Tp N
d d

p T N

⎛ ⎞τ⎛ ⎞ ⎛ ⎞= ⎜ ⎟⎜ ⎟ ⎜ ⎟⎜ ⎟τ ⎝ ⎠⎝ ⎠ ⎝ ⎠
 (9.67a) 

o

0 6 0 5

burn burn
o o

N
N

⎛ ⎞ ⎛ ⎞Φ
∆ϕ = ∆ϕ ⎜ ⎟ ⎜ ⎟Φ⎝ ⎠ ⎝ ⎠

  (9.67b) 

                                                 
2 For example, constant burn duration equal to 125 CA for each transient cycle is usually assumed when 
applying the Watson combustion model. 
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where subscript ‘o’ denotes reference conditions with known heat release rate 
shape. 

• Betz and Woschni [30] extended Equations 9.67 in order to be applicable in the 
region of less than unity relative air–fuel ratios, typically encountered during 
turbocharger lag 

o

0 6 0 5
0 6

burn burn u
o o

N
N

⎛ ⎞ ⎛ ⎞Φ
∆ϕ = ∆ϕ η⎜ ⎟ ⎜ ⎟Φ⎝ ⎠ ⎝ ⎠

 (9.68) 

with ηu the energy conversion rate that equals, theoretically, 1/Ф for Φ>1, and 1 
for Φ≤ 1. This relation was developed for a DI diesel engine of medium swirl, 
operating at medium engine speed. Experiments on DI and IDI engines made 
possible an empirical approximation of the ‘real’ energy conversion rate; the 
latter was found to depend on actual fuel–air equivalence ratio Φ as well as on 
the maximum Φ (or minimum λ=1/ Φ) that gives tolerable smoke emissions, 
i.e. 

u smoke
c

u smoke

u

1.0 for

e b for 1.0

0.95 d for 1

λ

η = λ ≤ λ

η = α λ − < λ < λ

η = λ + λ ≤

 (9.69a) 

where λsmoke the minimum (smoke-limited) value of  λ=1/Φ. Further, 

smoke

c
cλ c

smoke

smoke

smoke

0.05 dα , b αe 0.95 d
λ e e

λ 1.171c , d 0.0375
λ 15

−
= = − −

−
−−

= = − −
 (9.69b) 

• Assanis et al. [31] proposed and validated a new ignition delay correlation to be 
incorporated in the Watson combustion model during transient conditions. This 
relation, unlike the usually applied one (Equation 9.62), and following transient 
engineering intuition, incorporates the effect of fuel–air equivalence ratio, Φ 

32 cc a
id 1 gm

mol gm

E
C p exp

R T
−

⎛ ⎞
τ = Φ ⎜ ⎟⎜ ⎟

⎝ ⎠
 (9.70) 

with C1, c2, and c3 constants specific for each engine. By including the global 
equivalence ratio dependence, Assanis et al. did not assume that the local fuel–
air mixture in a DI diesel engine is perfectly mixed. Instead, it was postulated 
that the global equivalence ratio is actually a measure of the probability of 
finding local pockets of fuel–air mixture within flammability limits for auto-
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ignition sites to be promoted. The adjustable constants in Equation 9.70 were 
fitted to minimize the least-square error between measured and correlated 
ignition delay, as well as to ensure that the latter would tend to zero at 
extremely high load. The ignition delay data were correlated as a function of 
the overall equivalence ratio and the mean pressure and temperature over the 
ignition delay interval. This ignition delay formula gave satisfactory results, 
mainly for medium to high DI engine speeds using the following values for the 
constants concerned, 1C 2.4,=  2c 1.02= − and 3c 0.2.= −  

• Benson and Whitehouse [4] proposed that the constant K in the (dominant) 
preparation rate Equation 9.65a of the Whitehouse–Way model, be correlated 
with the Sauter mean diameter (SMD) of the fuel droplets (i.e., the mean 
droplet diameter that has the same surface to volume ratio to that of the total 
spray) through a formula of the type  

c

1K
SMD

∝  (9.71) 

This approach was adopted, for example, by Rakopoulos et al. [32] during 
transient operation, using a SMD correlation proposed by Hiroyasu et al. [33]  

0 135 0 121 0 131
inj g fiSMD( m) C p V−µ = ∆ ρ   (9.72) 

Thus, account was taken of variations in fueling (through the volume of 
injected fuel Vfi), compression pressure (through gas density ρg) and injection 
pressure ∆pinj across the nozzle, which typically vary during transients. The 
initial estimation for the constant ‘c’ in Equation 9.71 was 2; Rakopoulos and 
Giakoumis [32] found a value of c=2.5 more appropriate for their six-cylinder, 
turbocharged diesel engine. 

• Incorporation of the effect of fuel–air equivalence ratio has been theoretically 
investigated by Rakopoulos and Giakoumis [34] concerning the preparation 
constant K and the activation constant Ea of the Whitehouse–Way model 

 
1 2c c

o a a o
o o

∆Φ ∆ΦK K and E (E )
Φ Φ

⎛ ⎞ ⎛ ⎞
= =⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎝ ⎠
 (9.73) 

A slightly different approach, being in the middle of quasi-linear and filling and 
emptying modeling, has been also adopted [35, 36]. Here, a °CA based thermo-
dynamic code was used to generate a steady-state, multi-dimensional, look-up 
engine torque map. The latter is used in the dynamic simulation of the engine or 
whole vehicle performance. This approach is mainly chosen for limiting 
computational time, particularly as regards Transient Cycles simulation. However, 
it fails to fully take into account the fundamental aspects of transient operation 
differentiation from steady-state conditions. 
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9.3.2.4 Flow Through Valves 
For the evaluation of the mass exchange between cylinder and manifolds needed in 
Equation 9.26 (index j=’in’ or j=’ex’ – see also Figures 9.2 and 9.4), the correlation 
for gas mass-flow through a restriction can be used, accounting for one-
dimensional, quasi-steady, compressible flow: 

2 γ 1
γ γ

u u u d d
j D V

u u u u

p 2γR T p p
m c A

R T γ 1 p p

+⎡ ⎤
⎛ ⎞ ⎛ ⎞⎢ ⎥= −⎜ ⎟ ⎜ ⎟⎢ ⎥− ⎝ ⎠ ⎝ ⎠⎢ ⎥⎣ ⎦

 (9.74a)     

This relation holds true when [ ] ( )γ / γ 1
d up / p 2 /(γ 1) −> + , while for the opposite case 

γ 1
γ 1

u
j D V u u

u u

p 2m c A γR T
R T γ 1

+
−⎛ ⎞

= ⎜ ⎟+⎝ ⎠
 (9.74b) 

The discharge coefficient cD is a function of the instantaneous valve lift (the latter 
can be simulated, for example, using polynomial expressions with respect to crank 
angle) to valve head diameter ratio, Av is the geometric valve flow area and γ the 
specific heat capacities ratio; index ‘d’ denotes downstream and ‘u’ upstream 
conditions. Similar equations can be applied for the blow-by losses or for the flow 
between main chamber and prechamber in an IDI engine, by proper account of the 
effective flow area cDAV. Details about the geometric valve flow area AV are 
provided in [3]. 

9.4 Manifolds 

At the most simplified level of quasi-linear modeling, both inlet and exhaust 
manifolds are modeled as no volume components. A more advanced version of 
quasi-linear modeling has also been reported, in which the filling and emptying 
approach is adopted for manifolds simulation [e.g., 37] as will be described in the 
following paragraph. 

Most of the researchers who simulated in-cylinder processes with the filling 
and emptying modeling technique have extended this approach to the manifolds 
operation too. Here, the perfect gas law and the first law of thermodynamics are 
applied, taking into account the manifold volume and the heat loss from the 
(exhaust) manifold walls. Equation 9.26 holds true for each of the two manifolds 
but now term dV/dφ=0: 

cyln
im cyla imLim im

a im im cyl
cyl 1

dmdmdQ dU
h h

d d d d
−−

− −
=

= + −
ϕ ϕ ϕ ϕ∑  (9.75) 
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cyln
cyl emLem em em a

cyl em em a
cyl 1

dmdQ dU dm
h h

d d d d
− −

− −
=

= + −
ϕ ϕ ϕ ϕ∑  (9.76) 

where index ‘a-im’ denotes mass exchange between inlet manifold and intercooler 
or compressor or environment for naturally aspirated engine, index ‘im-cyl’ 
denotes mass exchange between inlet manifold and each cylinder, index ‘cyl-em’ 
denotes mass exchange between exhaust manifold and each cylinder (Equations 
9.74), and index ‘em-a’ denotes mass exchange between exhaust manifold and 
turbine, or environment for naturally aspirated engine. Care has to be taken for heat 
loss effects as regards the exhaust manifold: 

bLem w em
em em em w em em em w em

em

dQ k
A h (T T ) A a Re (T T )

dt D
−

− −

⎛ ⎞
= − = −⎜ ⎟

⎝ ⎠
 (9.77) 

whereas for the inlet manifold, owing to the low gas temperatures involved, 
LimdQ / dt 0≈ .  
It is well known that the gas flow in the exhaust manifold of a diesel engine is 

markedly unsteady, resulting in the propagation of pressure waves that may affect 
engine performance if the exhaust pipes are long enough and the valve overlap 
period substantial. The influence of the unsteady flow waves' propagation is more 
intense in the case of pulse turbocharged engines, which form the majority in 
vehicular applications. Here, the issue of the inlet and, mainly, exhaust gas 
interactions with the engine turbocharger is prominent.  

The travel time of pressure wave in the exhaust manifold pipe is given by [2] 

12 L N∆ =
α

ϕ  (9.78) 

where α is the sonic velocity and L the equivalent pipe length. For long enough 
exhaust pipes, e.g., L= 0.80 m, ∆φ = 35°CA at 2000 rpm, which means that a wave 
action simulation should be applied. However, for shorter lengths, typical in 
automotive applications, or for lower engine speeds, the filling and emptying 
approach seems to be sufficient. 

Wave action models, also termed gas-dynamic, are labeled as non-steady and 
one-dimensional; they provide the solution of the unsteady flow equations in the 
engine ducts. In the more general case, wave action models are a set of first order 
non-linear, non-homogenous and hyperbolic partial differential equations of mass, 
energy, and momentum conservation using the perfect gas law. They are solved by 
the method of characteristics or by finite difference techniques. Special care has to 
be taken for accurate modeling of the necessary boundary conditions at the duct 
ends, e.g., boundary conditions at the cylinder end, at the pipe open end, and at the 
exhaust system turbine end. Gas-dynamic models can provide an adequate 
evaluation of the pulsating flow phenomena, which are of great importance for 
pulse turbocharged diesel engines; nonetheless, a much higher computational time 
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is required. A detailed coverage of the subject together with the formulation of the 
respective equations can be found in [1, 2]. 

9.5 Multi-cylinder Engine Transient Operation 

At steady-state operation, the performance of each cylinder is essentially the same, 
owing to the constant position of the governor clutch resulting in the same amount 
of fuel being injected per cycle. Under transient operation, however, and 
particularly for engines with mechanical injection systems, each cylinder 
experiences different fueling and air-mass flow-rates during the same engine cycle. 
This happens due to the combined effect of 

• continuous movement of the fuel pump rack that is initiated by the load or 
speed change; and  

• continuous change of the turbocharger compressor operating point.  

As regards speed changes only the first cycles are practically affected. However, 
when load changes are investigated, significant variations can be experienced 
throughout the whole transient event. The usual approach, here, is the solution of 
the governing equations for one cylinder and the subsequent use of suitable 
phasing images of this cylinder’s behavior. This approach was first introduced by 
Watson [38] and was widely adopted for limiting computational time. Unlike this, 
Rakopoulos and Giakoumis [34, 39] developed a true multi-cylinder engine model. 
In this model, all the governing differential and algebraic equations presented in 
the previous sections are solved individually for every cylinder of the engine; this 
resulted in (significant) differentiations in both fueling and air-mass flow-rates for 
each cylinder during the same cycle of a transient event. The drawback of this 
approach is that it increases the computational time almost linearly with the 
number of cylinders involved. 
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Figure 9.7. Effect of multi-cylinder modeling on the prediction of transient engine operation 
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Figure 9.7 is a typical illustration of the results obtained by comparing the 
‘single-cylinder’ with the ‘multi-cylinder’ engine modeling approach, on a six-
cylinder, turbocharged and aftercooled diesel engine. For the examined transient 
case of 10–75% load increase, the pressure diagrams of the first and the last in 
firing order cylinders are depicted for cycle No. 5 and No. 15. Cylinder pressures 
assume up to 5% higher values when the first and the last in firing order cylinders 
are under investigation. This differentiates accordingly the performance of each 
cylinder. Similarly, all other properties that depend on the fueling rate are also 
differentiated from cylinder to cylinder during the same transient cycle, thus 
affecting the whole engine transient response. 

9.6 Turbocharger 

The mathematical representation of compressor and turbine characteristics is 
necessary to calculate the interaction between turbocharger and (diesel) engine. 
The majority of diesel engine transient simulations, either quasi-linear or filling 
and emptying, have adopted the use of compressor and turbine performance 
characteristics or ‘maps’ as provided by the manufacturer or measured in-house. 
These give the interdependence between isentropic efficiency ηis, pressure ratio r, 
mass flow-rate m and rotational speed NTC, i.e., 

isC 1 C TC C 2 C TCf (r , N ) and m f (r , N )η = =  (9.79a) 

for the compressor, and 

isT 1 TC T 2 T TC
o

ug , N and m g (r , N )
c

⎛ ⎞
η = =⎜ ⎟

⎝ ⎠
 (9.79b) 

for the turbine, with (u/co)T the turbine blade to speed ratio. Usually, NTC and m are 
corrected for standard inlet conditions. 

In the conventional interpolation approach, turbo-machinery maps are digitized 
and entered into the simulation code in a tabular form or in the form of (for 
example) second-order polynomials. At a particular step in the cycle simulation, 
the tables or polynomials are interpolated in a two dimensional fashion to calculate 
two unknown map variables from two known variables. Rakopoulos et al. [32] 
reported that no difference in the predictions from a single-zone model was 
observed, if this computational step was less than 20°CA.  

While this interpolation technique is very straightforward to implement, there 
are some difficulties associated with its use in transient engine simulations [38, 
40]. 

• the non-linear nature of compressor and turbine characteristics makes 
linear interpolation of data in look-up tables somewhat unreliable in 
regions outside of those where the experimental data are available; 
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• experimental data are usually unavailable for low rotor speed/low-pressure 
ratios; 

• commencement of a transient test from a zero or very small load means 
that the compressor practically operates with a pressure ratio less than 
unity, a fact complicating the situation even more; 

• small changes in pressure correspond to much greater changes in mass 
flow-rate in the compressor map; 

• obtaining accurate turbine efficiency data is a well acknowledged problem, 
with general correlations usually applied that are based on the turbine blade 
to speed ratio; and 

• the assumption of quasi-steady flow inside the turbo-machinery is perhaps 
the major simplification. 

Overall, it is highly uncertain that the operating points of the compressor and 
turbine during a transient event follow their steady-state map values. To this aim, 
Fink et al. [41] proposed a ‘flattening’ of compressor curves during transient 
operation by using a differential equation, which takes into account the compressor 
‘through-flow’ time τC: 

st

C
C C

C

dr 1 (r r )
dt

= −
τ

 (9.80) 

with rC the current (transient) pressure ratio and 
stCr the respective steady-state 

pressure ratio according to the compressor map. 
Use of 1-D turbocharger modeling would be helpful in assessing ‘real’ transient 

turbocharger operation, but at the same time it would significantly increase the 
complexity and the PC execution time of the developed code.  

In recent years, an increased interest in variable geometry turbines is observed, 
since these offer scope for improving transient response and fuel consumption, and 
regulate EGR flow as was discussed in Sections 2.4 and 6.4.4. At the most 
simplified level, a variable geometry turbine can be modeled as a series of fixed 
geometry units; interpolation between the various units maps is then undertaken in 
order to compute the instantaneous turbine characteristics according to VGT vane 
position. However, the variations between the maps corresponding to different 
vane positions in the VGT are non-linear, owing to the fact that the swing blade tip 
position relative to the rotor tip changes with the blade angle. The alternative 
technique that has been applied by some researchers [e.g., 42, 43] is to utilize 
artificial neural networks to capture the properties of the fixed or variable geometry 
turbine in the whole operating range. The modeling process includes construction 
of the network of the appropriate architecture, and training of the network on the 
digitized turbo-machinery characteristics. Like any interpolation technique, this is 
more accurate when working within the boundaries of the training data; 
extrapolation should be avoided. Accuracy is also enhanced by increasing the 
amount of training data presented. 
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For the turbocharger transient operation, the following differential equation 
describes the angular momentum balance on its shaft based on Newton’s second 
law of motion for rotating systems 

TC
mTC T C TC

dω
η τ τ  = G

dt
−  (9.81) 

The respective power terms are given by (constant pressure turbocharging) 

C C 2 1 C pC 2 1W m (h h ) m c (T T )= − ≈ −  (9.82) 

for the compressor indicated power, with the temperature T2 after the compressor 
computed from  

a

a

γ 1
γ

2
2 1

isC 1

p1T T 1 1
η p

−⎧ ⎫⎡ ⎤
⎛ ⎞⎪ ⎪⎢ ⎥= + −⎨ ⎬⎜ ⎟⎢ ⎥⎝ ⎠⎪ ⎪⎢ ⎥⎣ ⎦⎩ ⎭

 (9.83) 

and 

T T 6 7 T pT 6 7W m (h h ) m c (T T )= − ≈ −   (9.84) 

is the instantaneous value of the turbine indicated power, with the temperature T7 
downstream of the turbine (see also Figure 9.2) given by 

R

R

γ 1
γ

7
7 6 isT

6

p
T T 1 η 1

p

−⎧ ⎫⎡ ⎤
⎛ ⎞⎪ ⎪⎢ ⎥= − −⎨ ⎬⎜ ⎟⎢ ⎥⎝ ⎠⎪ ⎪⎢ ⎥⎣ ⎦⎩ ⎭

 (9.85) 

Further, ηmTC is the turbocharger mechanical efficiency that is mainly a function of 
its speed.  

Mass conservation for the whole diesel engine plant gives 

T C fi blm m m m= + −  (9.86) 

In filling and emptying modeling, the above equations for the turbocharger are 
solved at each degree crank angle using the current values of inlet manifold and 
exhaust manifold pressures and temperatures, accounting, thus, for pulse effects in 
the exhaust manifold. As regards quasi-linear modeling, however, and in order to 
account for the pulse operation, a ‘pulse’ factor is introduced [1, 8, 44]. 
Winterbone [1] working on a six-cylinder, turbocharged DI diesel engine 
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correlated the pulse factor KT with the cyclic mass-flow parameter 

T 6 7m T (p N) via a linear relation: 

T 6
T

7

m T
K c d

p N

⎛ ⎞
⎜ ⎟= +
⎜ ⎟
⎝ ⎠

 (9.87) 

with ‘c’ and ‘d’ constants specific for each engine configuration. The pulse factor 
is basically a function of the number of cylinders and the exhaust manifold 
configuration. Consequently, the ‘effective’ expansion ratio (p6/p7)eff needed in 
Equation 9.85 is given by 

eff

6 6
T T T T

7 7eff

p p
r K K r

p p
⎛ ⎞ ⎛ ⎞

= = =⎜ ⎟ ⎜ ⎟
⎝ ⎠ ⎝ ⎠

 (9.88) 

When present, the waste-gate valve should also be simulated. If the valve is 
open, a force balance exists described by the following second-order differential 
equation on a time basis for the spring-mass system displacement x [45]: 

wgv eg 2 1 d o wgv fr Dm x F (p p ) A (F k x) F c x= − − − + − −   (9.89) 

with mwgv the valve, diaphragm and spring mass, Feg the exhaust gas force 
determined as a function of turbine pressure ratio and waste-gate valve lift, Fo the 
initial spring force of the valve, kwgv the spring stiffness, Ffr the friction           
force, D DF c x=  the damping force, and dA  the effective diaphragm area 
depending on the geometric area and the differential pressure upstream and 
downstream of the valve. 

The aftercooler is usually modeled via its steady-state thermal effectiveness, 
being, mainly, a function of charge air-mass flow, 1 Cε f (m ),=  for example 

2
Cε 1 m .= − The steady-state temperature T3 at the aftercooler exit can then be 

correlated with its inlet temperature T2 using the following expression: 

3 2 cwT T (1 ) T= − ε + ε   (9.90) 

with Tcw the cooling medium temperature. During transients, the thermal inertia of 
the aftercooler should be taken into account using a relation similar to Equation 
9.61.3  

                                                 
3 A similar Equation to 9.90 can be applied to model the EGR cooler with the effectiveness being, 
mainly, a function of engine speed and exhaust gas mass flow-rate. Moreover, Equations 9.74 
describing the flow through a restriction can be used to compute the flow through the EGR valve, with 
the valve effective area being a quadratic function of valve lift, and the valve pressure drop often 
neglected. 
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Pressure drop of the charge air across the aftercooler can be approximated 
by 2 3 2 Cp p p f (m )∆ = − = , for example 2

2 3 Cp p c m− = . 

Compressor Surge 

Simulation of the compressor operation when it experiences surge, requires the 
representation of the compressor characteristics to the ‘left’ of the surge line; the 
latter are not provided by the manufacturer, and can be defined accurately only 
after costly and time-consuming experimental work on a compressor test bed.       
A simpler method is described here that has been adopted by many researchers in 
the field with satisfactory results.  

For axial flow or multistage centrifugal compressors, the region of the 
compressor map to the left of the surge line can be represented by the following 
cubic polynomial [46, 47] 

o

3
C C

C C
m m3 1r r c 1 1 1

2 d 2 d

⎡ ⎤⎛ ⎞ ⎛ ⎞
= + + − − −⎢ ⎥⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎝ ⎠⎢ ⎥⎣ ⎦
 (9.91) 

Parameters ‘c’ and ‘d’ are defined in Figure 9.8, and 
oCr  is the compressor pressure 

ratio at zero mass-flow. 
 

Surge point

C o om T p
oCr 2d

2c

Cr

 
Figure 9.8.  Compressor characteristic showing the definition of parameters d and c 

In Figure 9.8, the point on a constant speed line on the compressor map where 
surge occurs depends on whether the compressor diffuser is vaned or vaneless. 
Surge occurs when the slope of the speed line is zero or slightly positive with 
vaneless diffusers, or slightly negative with vaned diffusers. Because the 
compression system operating point during surge passes through this zone quite 
rapidly, as very abrupt mass-flow excursions are observed at almost constant 
pressure, this part of the compressor characteristics does not greatly affect the 
prediction of the compression system transient behavior. For the pressure ratio at 
compressor zero mass flow, we have 
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( )
a

a

o

γ
γ 1

2 2 2a
C C C 2 1

a s o

γ 1
r r 1 ω r r

2γ R T

−⎡ ⎤−
= = + −⎢ ⎥

⎣ ⎦
 (9.92) 

where 1r  and 2r  are the compressor eye and impeller outer radii, respectively. The 
previous equation can be derived applying radial equilibrium theory for the 
compressor impeller blades and assuming isentropic flow processes. Referring to 
the compressor eye radius, this is defined as the compressor impeller eye mean 
geometric radius, which divides the impeller eye area into two sections of equal 
area 

2 2
h1 t1

1
r r

r
2
+

=  (9.93) 

where rh1 and  rt1 are the impeller eye hub and tip radii, respectively.  
For automotive centrifugal compressors, the negative flow branch of the 

characteristic can be matched with a parabola  

( )
o

2
C C cr r 2c m 2d= +  (9.94) 

whereas a third-order polynomial expression, such as the one of Equation 9.91, can 
be used for the region between zero mass flow and the surge line [48]. 

9.7 Friction 

9.7.1 Mean fmep Method 

For the calculation of friction inside the cylinder, the most fundamental approach is 
application of mean fmep equations, i.e., 

max pistfmep α βp γu= + +  (9.95)  

where pmax is the peak cylinder pressure, pistu  is the corresponding mean piston 
speed, and α, β and γ are constants derived after calibration against experimental 
data at steady-state conditions. Consequently, friction torque is given by 

fr fr pistτ (φ) τ  fmep A r / 2π= =  (9.96) 

This friction torque remains constant at every degree crank angle during a cycle, 
with its values differentiating only from engine cycle to cycle, thus, being 
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particularly suitable for use in quasi-linear models. The important part here is the 
pistγu  term, indicating the dominant effect of engine speed on friction torque. 

9.7.2 Rezeka–Henein Model 

One of the main drawbacks of Equation 9.95, apart from its mean, over the engine 
cycle, value, is that it disregards oil viscosity and temperature effects. Hence, its 
application in transient engine simulation models should be made with caution, and 
only for the conditions (oil temperature and type) under which it was derived. 
During transient diesel engine operation, where the engine speed and fueling 
change continuously, more detailed, per degree crank angle, friction estimations 
are required in order for the models to predict accurately the instantaneous engine 
speed from the crankshaft torque balance (Equation 9.111). One such model is the 
semi-empirical Rezeka–Henein [49] friction model; it separates friction torque into 
six terms allowing for modeling at each degree crank angle. Three of these parts 
are concerned with the cylinder movement, as follows: 

0 5

fr1 1 oil 1 r g ring o c 1τ   c  µ  (rωR ) (p + p )w D (n + 0.4n ) r R⎡ ⎤= ⎣ ⎦  (9.97a) 

for the ring viscous lubrication, 

( )( )fr2 2 c ring r g 1τ   c  π D n  w  p + p 1 sinφ  r R= −  (9.97b) 

for the ring mixed lubrication, and 

1
fr3 3 oil ps 1

oil

rωR
τ   c  µ D L  r R

h
⎛ ⎞

= ⎜ ⎟
⎝ ⎠

 (9.97c) 

for the piston skirt losses.  
The remaining three parts are concerned with the crankshaft, as follows 

0 5
fr4 4 v s 1τ   c  n  F  r R  ω−=  (9.97d) 

for the valve train, 

fr5 5 oilτ   c  µ  ω=  (9.97e) 

for the auxiliaries, while for the loaded bearing it holds 

2
0 5

fr6 6 jb g
πDτ   c   r  p  cosφ  ω

4
−=  (9.97f) 
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In the above relations, no is the number of oil rings, nc the number of 
compression rings, wring the ring width, pr the elastic ring pressure, µoil the oil 
kinematic viscosity, hoil the oil film thickness, Lps the length of the piston skirt, nv 
the number of (inlet and exhaust) valves per cylinder, Fs the valve spring force, rjb 
the journal bearing radius,. For the quantity R1 it holds that 

( ) 2 2
1 pistR u / rω sinφ λ sinφcosφ / 1 λ sin φ= = + −  (9.98)    

Total friction torque at each degree crank angle is the sum of the above six 
terms, i.e., 

i

6

fr fr
i=1

τ (φ)  τ (φ)= ∑  (9.99) 

Coefficients c1 to c6 in Equations 9.97 are derived through calibration with 
experimental data at steady-state conditions, bearing in mind that the mean friction 
torque over the 720°CA period of a four-stroke engine cycle, when converted to 
fmep, should be equal to the result given by Equation 9.95. Figure 9.9 illustrates 
the development of each friction torque term according to the Rezeka–Henein 
model during an engine cycle for low-load operation of a six-cylinder turbocharged 
and aftercooled diesel engine.  
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Figure 9.9. Variation of friction torque terms during a cycle using the Rezeka–Henein 
model 
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The main drawback of the Rezeka–Henein friction model is the need for many 
empirical coefficients; Tuccilo et al. [50] proposed a relation for the correction of 
constants ci (i=1–6) of Equations 9.97 in order to account for engine speed effects: 

i

i

d
i nom nomc c (N / N )=  (9.100) 

where the values of constants 
inomc are already known at a nominal speed Nnom and 

di are the correction exponents found after calibration against experimental data at 
various steady-state conditions.  
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Figure 9.10. Effect of oil temperature and type on viscosity using Equation 9.101 

Oil viscosity µoil, needed in Equations 9.97c and 9.97e, can be approximated by 
a Vogel equation [51] 

1

oil 2

Θ
Θ Θ

oil oilµ C e
⎛ ⎞
⎜ ⎟⎜ ⎟+⎝ ⎠= ⋅  (9.101) 

where Coil, Θ1 and Θ2 are constants depending on oil type, and Θoil is the mean, 
over an engine cycle, oil temperature in °C. Increase in oil temperature is generally 
desirable as it reduces the oil film viscosity, thus decreasing the amount of friction; 
the same holds for lower viscosity oils containing friction modifiers. Figure 9.10 
illustrates the effect of oil temperature and type on the viscosity from         
Equation 9.101; significant differences are observed, mainly at low temperatures 
highlighting the influence of oil viscosity on engine friction torque during cold 
starting. Values for coefficients Coil, Θ1 and Θ2 are provided in [6, 51] for various 
oil-types. 
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9.7.3 Account for Transient Discrepancies 

The sensitivity of transient operation predictions to friction modeling errors was 
investigated by Watson [38]. He showed that a (rather exaggerated)                   
50% overestimation in friction torque could lead to an almost equal increase in 
predicted final engine speed drop. He also proposed application of Equation 9.95 at 
each computational step, rather than at each cycle. By so doing, account is taken of 
the changing gas pressure profile during a cycle, which, as is depicted in        
Figure 3.19, plays a significant role in the development of true friction torque. 

Winterbone and Loo [52], based on the results by Winterbone and Tennant 
[53], applied the following equation for the correction of fmep during transient 
operation of a two-stroke, turbocharged diesel engine: 

( )trans st Dfmep fmep 1 0.0025 N N= + −⎡ ⎤⎣ ⎦  (9.102) 

where fmepst is the corresponding steady-state fmep from Equation 9.95, N is the 
current engine speed and ND the demand speed.  

Rakopoulos and Giakoumis [32] proposed a more fundamental correction for 
the friction torque during transients 

( )fr trans fr maxτ (φ) τ (φ) 1 ε(φ) ε= +  (9.103) 

Here, the instantaneous value for the total friction torque τfr(φ) (as computed, for 
example, from Equation 9.96 or 9.99), is corrected according to the current 
crankshaft angular acceleration ε(φ), thus providing the ‘real’ transient friction 
torque τfr(φ)trans to be used in the crankshaft torque balance Equation 9.111. The 
exact value of coefficient cfr needs experimental investigation and, obviously, 
depends on the specific engine application. 

9.8 Fuel Injection 

In the majority of transient simulations, the total amount of fuel injected per cycle 
and cylinder Mfi, is found by applying steady-state fuel pump curves at the 
instantaneous values of engine speed N and fuel pump rack position z of the 
current transient cycle, i.e., 

fiM f (z, N)=  (9.104) 

Assuming quasi-steady flow through the injector nozzle, the rate of fuel injection is 
given by 

( )fi f inj g Nm 2ρ p p A= −  (9.105) 
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with ρf the fuel density, pinj the fuel pressure across the injection nozzle, and 
N D NA c A=  the total effective flow area of the injector nozzles. Ferguson [6] 

proposes the following equation for a more accurate estimation of the fuel injection 
rate 

n 1
s sfi

fi d d d

φ φ φ φm ω exp
M ∆φ Γ(n) ∆φ ∆φ

−
⎛ ⎞ ⎛ ⎞− −

= ⎜ ⎟ ⎜ ⎟
⎝ ⎠ ⎝ ⎠

 (9.106) 

where  

• 3 5 7

1 1 1 1 1 1lnΓ(n) = (n ) ln(n) n+ ln(2π)+ ;
2 2 12n 360n 1260n 1680n

− − − + −  

• 1<n<2 for DI engines, and 3<n<5 for IDI engines; 
• φs is the crank angle at the start of injection; and 
• ∆φd is the duration of injection. 

Use of the above steady-state approach during transients constitutes a rather 
coarse simplification since the fuel pump, as was analyzed in Section 2.2, 
experiences a transient operation of its own during the engine’s dynamic 
conditions, with a very possible differentiation in the amount of injected fuel per 
cylinder compared with the one under similar (engine speed and fuel pump rack 
position) steady-state conditions.  

In a more advanced approach, a mathematical fuel injection model can be 
applied to simulate the fuel pump-injector lift mechanism for mechanical injection 
pumps as, for example, the one developed by Rakopoulos and Hountalas [54] and 
incorporated in the transient diesel engine simulation code by Rakopoulos and 
Giakoumis [32, 34]; this model takes into account both the delivery valve and the 
injector needle motion.  
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Figure 9.11. Effect of detailed fuel pump modeling on the prediction of transient diesel 
engine operation after a step load increase 
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The unsteady gas flow equations are solved using the method of characteristics, 
providing the dynamic injection timing as well as the duration and the rate of 
injection for each cylinder at each transient cycle. The obvious advantage is that 
the transient operation of the fuel pump is also taken into account, through the fuel 
pump residual pressure, which is built-up together with the other variables during 
the transient event. Moreover, such an individual fuel injection subroutine can be 
combined with a true multi-cylinder model, and be called upon once for every 
cylinder at each cycle with the values of angular velocity, fuel pump rack position 
and pump residual pressure existing at the point of the individual cylinder’s static 
injection timing. The time burden imposed is not of concern, since it is executed in 
not more than 0.1 s in a typical PC. Typical results, when applying both fuel 
injection approaches, are depicted in Figure 9.11, where a difference of the order of 
8% is observed in the lowest engine speed (and consequently the other engine 
variables). 

9.9 Mechanical Governor 

In Section 3.2.2, the fundamental equations describing the governor clutch 
movement were given. Simulating the governor based entirely on its physics may 
appear attractive, but in practice it is very rarely applied, since, in most cases, 
detailed technical data for the governors are not readily available. In order to find 
the instantaneous fuel pump rack position, which is initiated by the governor clutch 
movement during transient operation, a second-order differential equation is 
usually applied. This incorporates the effect of the various governor elements, such 
as the centrifugal force of the ball weights, the spring force, damping, etc.; one 
such equation used by Winterbone [1] is 

( )1 D 2
1z c N N c z= − + −⎡ ⎤⎣ ⎦τ

 (9.107a) 

The governor of Equation 9.107a is a proportional one; adding an integral term can 
yield a P-I control that can restore engine speed to its original value after the new 
load has been applied: 

( ) ( )t t 1 1 D t 2 t 1 3 t t 1
0

1z z c N N c z dt c N N dt
∞

− − −⎡ ⎤= + − + − + −⎣ ⎦τ ∫  (9.107b) 

Watson and Marzouk [55] used the following second-order relation for a six-
cylinder, truck engine governor: 

( )( ) ( )2 2 2
4 5 6 7 8 9 Dc z c z 1 c y z c y c ω z c ω ω+ + + + − = −  (9.108) 

Rakopoulos and Giakoumis [32, 34] applied the following equation for a 
heavy-duty, six-cylinder, turbocharged diesel engine: 
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2
2 2

10 11 12 13 142

d z dzc c z c z c c
dd

= + + ω + ω +
ϕϕ

  (9.109) 

whereas for Qiao et al. [56] the appropriate equation for the governor of a 
passenger vehicle, four-cylinder, naturally aspirated engine was 

2
2 2

15 16 17 182

d z dzc c (z y) c z c
dd

+ + + − ω = ω
ϕϕ

  (9.110) 

In all the above equations, z is the fuel pump rack position, N, ω are the current 
engine speed and angular velocity, respectively, y is the governor control lever 
position, and index D corresponds to the demand value. All the ci (i=1–18) 
constants in the previous equations are derived after calibration against 
experimental data under transient conditions applying, for example, least-squares 
analysis.  

9.10 Crankshaft Torque Balance 

The instantaneous values for engine speed and angular acceleration needed in the 
transient engine simulation are derived from the conservation of angular 
momentum principle applied on the total system (engine-load). Its mathematical 
formulation, neglecting crankshaft torsional stiffness and damping, is as follows, if 
Gtot represents the total system mass moment of inertia (engine, flywheel and load) 
reduced to the crankshaft axis 

e fr L tot
dωτ ( ) τ ( ) τ ( ) G
dt

ϕ − ϕ − ϕ =  (9.111) 

where 

1. 
cyln

e ei
i 1

τ ( ) τ ( )
=

ϕ = ϕ∑  denotes the total engine indicated torque that includes the 

contribution of gas, inertia and (the negligible) gravitational forces of all cylinders. 
Individual cylinder indicated torque eiτ ( )ϕ  is given explicitly by 

e g in grτ (φ) τ (φ) + τ (φ) + τ (φ)= =
Gas Inertia Gravitational

  
Gas Inertia Gravitational

pist pist pist
g pist l l r

u (φ) u (φ) u (φ)
p (φ) A m b(φ) + m g m g sinφ r

rω rω rω

⎡ ⎤
⎢ ⎥⎛ ⎞ ⎛ ⎞ ⎛ ⎞

− +⎢ ⎥⎜ ⎟ ⎜ ⎟ ⎜ ⎟
⎢ ⎥⎝ ⎠ ⎝ ⎠ ⎝ ⎠
⎢ ⎥⎣ ⎦

 (9.112) 



350 Diesel Engine Transient Operation 

with upist the piston linear velocity (Equation 3.2), b the piston linear acceleration 
(Equation 3.3), ml the reciprocating masses (Equation 3.6a) and mr the rotating 
masses (Equation 3.6b). 

 
2. frτ ( )ϕ  is the total (from all cylinders) friction torque (Equations 9.96 or 9.99).  
3. Lτ ( )ϕ  is the resistance torque term 

3C
L 1 2τ ( ) C C ωϕ = +  (9.113) 

Combining the above equations, we get  

3C 11
2

βdω α γ δβ ω
dφ ω ω ω ω

−= + + + +  (9.114) 

where (neglecting the gravitational forces contribution) 
 

( )
cyln

l i pist i
i 1

tot

m b(φ ) u (φ ) / rω
α

G
=

−
=

∑
is the inertia torque term, 

 
1 1 totβ C / G= − comes from the constant term of the load torque, 

 
 

2 2 totβ C / G= − comes from the speed dependent term of the load torque, 
 
 

cyln

g i pist pist i
i 1

tot

p (φ ) A u (φ ) / rω
γ

G
==
∑

is the gas torque term, and 

 
cyln

fr i
i 1

tot

τ (φ )
δ

G
=

−
=

∑
is the friction torque term 

 
with φi the individual cylinder crank angle according to the ignition order. 

From Equation 9.114, the crankshaft angular acceleration ε(φ) can then be 
derived by differentiating with respect to crank angle φ: 

3C
1 2

dωε(φ) α β β ω γ δ
dt

= = + + + +  (9.115) 
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9.11 Exhaust Emissions 

9.11.1 Global Approximations 

Owing to the obvious limitations of quasi-linear and single-zone modeling as 
regards exhaust emissions prediction, many researchers incorporated empirical 
approaches in their models. Such a simple relation for transient soot emissions, on 
a Celesco smokemeter, was given in [1]. This gave satisfactory results for the 
acceleration of a six-cylinder, turbocharged diesel engine: 

2b
1Smoke b AFR=     (9.116) 

Watson [23] used the following correlation for a six-cylinder, turbocharged, DI 
diesel engine: 

( )
( )

4 5b b

3 6
ref ref ref ref

1 βSmoke N Φb exp b
(Smoke) N Φ 1 β

⎡ ⎤−⎛ ⎞ ⎛ ⎞
= ⎢ ⎥⎜ ⎟ ⎜ ⎟ −⎢ ⎥⎝ ⎠ ⎝ ⎠ ⎣ ⎦

 (9.117)  

with β the premixed burning fraction (Equation 9.64). 
Younes et al. [12] incorporated in their quasi-linear code the following relation 

for the Bosch smoke number-BSN of a four-cylinder, turbocharged, diesel engine: 

3 2
8 9 10 11 air 12b N b N b N b m b

air
7

fi

m
BSN b

m

+ + + +
⎛ ⎞

= ⎜ ⎟
⎝ ⎠

     (9.118)  

and a similar one for HC emissions. 
Rakopoulos and Giakoumis [32] found the following BSN relation more 

appropriate for their six-cylinder, medium duty, turbocharged diesel engine: 

14b AFR
13BSN = b e      (9.119) 

Jiang and Van Gerpen [57] developed the following equation for estimating the 
rate of particulate emissions during the EPA transient cycle 

2 3 4
rate 15 16 17 18 19P b b Φ b Φ b Φ b Φ= + + + +  (9.120) 

In Equations 9.116–9.120, constants bi (i=1–19) are derived using experimental 
data at steady-state conditions for various engine speeds and loads; all 
approximations gave overall moderately satisfactory results.  

A different perspective entails use of the steady-state maps and further 
definition of appropriate weighting factors to account for transient discrepancies; 
such an approach was followed by Brace et al. [58], who applied neural network 
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techniques on steady-state data to predict transient exhaust emissions from a quasi-
linear model. Ericson et al. [59] also used steady-state maps and accounted for 
transient non-linearities, mainly through global relative air–fuel ratio corrections, 
albeit with moderate success.  

 

9.11.2 Nitric Oxide Formation Model 

Since it is well established that NO formation is controlled by chemical kinetics 
rather than chemical equilibrium, the generally accepted kinetics model proposed 
by Lavoie et al. [60] can be adopted in two- or multi-zone transient simulation 
models; this describes the extended Zel’dovich kinetics scheme. According to this 
model, the governing chemical reactions for NO formation and their respective 
forward reaction rate constants (m3/kmol/s) are as follows: 

 

  

10
2 1f

6
  2 2f

10
3f

( 160/T)

( 3125/T)

N + NO N + O, k =3.1 10 e

N + O    NO + O,   k =6.4 10 T e

N + OH NO + H, k =4.2 10

−

−

×

× ⋅

×

 (9.121) 

The one way equilibrium rates for the above three reactions are defined as 

1 1f e e 2 2f e 2 e 3 3f e eR =k (N) (NO) ,     R =k (N) (O ) ,     R =k (N) (OH)  (9.122) 

where index ‘e’ denotes equilibrium concentrations and term eα=(NO)/(NO) .  
Finally, the rate of change of NO concentration is expressed as 

( )( ) ( )2 1

1

2 3

d NO V R1
= 2 1 α

RV dt 1+α
R + R

−  (9.123) 

9.11.3 Soot Formation Model 

For the calculation of the net soot that is formed inside the cylinder, the model of 
Hiroyasu et al. [33] can be used, for example, as modified be Lipkea and DeJoode 
[61]. The net soot formation rate is expressed as the difference between the 
formation and oxidation rates, which are given by 

( )( )
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=  (9.124) 
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where pressures are in bar and masses in kg, dmf is the fuel vapor mass to be 
burned in the current time step, and 

2Op  is the partial pressure of oxygen in the 
zone. Also, constants Asf, Asc, activation energies Esf, Esc and the exponent n are 
evaluated after experimental matching at steady-state conditions. Finally, the net 
soot formation rate is expressed as follows: 

sn sf scdm dm dm
=

dt dt dt
−  (9.126) 

9.12 Solution of Equations 

The calculation of all the above given differential and algebraic equations in a 
filling and emptying simulation model starts at the inlet valve closure position. At 
the initial operating point (steady-state conditions), an estimation of temperature, 
pressure and composition (including residual gas and exhaust gas recirculation) is 
made for all control volumes as well as for the turbocharger (compressor pressure 
ratio and turbocharger speed). Thereafter, a series of cycles (3–5) is performed for 
the current initial engine speed and loading/fueling up to the moment when the 
thermodynamic variables do not change from cycle to cycle, beyond a certain limit 
set for accuracy (e.g., 0.1%). All first-law equations (combustion, heat transfer, 
blow-by losses, manifolds, turbocharger, first law of thermodynamics etc.) are 
solved during this running process. Especially as regards turbocharging, the 
procedure is as follows: first, an estimation is made concerning compressor boost 
pressure and isentropic efficiency. These are considered constant during the whole 
engine cycle. Using the previous estimations and the values from 
manifolds/intercooler operation, the turbine inlet conditions are derived that define 
the turbine, hence, compressor work. If the initial estimations are right,      
Equation 9.81 (with dωTC/dt=0) is confirmed. If not, the new compressor operating 
point is reached, which leads to a new test cycle until final convergence, where 
also the turbocharger rotational speed is determined from the compressor map. 

After thermodynamic equilibrium is achieved at steady-state conditions, the 
simulation program proceeds with the transient subroutines (e.g., governor, 
crankshaft torque balance) now ‘turned on’ but still without the new applied load 
or speed change. This is made so that a dynamic equilibrium is also established at 
the initial operating conditions. This process typically requires one to two engine 
cycles. After that, the load or speed change is applied according to its schedule, 
and the transient response evolves. The crankshaft torque balance (Equation 9.114) 
is solved at each degree crank angle, providing the new values for angular velocity 
and acceleration. The updated value of angular velocity is used for the 
thermodynamic calculations in the next step, which, in turn, provide new values for 
engine torque, used in Equation 9.112, and so on. At each degree crank angle and 
after the new angular velocity has been found, the governor equation (Section 9.9) 
is solved, which provides new values for the fuel pump rack position. 

At static injection timing position and with the current values of fuel pump rack 
and engine speed, the fuel injection map or fuel injection model (Section 9.8) 
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subroutine is called for the evaluation of the amount and profile of fuel injected for 
the particular cylinder. The latter initiates the heat release law subroutines   
(Section 9.3.2.3), which specify the profile and values of cylinder pressure and 
temperature. At each degree crank angle, and with the current values of engine 
speed and gas pressure, the friction torque sub-routines (Section 9.7) are also 
called.  

The respective manifolds first-law analysis (Section 9.4) provides the gas 
properties at turbine inlet; the latter are used for the turbine expansion and through 
Equations 9.81–9.83 the respective compressor operating point is established that 
specifies the engine air-supply. Turbocharger equations need not be called at each 
(crankshaft) degree crank angle. For better convergence, during combustion and 
expansion the computational step can be reduced to one half or even one fourth of 
a degree crank angle. Dynamic equations, however, can still be called at each 
degree crank angle. 

At the end of the cycle, mean values of all important thermodynamic and 
dynamic properties are computed incl. torque and exhaust emissions. The model is 
assumed to finally converge when certain engine variables such as engine speed, 
governor position, turbocharger operating point and engine and load torques (mean 
values over the engine cycle) present no change in the current cycle compared with 
their values in the previous one beyond a certain limit of accuracy. This limit can 
be set at 0.02% for the speed and torques and 0.1% for the governor/fuel pump 
rack position, i.e., 

o

o

x x
0.1%

x
−

<  (9.127) 

with x the current value of the selected typical engine or turbocharger variable. The 
above-mentioned computational procedure is schematically illustrated in the flow-
chart of Figure 9.12. 

For the solution of differential equations, various methods proposed in 
numerical analysis handbooks can be applied; one such method is the predictor-
corrector. We assume a differential equation of the following general form: 

y f (x, y, y )′′ ′=  (9.128) 

and also 

1 2 1y y and y y y′ ′= = =  (9.129) 

Knowing the values at computational step k, we estimate the new values for the 
unknown point (k+1) according to 

(0)
1,k 1 1,k 2,k

(0)
2,k 1 2,k 1,k 1,k 2,k

y y h y

y y h f (x , y , y )
+

+

= +

= +
 (9.130) 
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Figure 9.12. Simplified flow-chart of transient simulation code (solution of thermodynamic 
equations every 1/4°CA and of the dynamic equations every 1°CA) 



356 Diesel Engine Transient Operation 

and also 

( )

( )

(i 1) i
1,k 1 1,k 2,k 2,k 1
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 (9.131) 

where i is the number of iterations required for convergence and h the time step 
between two computational points (e.g., 1°CA). When the accuracy limit (set by a 
similar to Equation 9.127) is met, the solution at the specific computational point 
has then been reached. 

A typical transient case of load acceptance (30–60 engine cycles) requires 
approximately one second on a modern PC when quasi-linear modeling is used, 
while it needs one minute via single-zone modeling and more than 20 hours when 
quasi-dimensional analysis is adopted. The above times are increased 
proportionally if separate analyses for each specific cylinder are applied. 
Moreover, as regards zero-dimensional studies, a multi-zone model would increase 
the required time almost linearly with the number of zones analyzed. 

9.13 Sensitivity Analysis 

Transient simulation codes suffer from the need to run a large number of engine 
cycles, particularly when Transient Cycles analysis is involved. This often results 
in ignoring or simplifying specific sub-models for the sake of speeding up program 
execution. These simplifications can be justified if the goal is to identify key 
parameters that influence transient response or just general trends. However, they 
can prove quite limiting if the scope is an in depth study of transient phenomena, 
especially, nowadays, when stringent regulations concerning engine exhaust 
emissions dominate the industry. Typical modeling simplifications include 

• single-zone modeling; 
• assumption of constant cylinder wall temperature throughout the whole 

transient event; 
• solution of one cylinder’s equations by assuming that all the others behave 

in the same way for each transient cycle; 
• use of steady-state fuel injection data; 
• use of steady-state turbocharger data; 
• use of steady-state dynamometer/load curves; 
• filling and emptying modeling of exhaust manifold operation instead of 

wave action simulation; 
• simulation of friction torque with the use of mean fmep relations; and 
• assumption that both combustion and friction evolve during transients in 

the same way as they do under steady-state operation. 
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A number of these simplifications have been studied by Rakopoulos and 
Giakoumis [39] on a high moment of inertia, turbocharged and aftercooled, 
medium duty diesel engine. It was shown that only the assumptions of constant 
cylinder wall temperature and steady-state dynamometer/load curves (for load 
changes or for small speed changes only) are justified. All the other assumptions 
can induce a modeling error, which ranges from 5–20% according to the examined 
transient schedule and engine–load setup. Typical results are presented in Table 
9.3, which also includes comments on the imposed burden in typical PC execution 
time.  

Table 9.3. Comparison between usual and more advanced approaches for filling and 
emptying transient diesel engine modeling: summary of the differentiation in results and of 
the computational time burden induced (data are valid for the following case: six-cylinder, 
turbocharged and aftercooled diesel engine, with a speed range of 1000–1500 rpm, coupled 
to a hydraulic brake, with relatively high total mass moment of inertia and tight governing, 
operating on load increase transients) 

Simulation 
section 

Usual 
approach 

Examined-more 
detailed approach 

Differentiation in 
results for 

current engine  
set up 

Computational 
time burden 

Cylinder wall 
temperature Constant value 

Heat convection-
conduction scheme 

(Equation 9.60) 
Negligible Negligible 

Cylinder-
manifolds 

interdependence 

Single-cylinder 
approach 

‘True’ multi-
cylinder approach 

(Section 9.5) 
5–10% Considerable 

Fuel injection 
Steady-state 
fuel pump 

curves 

Fuel pump - 
injector mechanism 

model  
(Section 9.8) 

8% Very small 

Dynamometer Steady-state 
curve 

Transient modeling 
of brake/load None * Small 

Exhaust 
manifold 

Filling and 
emptying 

Method of 
characteristics 
(Section 9.4) 

< 3% ** Considerable 

Friction ‘mean’ fmep Modeling per deg. 
CA (Section 9.7) > 6% Negligible 

Differentiation 
of transient 

from steady-
state 

No 
compensation 

‘Deterioration’ of 
friction-combustion 

rates (Sections 
9.3.2.3 and 9.7.3) 

> 10% None 

  * Estimation only – no actual simulations carried out       
  ** Based on differentiation of results during steady-state operation 
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Appendix A 

Exhaust Emission Regulations and Transient Cycles 

A.1 Introduction 

 
Starting from the 1980s, (diesel-engined) vehicles have been tested for exhaust 
emissions, prior to type approval, using sophisticated standardized transient tests 
(Transient Cycles); these are usually characterized by long duration (up to 30 
minutes) consisting of both speed and load changes under varying operating 
schedules. A Transient Test Cycle is a sequence of test points each with a defined 
vehicle speed to be followed by the vehicle under study, or with a defined 
rotational speed/torque to be followed by the engine under transient conditions; 
these test points are divided in time steps, mostly seconds, during which 
acceleration is assumed constant. Such standardization is necessary as it makes it 
possible to compare different vehicles/engines that fulfill the same operation. 
Although the primary use of Transient Cycles is for emission certification of (light-
duty or heavy-duty) automotive applications, recently, specialized Test Cycles for 
non-road mobile engines have been proposed too. In order for the exhaust emission 
measurements to be representative of real engine operation, Transient Test Cycles 
incorporate some or all of the following driving conditions 

• cold and hot starting; 
• frequent accelerations and decelerations; 
• changes of load; 
• idling conditions typical of urban driving; 
• sub-urban or rural driving schedule; and 
• motorway driving. 

By applying a Transient Cycle for the testing of new vehicles, the complete engine 
operating range is tested and not just the maximum power or torque operating 
points. Moreover, the serious discrepancies that are experienced during abrupt 
transients are taken into account; in fact, as was discussed in Chapter 5, large 
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overshoot of particulate and gaseous emissions are observed under load or speed 
increase situations, mainly owing to turbocharger lag. It should, however, be 
pointed out that the primary objective of a Transient Cycle procedure is to establish 
the total amount of exhaust emissions rather than indicate the specific parts or 
conditions under which these emissions are produced. Further, legislative Test 
Cycles assume straight roads with zero gradient, thus no account is taken of the 
respective road-dependent resistance torque. 

Transient Cycles require highly sophisticated experimental facilities (a fully 
automated test-bed with electronically controlled motoring and dissipating 
(chassis) dynamometer, fast response exhaust gas analyzers, dilution tunnels, etc.) 
in order to be accurately reproduced, and complicated, time consuming computer 
models for their simulation. Many countries in the world have developed Transient 
Cycles for emission testing of their vehicles; in the following paragraphs, the 
Transient Cycles valid in the European Union, the USA and Japan will be 
summarized together with the respective exhaust emission legislation levels. These 
Transient Cycles concern the testing of passenger vehicles, light-duty (commercial) 
vehicles, heavy-duty vehicles, heavy-duty engines, and non-road mobile engines. 

Passenger cars and light-duty vehicles usually undergo a vehicle speed vs. time 
Test Cycle on a chassis dynamometer, and the results are expressed in g/km. Since 
vehicle testing is much more difficult for heavy-duty or non-road vehicles, the 
exhaust emission certification procedure for the latter usually makes use of an 
engine rather than a vehicle cycle; this is realized on an engine test bed, where the 
engine under study follows a prescribed engine speed/torque vs. time procedure1 
and the results are usually expressed in g/kWh. 

A.2 European Union (EU) 

A.2.1 Emission Standards 

Emission requirements for light-duty vehicles have existed in the EU since the 
early 1970s, while the first requirements for heavy-duty vehicles came in at the end 
of the 1980s. The standards are defined in a series of EU Directives stating the 
progressive introduction of increasingly stringent standards (see also Figure A.15 
later in the chapter) [1, 2]. 

A.2.1.1 Passenger Vehicles and Light Trucks 
European Union emission regulations for new light-duty vehicles (passenger cars 
and light commercial vehicles) were initially specified in Directive 70/220/EEC, 
which was amended a number of times; some of the most important amendments 
are reproduced in Table A.1 for passenger cars (category M1, i.e., vehicles used for 
the carriage of passengers and comprising no more than 8 seats in addition to the 

                                                 
1 The engine speed/torque vs. time schedule derives from a respective vehicle speed vs. time pattern 
applying a suitable drivetrain model. 
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driver’s seat) and for light commercial vehicles (category N1, i.e., vehicles used for 
the carriage of goods having a maximum mass not exceeding 3.5 tonnes).  

Table A.1. EU emission standards for passenger cars (category M1), and light commercial 
vehicles (category N1), g/km 

Date CO HC+NOx NOx PM
Euro 1 1992.07 2.72 0.97 - 0.14

Euro 2, IDI 1996.01 1.00 0.70 - 0.08
Euro 2, DI 1996.01a 1.00 0.90 - 0.10

Euro 3 2000.01 0.64 0.56 0.50 0.05
Euro 4 2005.01 0.50 0.30 0.25 0.025
Euro 5 2009.09b 0.50 0.23 0.18 0.005c

Euro 6 2014.09 0.50 0.17 0.08 0.005c

Euro 1 1994.10 2.72 0.97 - 0.14
Euro 2, IDI 1998.01 1.00 0.70 - 0.08
Euro 2, DI 1998.01a 1.00 0.90 - 0.10

Euro 3 2000.01 0.64 0.56 0.50 0.05
Euro 4 2005.01 0.50 0.30 0.25 0.025
Euro 5 2009.09b 0.50 0.23 0.18 0.005c

Euro 6 2014.09 0.50 0.17 0.08 0.005c

Euro 1 1994.10 5.17 1.40 - 0.19
Euro 2, IDI 1998.01 1.25 1.00 - 0.12
Euro 2, DI 1998.01a 1.25 1.30 - 0.14

Euro 3 2001.01 0.80 0.72 0.65 0.07
Euro 4 2006.01 0.63 0.39 0.33 0.04
Euro 5 2010.09d 0.63 0.295 0.235 0.005c

Euro 6 2015.09 0.63 0.195 0.105 0.005c

Euro 1 1994.10 6.90 1.70 - 0.25
Euro 2, IDI 1998.01 1.50 1.20 - 0.17
Euro 2, DI 1998.01a 1.50 1.60 - 0.20

Euro 3 2001.01 0.95 0.86 0.78 0.10
Euro 4 2006.01 0.74 0.46 0.39 0.06
Euro 5 2010.09d 0.74 0.35 0.28 0.005c

Euro 6 2015.09 0.74 0.215 0.125 0.005c

b 2011.01 for all models
c proposed to be changed to 0.003 g/km using the PMP procedure

** N1 ref. mass classes for Euro 1, 2: Class I ≤ 1250 kg, Class II 1250–1700 kg, Class III > 1700 kg

d 2012.01 for all models

M1 *

a until 1999.09.30 (after that date, DI engines must meet the IDI limits)

* At the Euro 1–4 stages, passenger vehicles > 2 500 kg were type approved as Category N1 vehicles

N1,Class I             
< 1305 kg **

N1,Class II             
1305-1760 kg **

N1,Class III            
>1760 kg **

 
 

A vast improvement in acceptable passenger vehicle PM emissions of the order 
of 80% is noticed from Euro 4 to Euro 5 standards, which means that a diesel 
particulate filter is probably required. On the other hand, only a small reduction 
(28%) in acceptable NOx emissions has been legislated by the European 
Commission. This emission limit has been set so that reductions can be achieved 
by further internal engine measures. Since Euro 5 levels practically require 
installation of particulate filters in the exhaust stream, the European Commission 
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preferred to avoid an obligation for installing an additional NOx after-treatment 
system at the same stage. A further significant change from Euro 4 to Euro 5 
standards is the proposal that the durability period over which manufacturers must 
ensure the functioning of pollution control devices be extended from 80,000 km to 
160,000 km. This change will more realistically reflect the actual life of vehicles 
and ensure that emission control systems continue to function throughout the 
whole vehicle life.  

Under the draft implementing legislation (status 2008), a standard for the 
acceptable particle number concentration has been set to 6×1011/km, applicable, at 
the latest, upon entry into force of Euro 6 levels. Concerning CO2, the European 
Commission has signed voluntary agreements with the European (ACEA), 
Japanese and Korean Automobiles Manufacturers Associations to reduce the 
respective emissions. These agreements are expected to adopt quite ambitious 
emission targets in the years to come (proposed value of 130 g CO2/km from 2012, 
and, possibly, 95 g/km from 2020). New standards may be introduced for 
emissions that are now unregulated. 

 

A.2.1.2 Heavy-duty Vehicles 
Heavy-duty engines emission regulations apply latin numerals instead of the arabic 
ones used for light-duty vehicle standards. The first EU Directive to regulate 
emissions from heavy-duty vehicles, i.e., road vehicles with ‘technically 
permissible maximum laden mass’ over 3,500 kg, was published in 1988 
(88/77/EEC). The latter Directive was followed by a number of amendments 
(summarized in Table A.2); Euro VI emission levels are still to be definitized.  

 

Table A.2. EU emission standards for heavy-duty diesel engines, g/kWh (smoke in m–1) 

Date Test Cycle CO HC NOx PM Smoke
1992, <85kW 4.5 1.1 8.0 0.612 -
1992, >85kW 4.5 1.1 8.0 0.36 -

1996.10 4.0 1.1 7.0 0.25 -
1998.10 4.0 1.1 7.0 0.15 -

Euro IV 2005.10 1.5 0.46 3.5 0.02 0.5
Euro V 2008.10 1.5 0.46 2.0 0.02 0.5

Euro VI1 2013.012 1.5 0.13 0.4 0.01 -

Euro III 2000.10 5.45 0.783 5.0 0.16   
0.21* -

Euro IV 2005.10 4.0 0.553 3.5 0.03 -
Euro V 2008.10 4.0 0.553 2.0 0.03 -

Euro VI1 2013.012 4.0 0.16 0.4 0.01 -

1 Formal proposal 16/12/2008
2 2014.10 for all models
3 Non-methance hydrocarbons (NMHC)

Euro I
ECE R-49

Euro II

Euro III 2000.10

ESC & ELR

* for engines of less than 0.75 L swept volume per cylinder and rated power speed > 3000 rpm

0.10   
0.13*2.1 0.66 5.0 0.8

ETC
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As regards heavy-duty diesel-engined vehicles, in 2005 Euro IV standards were 
implemented in Europe with very low limit values for particulate emissions. When 
deciding on this legislation, it was anticipated that manufacturers would need to 
use particulate traps or technology with corresponding performance to meet those 
limit values. For heavy-duty vehicles, a further tightening of the NOx limit values 
was introduced from 2008. To meet these limit values manufacturers need to use 
some kind of after-treatment device. For EURO VI emission certification the 
Worldwide Harmonized Transient Cycle (Figure A.18) will be applied. To prevent 
the possibility that the Euro VI PM mass limit is met using open filters that would 
enable a high number of ultra fine particles to pass, it is planned to introduce at a 
later stage a new particle number standard, in addition to the mass based limit. The 
particle number standard would be introduced once the final results of the UN/ECE 
Particulate Measurement Programme (PMP) become available. 

 

A.2.2 Transient Cycles 

A.2.2.1 ECE+EUDC Transient Cycle for Passenger Vehicles and Light Trucks 
Passenger vehicles and light trucks in the European Union are tested for emissions 
using the ECE+EUDC Test Cycle (also referred to as the MVEG Cycle); this 
procedure is performed on a chassis dynamometer (EEC Directive 90/C81/01). The 
entire testing procedure (Figure A.1) comprises of four ECE segments repeated 
without interruption, followed by one EUDC (European Urban Driving Cycle) 
segment.  
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Figure A.1. ECE+EUDC Driving Cycle comprising of four ECE 15 segments (duration 
4×195 s = 780 s, distance 4×1.013 km = 4.052 km, average speed 18.7 km/h, maximum 
speed 50 km/h) and an EUDC Cycle (duration 400 s, distance 6.955 km, average speed   
62.6 km/h, maximum speed 120 km/h; max. speed is 90 km/h for low powered vehicles with 
less than 30 kW maximum power) 
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The ECE Cycle is an urban driving cycle (based on Paris traffic conditions) 
with relatively soft accelerations representing typical urban driving conditions in a 
big European city. It is characterized by relatively low vehicle speeds and engine 
loads. The EUDC segment has been added after the fourth ECE run to account for 
more aggressive, high speed (sub-urban or motorway) driving modes. Initially, the 
vehicle was allowed to soak before the test for at least 6 hours at a test temperature 
of 20–30°C. It was then started and allowed to idle for 40 s. From year 2000, the 
idling period has been eliminated, i.e., engine is cold started and the emission 
sampling process begins immediately. This modified cold start procedure is also 
referred to as the New European Driving Cycle (NEDC) and is also used for CO2 
emissions measurement. Emissions are sampled during the ECE Cycle according 
to the constant volume sampling technique (Chapter 4); they are analyzed, and 
expressed in g/km for each of the pollutants concerned.  

A.2.2.2 European Transient Cycle for Heavy-duty Vehicles 
The ETC (European Transient Cycle) Test Cycle has been introduced, together 
with the ESC (European Stationary Cycle consisting of 13 steady-state modes) for 
emission certification of heavy-duty diesel engines in Europe starting in the year 
2000 (EC Directive 1999/96/EC).2  
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Figure A.2. ETC Transient Cycle for heavy-duty diesel engines 

The ESC and ETC Cycles replace the earlier R-49 test (a 13-mode steady-state 
diesel engine Test Cycle). The ETC Cycle has been developed by the FIGE 

                                                 
2 Smoke opacity is measured on the ELR (European Load Response) Test, consisting of a sequence of 
load steps at constant engine speeds, specified in the same Directive. 
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Institute (Forschungsinstitut Geräusche und Erschütterungen), Aachen, Germany 
and is based on real road cycle measurements of heavy-duty vehicles. Different 
driving conditions are represented by three parts (each of 600 s duration) of the 
ETC Cycle, incorporating urban, rural and motorway driving as well as motoring 
sections (Figure A.2). 

• Part one represents city driving corresponding to a maximum speed of     
50 km/h, frequent starts, stops, and idling. 

• Part two is rural driving starting with a steep acceleration segment; the 
corresponding average speed of the vehicle is about 72 km/h. 

• Part three is motorway driving with corresponding average vehicle speed of 
about 88 km/h.  

For the purpose of engine certification, the ETC Cycle is performed on an engine 
dynamometer. To this aim, the engine under study needs first to be mapped for 
determining the speed vs. torque curve. Figure A.2 illustrates normalized engine 
speed and normalized engine torque vs. time for the ETC Cycle; for the particular 
engine under test, speed is de-normalized using the following equation [2] 

% speed (reference speed idle speed)Actual Speed idle speed
100

−
= +  (A.1) 

with the reference speed Nref corresponding to the 100% speed values specified in 
the engine dynamometer schedule, defined as follows: 

( )ref lo hi loN N 95% N N= + −  (A.2) 

with Nhi the highest engine speed, where 70% of the declared (by the 
manufacturer) maximum power occurs, and Nlo the lowest engine speed, where 
50% of the declared maximum power occurs.  

Similarly, engine torque is de-normalized to the maximum torque at the 
respective speed using the following equation: 

% torque (max.torque)Actual Torque
100
⋅

=  (A.3) 

with the maximum torque value found from the respective engine mapping curve. 
Negative torque values in the upper sub-diagram of Figure A.2 correspond to 
motoring points, and for the purpose of reference cycle generation these take 
unnormalized values determined in directive 1999/96/EC. 

A.2.2.3 Non-road Mobile Diesel Engines 
For non-road mobile diesel engines, the Non-road Transient Cycle (NRTC) has 
been developed in co-operation with the US Environmental Protection Agency. 
This Test Cycle is used in parallel with the Non-road Steady Cycle (NRSC). The 
Test Cycle is an engine dynamometer transient driving schedule of total duration 
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about 1200 s. Engine speed and torque during the NRTC Test are demonstrated in 
Figure A.3. De-normalization of speed and torque for the actual engine under study 
is accomplished using Equations A.1–A.3. 
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Figure A.3. NRTC dynamometer schedule for non-road mobile diesel engines 

 
 

A.3 United States of America 

A.3.1 Emission Standards 

In the US, there are two types of emission standards; Federal and California. The 
US Environmental Protection Agency (EPA) sets Federal emission standards and 
the California Air Resources Board (CARB) sets California standards. Both 
regulation programs have adopted the principle that vehicles doing the same job, 
must meet the same emissions standards, regardless of the size of the vehicle or the 
fuel used [1, 3, 4].  

A.3.1.1 Passenger, Light and Medium Duty Vehicles – EPA Tier II Standard 
Currently (2008), vehicles sold in the United States must meet ‘Tier II’ standards 
that went into effect in 2004. Tier II standards are currently being phased in a 
process that should be complete by 2009. Within the Tier II ranking, there is a 
subranking ranging from (level) Bin 1–10, with 1 being the cleanest (zero emission 
vehicle - ZEV) and 10 being the ‘dirtiest’. Table A.3 outlines and defines the 
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vehicle categories used in the EPA Tier II standards. Under the Tier II regulation, 
the same emission standards apply to all vehicle weight categories, i.e., cars, 
minivans, light-duty trucks, and SUVs have the same emission limit. Table A.4 
illustrates the emission standards for all pollutants (certification bins) when tested 
on the Federal Test Procedure (FTP), described in Section A.3.2.1. Engines in 
commercial vehicles above 8,500 lbs GVWR, such as cargo vans or light trucks, 
continue to certify to heavy-duty engine emission standards. Since light-duty 
emission standards are expressed in g/mile, vehicles with large engines (such light 
trucks or SUVs) have to use more advanced emission control technologies than 
vehicles with smaller engines in order to meet the standards.  

 
 

Table A.3. Vehicle categories used in EPA Tier II standards 

Abbreviation RequirementsVehicle Category
Light-Duty 

Vehicle
LDV max. 8.500 lb GVWR

Light-Duty 
Truck

LDT
max. 8.500 lb GVWR.       

max. 6.000 lb curb weight.    
max. 45 ft2  frontal area

Light light-
duty truck

LLDT max. 6.000 lb GVWR

Light-duty 1 LDT1 max. 3.750 lb LVW1

Heavy light-
duty truck

HLDT min. 6.000 lb GVWR

Light-duty 3 LDT3 max. 5.750 lb ALVW2

max. 10.000 lb GVWR3

Light-duty 2 LDT2 min. 3.750 lb LVW1

1 LVW (loaded vehicle weight) = curb weight + 300 lb
2 ALVW (adjusted loaded vehicle weight) = average of GVWR (Gross Vehicle Weight 
Rating) and curb weight
3 Manufacturers may alternatively certify engines for diesel fueled MDPVs through the heavy-
duty diesel engine regulations

Light-duty 4 LDT4 min. 5.750 lb ALVW2

Medium-Duty  
Passenger 

Vehicle
MDPV

 
 

 

A.3.1.2 Passenger, Light and Medium Duty Vehicles – California Low Emission 
Vehicle II (LEV II) Standards 
Traditionally, California emission standards have been more stringent than the 
EPA requirements, but their evolution and structure is similar to that of the Federal 
legislation. In November 1998, the California ARB adopted a proposal that 
requires manufacturers to produce vehicles, beginning with the 2004 model year, 
that meet the LEV II standards. LEV II regulation is reproduced in Table A.5 for 
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passenger cars and light-duty vehicles with gross vehicle weight rating up to 
14,000 lb [4]. 

Table A.4. US EPA Tier II emission standards, g/mile 

NMHC CO NOx HCHO* NMHC CO NOx† PM HCHO*

7h 0 075 3 4 0 11 0 015 7 0 090 4 2 0 15 0 02 0 018

6h 0 075 3 4 0 08 0 015 6 0 090 4 2 0 10 0 01 0 018

5h 0 075 3 4 0 05 0 015 5 0 090 4 2 0 07 0 01 0 018
4 - - - - 4 0 070 2 1 0 04 0 01 0 011
3 - - - - 3 0 055 2 1 0 03 0 01 0 011
2 - - - - 2 0 010 2 1 0 02 0 01 0 004
1 - - - - 1 0 0 0 0 0

h Intermediate life standards are optional for any test group certified to a 150,000 miles useful life

Permanent bins

3 4 0 14 0 018

c An additional temporary bin restricted to MDPVs, expires after model year 2008
d Optional temporary NMHC standard of 0 195 g/mile (50,000 miles) and 0 280 g/mile (full useful life) applies for 
qualifying LDT4s and MDPVs only

† Average manufacturer fleet NOx standard is 0 07 g/mile for Tier II vehicles
a Bin deleted at end of 2006 model year (2008 for HLDTs)

f Higher temporary NMHC standard deleted at end of 2008 model year

e Optional temporary NMHC standard of 0 100 g/mile (50,000 miles) and 0 130 g/mile (full useful life) applies for 
qualifying LDT2s only

3 4 0 2 0 06 0 018

0 20 0 02

4 2

b The higher NMHC, CO and HCHO values apply only to HLDTs & MDPVs (expire after 2008)

8b,f,h

* Formaldehyde

4 2

10a,b,c,d,g,h 0 125     
(0 160)

0 015    
(0 018)0 4

8b,f

4 2    
(6 4)

3 4     
(4 4)

0 3

0 015 0 125   
(0 156)

Bin
Intermediate life                      

(5 years / 50,000 miles)

Temporary bins

0 090    
(0 180)0 015

10a,b,c,d

9a,b,c,e

g Intermediate life standards are optional for diesels certified to bin 10

Full useful life

0 6 0 08 0 018    
(0 027)

0 156      
(0 230)

9a,b,c,e,g,h 0 075    
(0 140)

Bin

0 100   
(0 125)

 
 

Table A.5. California LEV II emission standards for passenger cars and light-duty vehicles, 
GVWR < 8,500 lbs and for medium duty vehicles, GVWR > 8,500 lb, g/mile 

NMOG CO NOx PM HCHO NMOG CO NOx PM HCHO
LEV 0 075 3 4 0 05 - 0 015 0 090 4 2 0 07 0 01 0 018

ULEV 0 040 1 7 0 05 - 0 008 0 055 2 1 0 07 0 01 0 011
SULEV - - - - - 0 010 1 0 0 02 0 01 0 004

LEV - - - - - 0 195 6 4 0 2 0 12 0 032
ULEV - - - - - 0 143 6 4 0 2 0 06 0 016

SULEV - - - - - 0 100 3 2 0 1 0 06 0 008
LEV - - - - - 0 230 7 3 0 4 0 12 0 040

ULEV - - - - - 0 167 7 3 0 4 0 06 0 021
SULEV - - - - - 0 117 3 7 0 2 0 06 0 010

ULEV: Ultra Low Emission Vehicles
SULEV: Super Ultra Low Emission Vehicles

Category
50,000 miles / 5 years 120,000 miles / 11 years

LEV: Low Emission Vehicles

< 8,500 lb

Vehicle

8,501-
10,000 lb

10,001-
14,000 lb
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A.3.1.3 Heavy-duty Truck and Bus Engines 
Model year 1988–2004 US Federal (EPA) emission standards for heavy-duty 
diesel truck engines are summarized in Table A.6. On December 2000 the EPA 
signed new much more stringent emission standards for model year 2007 and later 
heavy-duty highway engines. 

Table A.6. EPA emission standards for heavy-duty diesel engines, g/bhp-h 

Year HC CO NOx PM
1988 1.3 15.5 10.7 0.6
1990 1.3 15.5 6.0 0.6
1991 1.3 15.5 5.0 0.25
1994 1.3 15.5 5.0 0.1
1998 1.3 15.5 4.0 0.1
2004 0.50* 15.5 2.5 0.1
2007 0.14* 15.5 0.20 0.01

* Non-methane hydrocarbons  
 
Different sets of emission level requirements have been legislated for bus, non-

road, locomotive, marine and stationary diesel engines.  
 

A.3.2 Transient Cycles 

A.3.2.1 Passenger Vehicles and Light-duty Trucks 
The FTP-75 (Federal Test Procedure) Transient Cycle is used for emission 
certification of light-duty vehicles in the US.  
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Figure A.4. US FTP-75 Transient Cycle (duration 1874 s, distance 11.04 miles, average 
speed 21.21 mph, maximum speed 56.7 mph) 

The FTP-75 Cycle (Figure A.4) is derived from the earlier FTP-72 Cycle (also 
known as Urban Dynamometer Driving Schedule) by adding a third phase of 505 s, 
identical to the first phase of FTP-72 but with a hot start. The third phase starts 
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after the engine is stopped for 10 minutes. Thus, the entire FTP-75 Cycle consists 
of cold start phase, transient phase and hot start phase. The emissions from each 
phase are collected in a separate Teflon bag, analyzed and expressed in g/mile. 
Effective model year 2000, vehicles have to be additionally tested on two 
Supplemental Federal Test Procedures designed to address shortcomings with the 
FTP-75 in the representation of: 1. aggressive, high speed and/or high acceleration 
driving behavior (see also Table A.10), rapid speed fluctuations, and driving 
behavior following startup (US06), and 2. the engine load and emissions associated 
with the use of air-conditioning units (SC03). 

Another light-duty vehicles Test Cycle used in the US is the Highway Fuel 
Economy Test Driving Schedule (HWFET), demonstrated in Figure A.5, which 
simulates highway driving conditions under 60 mph.  
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Figure A.5. US Highway Fuel Economy Test Driving Schedule (HWFET) (duration 765 s, 
distance 10.26 miles, average speed 48.3 mph, maximum speed 59.9 mph) 

 
The California Unified Cycle (UC – also known as LA92 Test) (Figure A.6) is a 
chassis dynamometer driving schedule for light-duty vehicles developed by the 
California Air Resources Board. The test is also referred to as the Unified Cycle 
Driving Schedule (UCDS). The UC test has a similar three-bag structure, but is a 
more aggressive Driving Cycle than the Federal FTP-75, being characterized by 
higher speeds and accelerations, fewer stops per mile, and less idle time. 

 

0 100 200 300 400 500 600 700 800 900 1000 1100 1200 1300 1400
Time (s)

0

20

40

60

80

Ve
hi

cl
e 

Sp
ee

d 
(m

ph
)

 
Figure A.6. California Unified (UC) Transient Cycle (duration 1435 s, distance 9.82 miles, 
average speed 24.63 mph, maximum speed 67.2 mph) 
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The NYCC Test Cycle (Figure A.7) simulates low speed, congested, urban driving 
with frequent stops and idling, typical of the state of New York. 
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Figure A.7. New York City Cycle (NYCC) (duration 598 s, distance 1.18 miles, average 
speed 7.1 mph, maximum speed 27.7 mph) 

A.3.2.2 Heavy-duty Vehicles 
The EPA UDDS (Urban Dynamometer Driving Schedule) Transient Test Cycle is 
illustrated in Figure A.8; it has been developed for chassis dynamometer testing of 
heavy-duty diesel-engined vehicles.  
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Figure A.8. UDDS Transient Cycle for heavy-duty vehicles (duration 1060 s, distance     
5.55 miles, average speed 18.86 mph, maximum speed 58 mph)  

Apart from the above-mentioned Transient Cycles, other more specialized 
Transient Tests are available in the US, as for example the Manhattan Bus Cycle, 
New York Composite, Central Business District, etc. 

A.3.2.3 Heavy-duty Engines 
 
FTP Transient Cycle (Engine Dynamometer) 
The FTP heavy-duty Transient Cycle is currently used for emission testing of 
heavy-duty on-road engines in the US. The transient test was developed to take 
into account the variety of heavy-duty trucks and buses in American cities, 
including traffic in and around the cities on roads and expressways. The FTP 
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transient test is based on the UDDS chassis dynamometer driving cycle and is 
demonstrated in Figure A.9. The equivalent average speed is about 30 km/h and 
the equivalent distance travelled is 10.3 km for a running period of 20 minutes. 
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Figure A.9. US Transient Cycle FTP (engine dynamometer) 

 
As is the case with the ETC and NRTC European Transient Cycles for heavy-duty 
and non-road diesel engines, the FTP Test Cycle includes motoring segments too 
and, therefore, requires an electric dynamometer. This Transient Cycle consists of 
four phases: 

1. NYNF (New York Non Freeway) phase typical of light urban traffic with 
frequent starts and stops. 

2. LANF (Los Angeles Non Freeway) phase typical of crowded urban traffic 
with few stops. 

3. LAFY (Los Angeles Freeway) phase simulating crowded expressway traffic 
in Los Angeles. 

4. NYNF phase. 

The FTP Test Cycle comprises cold start after parking overnight, followed by 
idling, acceleration and deceleration phases, and a wide variety of different speeds 
and loads; it is carried out twice and the second repetition is made with a warm 
start after a stop of 20 min upon completion of the first cycle. A de-normalization 
procedure similar to that described by Equations A.1–A.3 applies here too.  

 

A.3.2.4 Non-road Mobile Diesel Engines 
Figures A.10 and A.11 illustrate two Transient Cycles for non-road mobile diesel 
engines valid in the US, realized on an engine dynamometer. 
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Figure A.10. US EPA agricultural tractor Transient Cycle  
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Figure A.11. US EPA excavator Transient Cycle  

A.4 Japan 

A.4.1 Emission Standards 

According to the Japanese emission legislation, two types of standards are used, 
denoted as ‘mean’ and ‘max’. ‘Mean’ standards are to be met as a type approval 
limit and as a production average. ‘Max’ standards are met as an individual limit in 
series production vehicles [1, 5]. 

A.4.1.1 Passenger Vehicles and Light Trucks 
Emission standards for new diesel-engined passenger and light commercial 
vehicles with gross vehicle weight lower than 3,500 kg are summarized in Tables 
A.7 and A.8, respectively. 
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Table A.7. Japanese emission standards for diesel-engined passenger vehicles, g/km 

CO HC NOx PM

2002 0 63 0 12 0 28 0 052

2009 0 63 0 024c 0 08 0 005

2002 0 63 0 12 0 30 0 056

2009 0 63 0 024c 0 08 0 005

mean     (max)

<1250 kg*

Vehicle     
Weight Date Test 

Cycle

1986

10-15     
mode

2 1    (2 7)

JC08b

1990

mean     (max) mean     (max) mean     (max)

0 40     (0 62) 0 70    (0 98)

1994 2 1    (2 7) 0 40     (0 62) 0 50    (0 72) 0 20    (0 34)

2 1    (2 7) 0 40     (0 62) 0 50    (0 72)

0 08    (0 14)

2005a 0 63 0 024c 0 14 0 013

1997 2 1    (2 7) 0 40     (0 62) 0 40    (0 55)

c non-methane hydrocarbons

0 024c 0 15 0 014

* equivalent inertia weight (EIW); vehicle weight of 1265 kg

2005a 0 63

a full implementation by the end of 2005

>1250 kg*

1986

1998 2 1    (2 7) 0 40     (0 62)

b full phase-in by 2011

10-15     
mode1994 2 1    (2 7)

2 1    (2 7)

0 08    (0 14)

0 40     (0 62) 0 60    (0 84) 0 20    (0 34)

JC08b

0 40     (0 62) 0 90    (1 26)

0 40    (0 55)

1992 2 1    (2 7) 0 40     (0 62) 0 60    (0 84)

 

Table A.8. Japanese emission standards for diesel-engined light commercial vehicles with 
gross vehicle weight ≤ 3,500 kg (≤ 2,500 kg before 2005), g/km 

CO HC NOx PM

2002 0.63 0.12 0.28 0.052
2005a 0.63 0.024d 0.14 0.013

2003 0.63 0.12 0.49 0.06
2005a 0.63 0.024d 0.25 0.015

mean   (max) mean      (max) mean   (max)

Gross 
Vehicle 
Weight

Date Test

2009 JC08c

≤1700 kg

mean   (max)

1988
10-15     
mode

1993
1997

2.1    (2.7)

2.1    (2.7)

0.40     (0.62) 0.90    (1.26)
2.1    (2.7) 0.40     (0.62) 0.60    (0.84) 0.20    (0.34)

0.40     (0.62) 0.40    (0.55) 0.08    (0.14)

0.63 0.024d 0.08 0.005

>1700 kg

1988 6 mode

1993
10-15     
mode1997b

2009 JC08c

790*    (980)* 510*    (670)* DI:380*    (500*)   
IDI:260*   (350*)

2.1    (2.7) 0.40     (0.62) 1.30    (1.82) 0 25    (0.43)

2.1    (2.7) 0.40     (0.62) 0.70    (0.97) 0.09    (0.18)

d non-methane hydrocarbons

* ppm

b 1997: manual transmission vehicles; 1998: automatic transmission vehicles

a full implementation by the end of 2005

c full phase-in by 2011

0.63 0.024d 0.15 0.007
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A.4.1.2 Heavy-duty Vehicles 
Emission legislation for diesel engines on heavy-duty vehicles has traditionally 
been less stringent in Japan than the corresponding legislation in the US and the 
EU. However, because of the deterioration in air quality, Japan has decided to 
implement far-reaching legislation in stages to reduce the emission of both NOx 
and PM. A first stage, which is of the same order of magnitude as the Euro IV 
standards, has been implemented in 2005 and a further, much more stringent stage 
has been planned for 2009. Emission standards for diesel-engined heavy-duty 
vehicles in Japan are reproduced in Table A.9.   

 

Table A.9. Japanese emission standards for diesel-engined heavy-duty vehicles with gross 
vehicle weight > 3,500 kg (> 2,500 kg before 2005), g/kWh 

CO HC NOx PM

2003b 2.22 0.87 3.38 0.18
2005c 2.22 0.17d 2.0 0.027
2009 2.22 0.17d 0.7 0.01

* ppm

JE05

Test

2.90     (3.80) DI: 6.00    (7.80)  
IDI: 5.00  (6.80)

mean     (max) mean     (max)

1988/89 6 mode 790*    (980*) 510*    (670*) DI: 400*   (520*)  
IDI: 260*  (350*)

mean     (max) mean     (max)
Date

0.70    (0.96)

1997a 7.40    (9.20) 2.90     (3.80) 4.50       (5.80) 0.25    (0.49)

1994
13      

mode

7.40    (9.20)

a 1997: GVW ≤ 3,500 kg; 1998: 3,500 < GVW ≤ 12,000 kg;1999: GVW > 12,000 kg
b 2003: GVW ≤ 12,000 kg; 2004: GVW > 12,000 kg
c full implementation by the end of 2005
d non-methane hydrocarbons  

 

A.4.2 Transient Cycles 

In 2005 the Japanese Ministry of Environment introduced two new Test Cycles for 
emission certification of light and heavy-duty vehicles, i.e., 

• JC08 test mode for light-duty vehicles of gross vehicle weight < 3,500 kg, 
• JE05 test mode for heavy-duty vehicles of gross vehicle weight > 3,500 kg. 

For heavy-duty vehicles, the new test mode JE05 has become effective in 2005. 
For light-duty vehicles, the new Test Cycle is expected to be fully phased-in by 
2011. In the 2005–2011 period, emissions will be determined using weighted 
averages from the new test mode, earlier 10–15 mode and 11 mode Cycles. The 
Cycles can be run as either cold- or warm-start tests, depending on the application. 
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A.4.2.1 Light-duty Vehicles 

10–15 Mode Transient Cycle  
During the transition period 2005–2011 the 10–15 mode Transient Cycle, 
illustrated in Figure A.12, is valid.  
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Figure A.12. Japanese 10–15 mode Transient Cycle (duration 891 s, distance 6.34 km, 
average speed 25.61 km/h, maximum speed 70 km/h including the initial 15 mode segment)  

Transient Cycle JC08 
Figure A.13 illustrates the proposed light-duty JC08 Transient Cycle, which will be 
fully implemented by 2011; this simulates typical big-city congested traffic 
conditions with idling and frequent accelerations/decelarations. 
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Figure A.13. Japanese JC08 Transient Cycle for light-duty vehicles (duration 1204 s, 
distance 8.159 km, average speed 24.4 km/h, maximum speed 81.6 km/h) 

A.4.2.2 Heavy-duty Vehicles Transient Cycle JE05 
The JE05 cycle is a transient driving schedule of approximately 1800 s total 
duration. It is defined through vehicle speed vs. time points, as depicted in Figure 
A.14, and is based on typical Tokyo driving conditions. 
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Figure A.14. Japanese JΕ05 Transient Cycle for vehicles with GVW > 3,500 kg (duration 
1829 s, distance 13.89 km, average speed 27.34 km/h, maximum speed 87.6 km/h) 

For engine dynamometer testing, engine speed and torque vs. time data must be 
generated based on the vehicle speed points applying a suitable drivetrain model. 

 

A.5 Overall: Comparative Data 

Figures A.15–A.17 summarize the progressive tightening of acceptable NOx and 
PM emissions for European passenger vehicles (Figure A.15, based on Table A.1), 
US passenger vehicles (Figure A.16, based on Table A.4) and heavy-duty engines 
(Figure A.17). 
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Figure A.15. Gradual tightening of European emission standards for DI diesel-engined 
passenger cars (for Euro 1 and Euro 2 emission levels, ‘NOx’ values correspond to the sum 
of NOx and HC emissions, see also Table A.1) 
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Figure A.16. Gradual tightening of acceptable NOx emission limits within the US Tier II 
standards 
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Figure A.17. Comparative heavy-duty truck DI diesel engines NOx and PM emission levels 
over the years in the EU, the US and Japan (European PM levels after EURO III (2000) 
correspond to ETC Cycle limits) 
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Finally, Table A.10 summarizes the different parameters (distance, duration, 
average and maximum speeds, mean and maximum (positive) accelerations) of the 
various light-duty and heavy-duty Transient Cycles discussed in the previous 
paragraphs. 

Table A.10. Summarization of various Transient Cycle parameters  

Vehicle 
type Distance Duration Average 

speed
Maximum 

speed
Maximum 

acceleration 

Mean 
acceleration 

***

Idling 
time

- km s km/h km/h m/s2 m/s2 %

ECE 15 EU LD 4×1 013=  
4 052

4×195=   
780 18 70 50 1 04 0.748 32 7

EUDC EU LD 6 955 400 62 59 120 0 83 0 378 10 3
ECE+EUDC EU LD 11 007 1180 33 58 120 1 04 0 623 25 1

FTP-75 USA LD 17.76 1874 34 13 91 23 1 48 0 51 19 1
FTP US06 USA LD 12 89 596 77.71 129.23 3.76 0 67 6 9
FTP SC03 USA LD 5 76 596 34 79 88 17 2 28 0 502 18 8
HWFET USA LD 16 51 765 77 58 96 38 1 43 0 194 0 8
NYCC USA LD 1 897 598 11 42 44 57 2 68 0 66 37 9

CU USA LD 15 79 1435 39 62 108 12 3 08 0 672 16 3
UDDS USA HD 8 93 1060 30 35 93 32 1 96 0 4827 33 2

J10-15* Japan LD 6 34 891 25 61 70 0 81 0 5245 32 6
J10-15** Japan LD 4 165 660 22 72 70 0 81 0 5689 32 4

JC08 Japan LD 8 16 1204 24 40 81 6 1 69 0 426 27 1
JE05 Japan HD 13 89 1829 27 34 87 6 1 59 0 314 25 2

** excl  warm-up phase
*** only positive values of acceleration considered

Country

LD: passenger & light duty  / HD: heavy duty
* incl  warm-up phase

 

 
Clearly, the supplemental FTP US06 and the California Unified Cycle are the 

most aggressive in terms of both mean and maximum acceleration, a fact that is 
also expected to accordingly affect total exhaust emissions. In contrast, European 
Cycles are ‘softer’, as was the case with the Japanese 10–15 Mode. 

A.6 Worldwide Heavy-duty Transient Cycle 

At its 34th session in June 1997, The UNECE Group of Experts on Pollution and 
Energy (GRPE), under the guidance of Working Party 29, mandated the ad hoc 
group WHDC with the development of a ‘Worldwide harmonised Heavy-duty 
Certification’ procedure [6]. The objective of the research program was to develop 
a worldwide harmonized engine Test Cycle for the emissions certification 
procedure of heavy-duty vehicles/engines that would 

• become a uniform global basis for engine certification regarding exhaust 
emissions; 

• be representative of worldwide real-life heavy-duty engine operation; 
• give the highest potential for the control of real-life emissions; 
• be applicable in the future to state-of-the-art technology; and 
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• match emissions in relative terms for accurate ranking of different 
engines/technologies. 

In order to proceed to the development of the worldwide harmonized engine Test 
Cycle, the United Nations research group conducted a collection and analysis of 
driving behavior data as well as a statistical investigation of heavy-duty vehicle 
usage in different regions of the world. From this database, a representative 
worldwide Transient Vehicle Cycle (WTVC) of 1800 s duration and 40 km/h 
average speed has been derived (illustrated in Figure A.18, upper sub-diagram), as 
well as a normalized engine speed (Figure A.18 lower sub-diagram) and engine 
torque vs. time Transient Cycle for heavy-duty diesel engines. 
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Figure A.18. The proposed worldwide heavy-duty vehicle Transient Cycle [6] 
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Appendix B 

Fundamentals of Control Theory 

The purpose of an engine control system is to keep the performance of the engine 
and its sub-systems within specified acceptable levels. Perhaps, the most well 
established controller is the speed governor. To achieve the control function, the 
control system incorporates sensors for measuring the interesting properties, a 
processor, nowadays most usually electronic, that gathers the signals from the 
sensors and calculates the optimum control action, and actuators that perform the 
required action or function. On the basis of their operating principle, control 
systems are classified as 

• open-loop or 
• closed-loop systems. 

Usually the control systems applied in (diesel) engines incorporate the closed-loop 
strategy. A closed-loop control system calculates the control action based on the 
error between measured (feedback) and demand values (Figure B.1).  
 

 
Figure B.1. Simplified closed-loop control system 

 
Open-loop controllers, on the other hand, do not incorporate any feedback 

action (Figure B.2) and can only provide sluggish response. 
 

 
Figure B.2. Typical open-loop control system 
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The desired control behavior in an open- or closed-loop system is usually 
plotted against engine speed and load and stored in a look-up table in the form of a 
3-D map. Correction coefficients are also applied to compensate for non-ideal 
conditions, e.g., cold-starting, operation at high altitude or transients. More 
advanced techniques make use of model-based control, where the desired value is 
determined via a linear or, better still, quasi-linear system model (such as the ones 
described in Section 9.2) simulating the basic thermodynamic and dynamic aspects 
of the system. 

An interesting alternative to the classic closed-loop system is feed-forward, 
namely the technique of adding to the control action to compensate for a measured 
disturbance (Figure B.3). A typical feed-forward control system is demonstrated in 
Figure 2.41 (EGR control).  
 

 
Figure B.3. Closed-loop control system with feed-forward action 

 
The most popular controller, particularly for systems with small transport 

delays, handles the error between measured and demand values via P-I-D action     
(Figure B.4). The proportional term (P) offers speed of response, the integral term 
(I) ensures that there is no control error under steady-state conditions and the 
derivative term (D) ensures that the control signal is modified if the error changes 
quickly. 

 
 

 
Figure B.4. Closed-loop P-I-D controller incorporating a look-up table 
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In recent years, the evolution of electronics has facilitated the use of alternative 
control actions, namely  

• multivariable techniques (handling several input and output variables); 
• adaptive control; this is able to change its structure to adapt to new 

conditions; 
• predictive control, applying a knowledge of the system to be controlled to 

make predictions for future control actions; 
• robust control; and  
• neural/fuzzy logic control.  

Advanced controllers communicate with the various system parts via a Controller 
Area Network (CAN) bus and may incorporate sophisticated features such as self-
diagnosis.  
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42 Volt system, 214, 226, 229 
 
Acetaldehyde, 168 
Acetone, 168 
Aerodynamic resistance, 107 
Air-flow meter, 115, 117, 119 
Air–fuel ratio. See Fuel–air equivalence 

ratio 
Air-injection, 189, 235 

Control, 192 
Alcohols, 165 
Aldehydes, 165 
Annand correlation, 325 
Automotive, 8, 18, 33, 47, 59, 66, 73, 

105, 109, 113, 132, 145, 151, 160, 
182, 188, 198, 203, 207, 210, 215, 
221, 229, 248, 252, 254, 335, 342, 
359, 361, 382 

Availability, 277 
Chemical, 279, 280 
Cylinder, 282 
Dead state, 279 
Efficiency, 288, 292, 302 
Flow, 281 
Fuel, 281 
Irreversibilities, 284, 294, 297, 300 
Open system, 280 
Steady-state, 290 
Thermo-mechanical, 278 

 
Back-flow. See Scavenging 
Bearings, 78, 82, 96, 100, 344 
Benzene, 165, 253 
Biodiesel, 168, 251 
Bioethanol, 171 
Blow-by, 246 

Butadiene, 168 
 
Cam profile, 222 
Carbon dioxide, 1, 2, 67, 95, 143 
Carbon monoxide, 164, 252 
Cavitation, 42 
Cetane number, 171, 189, 245 
Clutch, 106 
Cold starting. See Starting 
Combined supercharging, 199, 235 

Control, 200 
Combustion, 51, 146, 171, 241, 316, 328 

Chamber design, 247 
Diffusion, 52, 58, 143 
Ignition delay, 52, 56, 176, 218, 242, 

261, 328 
Instability, 241 
Modeling, 328 
Premixed, 52, 57, 218 

Compression ratio, 188, 245 
Compressor map, 12, 29, 182, 215, 257, 

337, 341 
Constant pressure turbocharging, 11, 26, 

223, 235 
Constant volume sampling, 132 
Control, 184, 199, 214, 383 

Dynamometer, 122 
EGR, 68, 70, 71, 160 
Engine, 5 
Governor, 15, 86, 87, 88 
HEV, 228, 232 
Powertrain, 112 
VGT, 63, 64, 65, 207, 208 

Controller area network, 112, 385 
Cranking speed, 246 
Crankshaft 
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Deflection, 99 
Torque balance, 82, 349 
Torsional deformation, 101 

 
Damping (crankshaft), 83, 103 
Diesel oxidation catalyst (DOC), 161 
Diesel particulate filter, 67, 151, 162, 

251 
Dissociation, 317 
Distributor pump, 40 
DPF. See Diesel particulate filter 
Driveability, 5, 19, 70, 87, 89, 110, 149, 

160, 181, 188, 206, 214, 220, 234 
Drivetrain, 106, 111 
Driving Cycle. See Transient Cycle 
Dynamometer, 115, 117, 120 

Chassis dynamometer, 120 
 
EGR. See Exhaust gas recirculation 
Electric motor, 210, 213, 226, 227, 232, 

233 
Electrical generation, 13, 60, 212, 233, 

240 
Electrically assisted turbocharging, 209, 

234, 235 
Electrically driven compressor, 211 
Entropy, 284, 315 
EPA emission regulations. See Exhaust 

emission regulations 
EURO emission regulations. See Exhaust 

emission regulations 
Exergy. See Availability 
Exhaust emission regulations, 2, 361 
Exhaust gas analyzer, 116, 124, 132 
Exhaust gas recirculation, 32, 43, 62, 64, 

67, 146, 156, 178, 208, 340 
Experimental test bed, 117 
 
Filling and emptying, 306, 313 
First law of thermodynamics, 318 
Flyweight, 90, 91 
Formaldehyde, 168 
Friction, 94, 198, 248, 342 

Mean effective pressure, 96, 342 
Rezeka–Henein model, 343 

Fuel flow-meter, 117 
Fuel injection, 38, 137, 159, 218 

Modeling, 346 
Pattern, 246 
Rate, 39, 55 
Residual pressure, 42 
System, 176 

Timing, 39, 42, 187, 219, 242, 245 
Fuel limiter, 17, 19, 24, 36, 43, 47, 69, 

148, 181, 250 
Fuel–air equivalence ratio, 7, 24, 33, 37, 

38, 41, 44, 51, 58, 65, 69, 141, 146, 
151, 154, 159, 162, 165, 208, 285, 
294, 316, 329, 332 

 
Gas force, 77 
Gas torque, 83, 102, 349 
Gasoline engine, 37, 103, 167, 200, 251, 

292 
Gibbs free enthalpy, 316 
Governor, 11, 17, 85, 197, 261 

Equations, 90 
Hydraulic servomotor, 93 
Indirect acting, 93 
Isochronous, 14, 89 
Mechanical, 90 
Minimum/maximum, 87 
Modeling, 348 
Two-pulse, 92 
Variable speed, 89 

 
Heat release analysis, 135 
Heat release rate, 55, 243 
Heat transfer, 24, 47, 136, 176, 188, 241, 

267, 284, 300, 324 
Modeling, 324 

HEV. See Hybrid-electric operation 
Hohenberg correlation, 326 
Hybrid-electric operation, 167, 225, 235 
Hydrocarbons, 161, 250 
Hydrogen, 286 
Hyperbar, 219, 235 
 
IDI. See Indirect injection 
Ignition delay. See Combustion 
Indirect injection, 52, 298, 334, 347 
Inertia force, 77, 102 
Inertia torque, 83, 349 
Insulation, 261, 271, 299 
Integrated starter-generator (ISG), 229, 

233, 235 
Irreversibilities. See Availability 
 
Ketones, 166 
 
Laser induced incandescence (LII), 126, 

131 
Load 

Duration, 186 
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Magnitude, 184 
Torque, 11, 17, 108, 112, 121, 185 
Type, 185, 350 

Locomotive traction, 15 
Low-heat rejection, 235, 261, 299 
Lubrication, 95, 99 
Lysholm, 31 
 
Manifold, 26, 27, 32, 50, 60, 223, 235, 

260, 265, 288, 297 
Modeling, 334 

Marine, 5, 8, 11, 14, 22, 26, 47, 145, 
160, 193, 202, 215, 221, 371 
Emergency shut-down, 254, 257 
Full ahead / full astern, 14, 26 

Matching, 23, 59, 67, 203 
Mean value. See Quasi-linear 
Mechanical supercharging, 30, 199 
Misfiring, 239, 241, 244 
Modeling, 305 
Moment of inertia, 108, 259, 298 

Calculation, 84 
Dynamometer, 120 
Engine, 188 
Turbocharger, 30, 34, 194, 203, 211, 

217, 235, 260 
Motor-generator, 214 
Multi-cylinder engine operation, 336 
 
Naphthalene, 165 
Naturally aspirated, 10, 14, 19, 34, 39, 

44, 46, 71, 94, 103, 149, 161, 163, 
174, 239, 241, 243, 245, 250, 293, 
335 

Nitric oxide, 352 
Nitrogen oxides, 9, 67, 155, 261 
Noise, 117, 173, 218 
Non-methane hydrocarbons, 161 
Non-regulated emissions, 165, 253 
Non-road mobile engine, 21, 165, 367, 

374 
 
Odor, 168 
Opacity, 126, 127 
Oxygenates, 148, 172 
 
PAHs, 142, 166, 172, 253 
Particle number concentration, 129, 149, 

251 
Particle size distribution, 149 

Measurement, 129 
Particulate matter, 2, 141, 171, 220 

Measurement, 125, 133 
Pelton wheel, 214, 235 
PFSS (partial flow sampling), 134 
Piston acceleration, 76 
Piston rings, 95, 100 
Piston velocity, 75 
Plasma spray zirconia, 262, 267, 301 
PM. See Particulate matter 
Pulse factor, 340 
Pulse turbocharging, 11, 27, 59, 223, 

235, 335 
 
Quasi-linear, 306, 309 
 
Rankine cycle, 300 
Reciprocating masses, 77, 84 
Reconstruction, 124 
Recovery period, 10, 64, 94, 298 
Regeneration, 162 
Regenerative braking, 227 
Residual gas, 247 
Road grade, 107 
Rolling resistance, 107 
Roots blower, 30, 110, 199, 200 
Rotating masses, 77, 85 
 
Scavenging, 32, 63, 221 
Screw (compressor), 30, 199 
Second-law. See Availability 
Sequential turbocharging, 3, 215, 235 
Ship. See Marine 
Silicon nitride, 194, 262, 300 
Single-zone modeling, 313, 318 
Slider-crank mechanism, 75, 319 
Smog, 155, 161 
Smoke, 9, 11, 45, 62, 67, 69, 141, 156, 

172, 187, 250, 352 
Modeling, 351 

Soot. See Smoke 
Sound pressure level, 174 
Spark ignition. See Gasoline engine 
Speed droop, 10, 94, 184, 185, 187, 188, 

192, 197, 221, 262 
Spray formation, 54, 56, 171, 241, 251, 

320 
Stall, 11, 47, 192, 205, 212, 233 
Starter motor, 248 
Starting, 8, 62, 86, 163, 202, 239 
Starting aid, 247 
State properties, 314 
Stiffness (crankshaft), 83, 103 
Stress (crankshaft), 104 
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Stribeck diagram, 95 
Surge, 13, 29, 190, 204, 216, 254, 341 
Swirl, 52, 155, 247, 322 
 
Tapered element oscillating 

microbalance (TEOM), 126, 131 
Temperature swings, 266 
Thermal inertia, 48 
Thermocouple, 49, 116 
Thrust force, 78 
Titanium aluminide, 194 
Toluene, 168 
Torque (transient), 17, 24, 35, 44, 45, 98 
Torque converter, 112 
Torque-meter, 97, 117 
Transient Cycle, 21, 122, 123, 131, 151, 

155, 159, 161, 164, 168, 171, 172, 
208, 252, 361 

Transient delays, 12, 24, 181, 262 
Truck. See Automotive 
Tuning, 224, 235 
Turbocharger 

Modeling, 337 
Turbocharger lag, 7, 10, 24, 34, 35, 37, 

45, 49, 64, 81, 145, 158, 176, 231, 
243 

Turbocharger moment of inertia. See 
Moment of inertia 

Turbocharger torque balance, 29, 339 
Twin-entry turbine, 27, 59, 222, 224 
Two-stage turbocharging, 3, 29, 202, 235 
Two-zone modeling, 314, 320 
 
Valve bridge, 49, 50 
Valve overlap, 32, 221 
Valve timing, 220, 235 
Variable geometry turbine, 33, 59, 67, 

70, 206, 217, 222, 235, 338 
Vehicle. See Automotive 
Vehicle dynamics, 105 
VGT. See Variable geometry turbine 
Viscosity, 99, 241, 248, 345 
 
Wankel, 199, 201 
Waste-gate valve, 197, 203, 340 
Watson combustion model, 329 
Wave action, 335 
White smoke, 250 
Whitehouse–Way combustion model, 54, 

330 
Wiebe functions, 329 
Woschni correlation, 325 
 
Zero emission vehicle, 225, 227, 368 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 




